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Abstract

One viable possibility to achieve a reduction in the CO2 emissions from transportation is to
reduce the carbon-intensity of the vehicle fuel. Natural gas (NG) consists mainly of methane
(CH4) which has the lowest carbon-intensity among all fossil fuels. When NG is used CO2

emissions can be reduced by approx. 25% compared to diesel and gasoline if the fuel efficiencies
are equal. In this context two different concepts for internal combustion engines which utilise
natural gas as a fuel were studied both experimentally and numerically.
The first concept is a novel natural gas-diesel dual fuel (DF) combustion process for pas-

senger car engines. The conventional NG-diesel DF concept features NG port fuel injection
and direct injection of a diesel pilot quantity to ignite the mixture. This concept suffers from
high unburned CH4 emissions in part load operation due to over-lean air-NG mixtures. The
novelty of the proposed concept is a low-pressure direct injection of NG to stratify the air-NG
mixture. Thereby, the local air-NG equivalence ratio can be reduced and a significant reduc-
tion of the CH4 emission is achieved. The concept was named DDI – Dual Direct Injection
and investigated experimentally on the engine test bench. The influence of the main applic-
ation parameters on the combustion and the results of a variation of the compression ratio
are presented. Based on these results, the calibration of the DDI concept was optimised in
four stationary load points and an operating strategy was developed for the engine operat-
ing map. Along with the DDI concept three more combustion processes were realised on the
same base engine: conventional diesel compression ignition, NG spark ignited operation and
conventional NG-diesel DF combustion with port fuel injection. The optimised DDI concept is
compared with these combustion processes and with a gasoline spark ignited engine. Engine-
out pollutant emissions on the level of modern gasoline engines are achieved with the DDI
concept. Compared to conventional DF combustion the unburned hydrocarbon emissions are
reduced by up to 75% at light loads. A CO2 reduction of between 20% and 29% is achieved
in comparison to the diesel and the gasoline engine. Despite these significant achievements,
the exhaust gas aftertreatment of the remaining CH4 emissions is an unsolved challenge with
current technology as the exhaust gas temperature is too low for the catalytic oxidation of CH4.

The second concept studied is a novel monovalent and stoichiometric NG spark ignited engine
with direct injection for heavy duty commercial vehicles. These investigations were conducted
numerically by means of 1D engine simulations. The heavy duty NG engines available today
are derivations of existing diesel engines. This results in penalties in fuel efficiency besides
other disadvantages such as the emission performance, since the base engines are optimised
for diesel compression ignition. Thus, as part of the EU project HDGAS for the first time a
modern heavy duty engine was developed dedicatedly for NG operation together with partners.
The engine features a combustion chamber design optimised for NG spark ignition comprising
of a pent roof combustion chamber, angular valves and tumble charge motion. Furthermore,
NG direct injection, high-frequency (Corona) ignition, cam phasing, cooled exhaust gas re-
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circulation (EGR) and a waste gate turbocharger are deployed. By the introduction of these
novel technologies in heavy duty engines a 10% increase in torque and rated power and a 10%
reduction in greenhouse gas emissions in the WHTC should be achieved compared to existing
heavy duty NG engines of the model year 2013. The thermodynamic layout for this engine was
performed by means of the 1D engine simulations. Essential engine components were defined
and the efficiency potential of several of the introduced technologies was investigated. In this
work the influence of EGR in a heavy duty NG spark ignited engine in part load and full load
operation is discussed. Early and late Miller valve timing in the presence of external EGR is
reviewed and contrasted with conventional valve lift profiles. Furthermore, the potential of
cam phasing in combination with EGR is analysed for standard and early Miller valve lift
profiles and indications for the operating strategy are given. Finally, the simulation results
are confirmed with single-cylinder engine measurements performed by a project partner and
the combined effect of these three measures is assessed. The introduction of EGR, early Miller
timing and cam phasing raises the net indicated efficiency by 3%Pt. respectively reduces the
specific fuel consumption by 7.2% in the important part load operating point relevant for
highway driving.
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Kurzfassung

Eine Möglichkeit um die CO2 Emissionen zu senken, die durch den Verkehr verursacht werden,
ist, die Kohlenstoffintensität des Kraftstoffs zu reduzieren. Erdgas besteht großteils aus Me-
than (CH4), das die geringste Kohlenstoffintensität aller fossilen Kraftstoffe aufweist. Dadurch
können die CO2 Emissionen im Vergleich zu Diesel- und Benzinmotoren um ca. 25% reduziert
werden unter der Voraussetzung gleicher Wirkungsgrade. Aus diesem Zusammenhang heraus
wurden zwei verschiedene Konzepte für Verbrennungsmotoren mit Erdgas als Kraftstoff expe-
rimentell und numerisch untersucht.
Bei dem ersten Konzept handelt es sich um ein neues Erdgas-Diesel Dual Fuel (DF) Brenn-

verfahren für PKW Motoren. Bei konventionellen Erdgas-Diesel DF-Konzepten wird Erdgas in
das Saugrohr eingebracht und durch Direkteinspritzung einer Dieselpilotmenge entzündet. Die-
ses Konzept führt zu hohen CH4 Emissionen im Teillastbetrieb durch ein zu mageres Erdgas-
Luftgemisch. Die Neuheit des vorgestellten Konzepts ist eine Niederdruck-Direkteinblasung
von Erdgas um eine Schichtung des Erdgas-Luftgemisches zu erreichen. Dadurch kann das ört-
liche Luftverhältnis des Erdgas-Luftgemisches reduziert und somit die CH4 Emissionen stark
gesenkt werden. Das Konzept wurde DDI – Dual Direct Injection genannt und experimen-
tell am Motorenprüfstand untersucht. Der Einfluss der wichtigsten Applikationsparameter auf
die Verbrennung und die Ergebnisse einer Variation des Verdichtungsverhältnisses werden
gezeigt. Basierend auf diesen Ergebnissen wurde der Betrieb des DDI-Konzepts in vier statio-
nären Betriebspunkten optimiert und eine Betriebsstrategie für das Motorkennfeld entwickelt.
Neben dem DDI-Konzept wurden mit dem gleichen Grundmotor noch drei weitere Brennver-
fahren realisiert: normaler Dieselbetrieb, ein Erdgasottomotor mit Fremdzündung sowie das
konventionelle DF-Konzept mit Saugrohreinblasung von Erdgas. Das optimierte DDI-Konzept
wird mit diesen Brennverfahren verglichen, sowie mit einem Benzinottomotor. Mit dem DDI-
Konzept können Abgasrohemissionen auf dem Niveau moderner Benzinottomotoren realisiert
werden. Im Vergleich zum konventionellen DF-Konzept werden mit dem DDI-Konzept bei nied-
riger Last die unverbrannten HC Emissionen um bis zu 75% reduziert. Die CO2 Emissionen
werden zwischen 20% und 29% im Vergleich zum Diesel- und dem Benzinottomotor gesenkt.
Trotz dieser eindrucksvollen Ergebnisse ist die Abgasnachbehandlung der verbleibenden CH4

Emissionen mit heutiger Technologie ein ungelöstes Problem, da die Abgastemperaturen zu
niedrig sind für eine katalytische Oxidation von CH4.

Bei dem zweiten Konzept handelt es sich um einen neuen monovalenten und stöchiometri-
schen Erdgasottomotor mit Direkteinblasung für schwere Nutzfahrzeuge (NFZ). Diese Unter-
suchungen wurden numerisch mit Hilfe von 1D Motorsimulationen durchgeführt. Derzeitige
Erdgasmotoren für schwere NFZ werden von bestehenden Dieselmotoren abgeleitet. Dies führt
zu Einbußen im Wirkungsgrad, sowie anderen funktionalen Nachteilen wie das Emissionsver-
halten, da die Grundmotoren für den Dieselbetrieb optimiert sind. Im Rahmen des EU-Projekts
HDGAS wurde daher gemeinsam mit Partnern zum ersten Mal ein moderner Erdgasmotor für
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schwere NFZ entwickelt, der von Grund auf für den Betrieb mit Erdgas ausgelegt ist. Die-
ser Motor verfügt über einen für Ottomotoren optimierten Brennraum mit kuppelförmigem
Brennraumdach, schräg stehenden Ventilen und Tumble Ladungsbewegung. Weiters kommen
Direkteinblasung, eine Hochfrequenzzündung (Corona), variable Steuerzeiten, gekühlte Abgas-
rückführung (AGR) und ein Wastegate-Turbolader zum Einsatz. Durch diese im NFZ-Segment
neuen Technologien soll eine Steigerung des Drehmoments und der Nennleistung um 10% er-
zielt werden, sowie eine Reduktion der Treibhausemissionen um 10% imWHTC im Vergleich zu
bestehenden Erdgasmotoren aus dem Modelljahr 2013. Mittels der 1D Motorsimulation wurde
die thermodynamische Auslegung dieses Motors durchgeführt. Es wurden wesentliche Kom-
ponenten des Motors definiert und das Potenzial der eingesetzten Technologien bewertet, den
Kraftstoffverbrauch zu senken. Es wurden dabei folgende Schwerpunkte gewählt: Der Einfluss
von AGR in der Teillast und an der Volllast wird gezeigt. Frühe und späte Miller Steuerzei-
ten werden bei gleichzeitigem Einsatz von externer AGR analysiert und mit konventionellen
Steuerzeiten verglichen. Schließlich wird das Potenzial variabler Steuerzeiten in Kombination
mit AGR für konventionelle und frühe Miller Ventilhubkurven bewertet und Richtwerte für ei-
ne Betriebsstrategie gegeben. Abschließend werden die Simulationsergebnisse mit Messungen
am Einzylindermotor verifiziert, die von einem Partner durchgeführt wurden und der gemein-
same Einfluss der drei untersuchten Maßnahmen bewertet. Die Kombination von AGR mit
variablen Steuerzeiten und frühen Miller Ventilhubkurven steigert den indizierten Wirkungs-
grad um 3%Pkt., beziehungsweise reduziert den spezifischen Verbrauch um 7.2% im wichtigen
Teillastbetriebpunkt der die Autobahnfahrt widerspiegelt.
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1 Introduction

The influence of human activities on our environment should be kept to a level that is as low as
possible. Global warming has been observed over the past century as Figure 1.1 demonstrates.
It is reported that the average surface temperature of the Earth in the period of 1850 – 1900
and 2003 – 2012 increased by 0.78 °C. There is high confidence that more than half of the
temperature increase from 1951 to 2010 was caused by an anthropogenic increase in greenhouse
gas (GHG) concentration in the atmosphere and other anthropogenic effects such as changes
in land use [94].

Figure 1.1: The observed globally averaged combined land and ocean surface temperature [94]. The
colours indicate different datasets and the grey bars the uncertainty of the decadal average
for one dataset.

Figure 1.2 a gives measurements of the carbon dioxide (CO2) concentration in the atmosphere
from 1500 until 2016. In pre-industrial eras the CO2 concentration was stable at approx.
280 ppm. Since 1750 it has increased exponentially by more than 40% to 400 ppm. Figure 1.2 b
displays estimates of the yearly CO2 emissions due to the use of fossil fuels. This also exhibits
an exponential growth from near zero in 1751 to 35.8Gt CO2 in 2013. It is estimated that CO2

accounts for 78% of total GHG emissions making it the most important GHG. Models predict
that without additional mitigation efforts the global surface temperature will rise by 3.7 °C to
4.8 °C by 2100 compared to pre-industrial levels. This is likely to increase the frequency and
intensity of extreme weather events such as heat waves and extreme precipitation, threatening
our ecological system. If the GHG concentration is kept below the equivalent of 500 ppm CO2
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Figure 1.2: (a) CO2 concentration in the atmosphere since 1500 [66, 80] and (b) estimates of the
yearly CO2 output due to the use of fossil fuels from 1751 to 2013 [14].

it is likely that global warming can be limited to 2 °C in 2100. This requires a reduction of
GHG emissions of 40% to 70% by 2050 compared to 2010 [94]. This ambitious target was
accepted in the Paris Agreement during the United Nations Climate Change Conference in
Paris in 2015 [127].
Figure 1.3 states the distribution of GHG emissions in 2010. Transportation accounts for 14%

of the world’s total GHG emissions which is the fourth largest share after electricity and heat
production, agriculture and industry. Transport consumes 28% of the total end-use energy
and is responsible for 53% of the global primary oil consumption. It is the fastest growing
share among all energy end-use sectors, doubling output since 1970 [27]. Reducing the carbon
intensity of transportation thus represents an important step. The Intergovernmental Panel on
Climate Change lists four principal pathways to reduce the GHG emissions of transport [27]:

– Reducing the carbon intensity of the fuel (e.g. gasoline, natural gas, renewable energy)

– Reducing the energy intensity of transport (e.g. increasing the efficiency of vehicles,
promoting an economic driving style or raising vehicle occupancy)

– Reducing the number of journeys or the distances travelled

– Changing the share of various modes of transport (e.g. aircraft, private passenger car,
public transport, cycling, walking)

70% of transport related GHG emissions result from road vehicles with light duty and heavy
duty vehicles being the major contributors [27]. It is thus vital to reduce the GHG emissions
caused by road vehicles and laws have been enacted in all key markets to limit the CO2

emission of passenger cars (PCs). Through this significant incentives have been created to
increase the efficiency of passenger cars and to reduce the carbon intensity of the fuel. In 2012
the European Union started to limit the corporate average CO2 emissions of newly registered
passenger cars of each manufacturer. The CO2 emission are determined in the New European
Driving Cycle (NEDC). Since 2015 the limit is 130 gCO2/km and it will be lowered to 95 g/km
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in 2020 [35]. In order to achieve this ambitious target manufacturers need to invest in advanced
engine technologies, in the electrification of the powertrain and alternative and renewable fuels.
Figure 1.4 a displays the CO2 emissions in the NEDC plotted against the vehicle weight of all

cars registered in Germany in 2015 of Europe’s five top selling manufacturers. It shows that the
majority of available models are powered by gasoline and diesel and that diesel vehicles tend to
be more efficient. Gasoline vehicles in particular are still relatively far from the 2020 limit. It
also shows that natural gas (NG) vehicles emit less CO2 than gasoline vehicles. This results from
different carbon intensities of the fuels. Natural gas consists mainly of methane (CH4) which
has a hydrogen-carbon-ratio (H/C-ratio) of 4 while the H/C-ratio of gasoline is approx. 1.89
[97]. Under the condition of equal brake thermal efficiencies the tank-to-wheel CO2 emissions
are approx. 25% lower with methane. The use of natural gas as fuel is therefore the most
effective single measure to cut the tank-to-wheel CO2 emissions of combustion engines until
renewable energy sources become available on a large scale for passenger cars. Furthermore,
it is cost-effective as the technology is proven and it can be realised short-term since a well-
developed infrastructure for natural gas already exists in many European countries. Despite
these proven advantages NG vehicles are a minority in manufacturers’ portfolios as Figure 1.4 a
demonstrates. Accordingly, only 0.6% of all registered passenger cars in Europe were powered
by natural gas in 2015 [34]. Also [27] refers to natural gas as a measure to mitigate the impact
of transport on global warming.
Novel combustion concepts for passenger cars and heavy duty engines which utilise natural

gas are thus investigated in this thesis. Generally, combustion engines can be classified by the
number of fuels used. Monovalent engines operate on one fuel and represent the vast majority
of engines deployed in road vehicles. Natural gas spark ignited (SI) engines for heavy duty
vehicles are also usually monovalent engines. Bivalent engines are designed to switch between
two fuels, but run on one fuel at a time. The majority of NG engines in passenger cars are
bivalent engines and can switch between NG and gasoline. By contrast with this dual fuel (DF)
engines run on two fuels simultaneously. The most common approach in dual fuel combustion
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Figure 1.4: (a) The CO2 emissions plotted against the vehicle weight of all new cars registered in
Germany in 2015 of the five highest selling manufacturers in Europe [33] and (b) the
feasible CO2 reduction with dual fuel combustion in dependency on the share of methane
in the total fuel energy.

is the combination of NG and diesel. Dual fuel engines are state of the art for large engines in
marine applications and power generation. However, they are not widespread in road vehicles
so far. Each concept has benefits and disadvantages. Monovalent and bivalent NG spark ig-
nited engines use tried and tested technology and feature effective exhaust gas aftertreatment
when operated stoichiometrically. However, spark ignited engines exhibit a lower fuel efficiency
compared to diesel engines, especially bivalent engines as the design for two different fuels res-
ults in compromises. Dual fuel engines have the potential for higher fuel efficiency, but the
exhaust gas aftertreatment is difficult as the exhaust gas is lean. In addition, dual fuel engines
are prone to emit high hydrocarbon (HC) emissions in low load operation. In order to realise
high CO2 reductions with DF engines high shares of NG are necessary as Figure 1.4 b illustrates.

The aim of this thesis is the development and investigation of two novel combustion pro-
cesses which use natural gas and enable high CO2 reductions compared to conventional diesel
and gasoline engines. The work is divided into two sections and consists of an experimental
and a numerical part. In the first section the development of a dual fuel combustion process for
passenger car engines is discussed. Compressed natural gas (CNG) and diesel are used as fuels.
In the literature a thoroughly studied concept is the combination of port fuel injection (PFI)
of CNG and direct injection (DI) of diesel. In this work a new configuration which features
low-pressure direct injection of CNG and direct injection of diesel is investigated experiment-
ally. This layout enables a stratification of the natural gas-air mixture and thus mitigates the
problem of high HC emissions during part load operation. The measurements were conducted
in four stationary load points on the engine test bench. The chosen load points are charac-
teristic for the operation of a passenger car engine in day-to-day use. The influence of the
application parameters (injection timing, exhaust gas recirculation, air-fuel equivalence ratio,
rail pressures, etc.) on the combustion was investigated and the main influencing factors on
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fuel efficiency and emissions were identified. In addition, the influence of the compression ratio
was investigated. Subsequently, the combustion was optimised and an operating strategy for
the whole engine map was derived. Natural gas spark ignited operation was also realised on
the same base engine to allow for a comparison of the dual fuel combustion with conventional
spark ignition. Finally, the developed dual fuel combustion process was compared with meas-
urements of conventional diesel and gasoline engines. This work was carried out at the Institute
of Internal Combustion Engines and Thermodynamics (IVT) at Graz University of Technology
together with my colleague Florian Sprenger who also wrote his PhD thesis on these investig-
ations [115]. Portions of the results obtained have been published at several conferences and in
journal papers. A list of my publications is provided in AppendixD. This project was realised
in co-operation with BMW Motoren GmbH in Steyr, Austria and received public funding of
the Austrian Research Promotion Agency (FFG). The injectors for CNG direct injection were
supplied by Delphi.
In the second part of this thesis the thermodynamic layout of a monovalent NG spark ignited

engine for heavy duty commercial vehicles by means of 1D engine simulations is conducted. The
potential of several novel technologies in heavy duty NG engines and their combinations to raise
the fuel efficiency are reviewed. This work was part of the EU project HDGAS (www.hdgas.
eu) and received funding from the European Union’s Horizon 2020 research and innovation
program. Within this framework four different and novel natural gas engine concepts for heavy
duty vehicles (HDVs) are developed. No up-to-date data on cumulated registrations of NG
powered HDVs in Europe has been published. However, the numbers are low as the data from
Germany indicates. In 2015 a total of 317 518 new commercial vehicles, heavy duty trucks and
buses were registered in Germany. Among these 938 vehicles were powered by natural gas of
which 801 exhibited a payload below 1 000 kg [71]. This indicates that the majority of newly
registered natural gas commercial vehicles are light duty vehicles with a permissible total
weight below 3 500 kg. It has thus not been profitable for commercial vehicle manufacturers
to develop dedicated natural gas engines for heavy duty vehicles. Diesel engines from their
existing portfolio are modified for natural gas operation instead. This results in penalties in
fuel efficiency as the NG engines are spark ignited engines and the base engines were developed
for compression ignition. These are two fundamentally different combustion processes with
different requirements.

HDGAS was launched to promote the development of dedicated heavy duty NG engines. The
HDGAS consortium consists of 20 partners. The engine concept which is investigated in this
thesis was developed in close collaboration with FPT Industrial, AVL Graz and the Internal
Combustion Engines Research Group of Prof. Angelo Onorati at Politecnico di Milano. It is for
the first time that a modern heavy duty NG engine is developed dedicatedly for NG operation.
The engine follows a stoichiometric concept and comprises of several novel technologies in
heavy duty engines. In this engine low-pressure direct injection of liquefied natural gas (LNG),
high-frequency (Corona) ignition, a waste gate turbocharger with fixed turbine size and cooled
high-pressure exhaust gas recirculation (EGR) is realised. In addition, a combustion chamber
design optimal for SI engines is implemented featuring a pent roof combustion chamber, angular
valves and a flat piston. Furthermore, cam phasing is implemented to realise variable valve
timing. By means of this technology mix a 10% reduction in GHG emissions in the World
Harmonised Transient Driving Cycle (WHTC) and 10% higher torque and rated power should
be achieved compared to existing heavy duty NG engines of the model year 2013.
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1 Introduction

At first the turbocharger matching was performed and different EGR layouts were examined.
The subsequent investigations focused on maximising the fuel efficiency of this engine concept.
For this purpose, the effect of EGR in part load and full load operation was investigated. Early
and late Miller timing in the presence of external EGR was contrasted with conventional valve
timing and the interdependencies between turbine size, EGR, valve timing, gas exchange work
and fuel efficiency were analysed. Furthermore, the potential of cam phasing was analysed for
conventional and early Miller valve timing in combination with EGR and indications for the
operating strategy were derived. Finally, the simulation results were confirmed with single-
cylinder measurements performed by a project partner and the combined effect of the invest-
igated technologies (EGR, Miller timing and cam phasing) on the fuel efficiency was quantified.

In Chapter 2 of this thesis characteristics of natural gas in comparison to the conventional
fuels gasoline and diesel are reviewed. The state of the art in monovalent NG spark ignited
engines and dual fuel combustion is discussed in Chapter 3. Chapter 4 covers the experimental
investigation of dual fuel combustion. The cause of the high HC emission is highlighted, the
examined concept is explained in detail and the followed methodology is reviewed. The results
focus on the investigation of the most important application parameters, the influence of the
compression ratio and the optimisation of the dual direct injection (DDI) combustion process.
Furthermore, the comparison with CNG SI operation is stated, which was realised on the same
base engine. Finally, the optimised DDI combustion is compared with conventional diesel and
gasoline combustion processes, as also with conventional dual fuel combustion with natural
gas PFI.
In Chapter 5 the numerical analysis of the NG spark ignited engine is discussed. At first

the methodology, the model building and the model matching are explained. Afterwards the
effect of EGR in part load and full load operation and the influence of different EGR layouts
is reviewed. Early and late Miller timing is investigated and the influence of cam phasing on
the gas exchange is analysed. Finally, a comparison of simulation results and single-cylinder
engine measurements is given. Chapter 6 summarises the findings and the work as carried out.
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2 Natural Gas Fundamentals

2.1 Characteristic Fuel Properties

Natural gas (NG) is a fossil fuel which is gaseous under standard conditions. It consists of
several chemical species. The main component is methane (CH4), but also other alkanes, ni-
trogen (N2) and CO2 are present in natural gas. Table 2.1 gives a typical composition for NG
of high quality. The composition can vary considerably depending on where the natural gas is
extracted. Especially the CH4 and N2 shares vary substantially. CH4 shares vary between 80%
and 98% and N2 shares vary between 0.6% and 18% [19]. Obviously, high shares of inert gas
affect the lower heating value (QLHV) negatively.

Table 2.1: Typical composition of natural gas of grade H [19].

CH4 C2H6 C3H8 C4H10 CO2 N2

Molar fraction νi / % 93.0 3.0 1.3 0.6 1.0 1.1

In Germany the specification of natural gas is regulated in DVGW-G 260. It defines two
grades (L and H) which differentiate in the upper Wobbe Index (Iw,s). Grade H is the higher
quality and thus exhibits higher shares of CH4 and less inert gases [19]. Recently a European
standard (EN 16726) was developed for NG [32] to ease the cross-border trade of NG. Also the
maximum sulphur content is regulated and the maximum content of the toxic and corrosive
hydrogen sulfides (H2S). NG as specified in these standards is odourless. It is odorised to detect
leakages in gas lines easier.
For the use as fuel in vehicles natural gas is specified in DIN51624. The CH4 share must be

above 80% and for grade H the lower heating value has to be higher than 46MJ/kg. The total
sulphur content is required to be below 10mg/kg [22].
Methane is a very stable molecule with high activation energy. The benefit it brings is that

natural gas is more knock resistant than gasoline and from this point of view it is a suitable fuel
for SI engines with the potential for higher fuel efficiency than gasoline engines. The drawback
is that the conversion of unburned HC emissions is more difficult since the HC emissions also
consist mainly of methane. In lean operation the light-off temperature for CH4 oxidation in an
oxidation catalyst is approx. 450 °C [48].
Table 2.2 gives the characteristic fuel properties of methane, natural gas, diesel and gasoline.

The properties of natural gas are valid for the composition stated in Table 2.1. The properties
of methane and natural gas are similar. Both state H/C-ratios being twice as high as the ones
of gasoline and diesel. The lower heating value (QLHV) of CH4 and NG is higher compared to
the liquid fuels, but the energy density is lower by a factor of 1000. This is relevant for the
storage on a vehicle. With compressed natural gas (CNG) or liquefied natural gas (LNG) the
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2 Natural Gas Fundamentals

Table 2.2: Fuel properties of methane, natural gas, diesel and gasoline [19, 97].

Methane Natural gas1 Diesel Euro Super

Molar mass / g/mol 16.04 17.49 ≈ 170 ≈ 98

H/C-ratio / – 4.0 3.82 1.89 1.99

Density2/ kg/m3 0.72 0.78 815...855 730...780

QLHV / MJ/kg 50 47.5 43 41

Energy density / MJ/m3 35.92 37.22/ 87333/ 214584 359052 309552

QLHV of mixture2/ MJ/m3 3.395/ 3.756 3.415/ 3.756 3.806 3.666

Flammability limits / – 0.7 / 2.1 – 0.48/1.35 0.4/1.4

(A/F)stoich. / kg/kg 17.2 16.4 14.5 14.5

CO2 reduction7 25.4% 23.5% – –
1 Composition stated in Table 2.1
2 At 0 °C and 1.013 bar
3 CNG at 20 °C and 200 bar calculated according to ISO12213-2:2006 using [128]
4 LNG at -163.5 °C and 1.013 bar calculated according to ISO6578 using [128]
5 Port fuel injection and λ=1
6 Direct injection and λ=1
7 Compared to diesel and equal brake thermal efficiency

energy density can be increased. However, at constant tank capacity the energy contained is
still lower than gasoline by 30% to 70%. The lower heating value of the mixture refers to
a stoichiometric air-fuel mixture and standard conditions of air. It is an indication for the
feasible power density of an engine, if the intake manifold conditions remain constant and
the influence of the fuel on knocking is not considered. It indicates that without additional
measures the power density of natural gas engines with PFI is approx. 7% lower than of a
gasoline DI engine. Similar values are stated in [12]. The feasible reduction of tank-to-wheel
CO2 emissions by 25.4% results from the higher H/C-ratio of CH4. With NG consisting also
of longer hydrocarbon chains, the H/C-ratio is reduced and along with this the feasible CO2

potential is also reduced to 23.5%. These values are calculated under the assumption of equal
brake thermal efficiency and in comparison to diesel. The derivation of this CO2 potential is
stated in Section 2.2. The tank-to-wheel consideration excludes emissions arising from the fuel
production. A more complete review provides the well-to-wheel approach and ultimately the
’cradle-to-grave’ life cycle assessment which considers all GHG emissions from the production
of a vehicle through to the recycling. It enables a holistic comparison of various powertrain
concepts. More information on the well-to-wheel CO2 emissions of NG vehicles and the influence
of renewable NG in comparison to other propulsion concepts can be found in [3, 15, 20, 132].
A life cycle assessment of NG vehicles which incorporates the vehicle production is stated in
[92]. In most European countries the taxation of passenger cars is based on tank-to-wheel CO2

emissions. In Switzerland the taxation has already been shifted to well-to-wheel CO2 emissions,
which is a more integral approach [18].
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2.2 The Potential of Natural Gas to Reduce the Tank-to-Wheel CO2 Emissions
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Figure 2.1: Fuel retail prices in the United States since 2000 [129].

With the information of this section in mind the drawbacks of bivalent natural gas and
gasoline powered vehicles already become apparent. Today, these vehicles feature NG port fuel
injection and gasoline port fuel or direct injection. The compression ratio of the engine must be
chosen for the less knock resistant fuel which is gasoline. The potential of natural gas to raise
the fuel efficiency of the engine thus remains unused. In addition, in naturally aspired engines
the lower heating value of the mixture cannot be compensated by a higher boost pressure
resulting in a power loss compared to gasoline operation. This is particularly characteristic for
retrofit solutions for passenger cars.
Finally, Figure 2.1 provides the trend of average fuel prices in $/MJ in the United States

since 2000. Over long periods CNG was considerably cheaper and the price fluctuation was
notably less. While fuel prices may not be the main criterion for consumers when deciding on
a fuel type, for fleet operators of commercial vehicles the total cost of ownership is critical.
Therefore, more predictable and lower fuel prices are an argument in favour of NG.

2.2 The Potential of Natural Gas to Reduce the Tank-to-Wheel
CO2 Emissions

In the literature a 25% reduction of tank-to-wheel CO2 emissions is stated when using CH4

instead of gasoline and diesel. Since the reason for this is not frequently discussed in detail,
a derivation is provided below. For the sake of simplicity but without loss of generality a
hypothetical natural gas grade is assumed which consists only of methane (CH4) and ethane
(C2H6). The chemical reaction equation for complete combustion of this hypothetical grade is
as stated below:

ν1CH4 + ν2C2H6 + (2 ν1 +
7
2
ν2)O2 (ν1 + 2ν2)︸ ︷︷ ︸

νCO2

CO2 + (2 ν1 + 3 ν2)H2O (2.1)
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2 Natural Gas Fundamentals

ν1 and ν2 are the stoichiometric coefficients of methane and ethane and equal to their mole
fractions in the assumed natural gas grade. νCO2 is the stoichiometric coefficient of the CO2

produced. The oxidation of 1mol of natural gas produces νCO2 mol of CO2. If natural gas
consists of more species than methane and ethane the calculation of νCO2 must be adapted
accordingly. The total amount of CO2 nCO2,NG is calculated according to Equation 2.2 with
nNG being the total number of moles of natural gas.

nCO2,NG = νCO2 · nNG (2.2)

The total mass of CO2 mCO2,NG which results from the combustion of NG is given in Equa-
tion 2.4. It is derived from the molar mass of CO2 MCO2 and natural gas MNG and is a
combination of Equation 2.2 with 2.3.

nNG =
mNG

MNG
(2.3)

mCO2,NG = nCO2,NG ·MCO2 = νCO2 ·mNG · MCO2

MNG
(2.4)

Diesel and gasoline consist of long hydrocarbon chains. The calculation of the CO2 emission
resulting from complete combustion of diesel is stated below. The CO2 emission from gasoline
is calculated analogue to this. Usually the fuel analysis delivers the mass fractions µi of atomic
carbon (C), hydrogen (H) and oxygen (O). Equation 2.5 defines the mass fraction of carbon
µc as ratio of the mass of carbon atoms mc and the total fuel mass mDiesel. In complete
combustion every C-atom leads to a CO2 molecule which is expressed in Equation 2.6. Mc is
the molar mass of carbon.

µc =
mc

mDiesel
(2.5)

nCO2,Diesel = nc =
mc

Mc
(2.6)

Combining Equation 2.5 and 2.6 the mass of CO2 resulting from the combustion of diesel
mCO2,Diesel can be calculated.

mCO2,Diesel = nCO2,Diesel ·MCO2 = µc ·mDiesel ·
MCO2

MC
(2.7)

The masses of CO2 resulting from natural gas and diesel combustion are set into relation.

mCO2,NG

mCO2,Diesel
=

νCO2 ·mNG ·Mc

µc ·mDiesel ·MNG
(2.8)

Under the condition of equal brake thermal efficiencies and equal load the fuel energy is the
same. Thus, the fuel masses are related according to Equation 2.9.

mNG ·QLHVNG
= mDiesel ·QLHVDiesel

(2.9)

Combining Equations 2.8 and 2.9 results in Equation 2.10 which states the feasible CO2 reduc-
tion.

mCO2,NG

mCO2,Diesel
=
QLHVDiesel

QLHVNG

· νCO2 ·Mc

µc ·MNG
(2.10)
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2.2 The Potential of Natural Gas to Reduce the Tank-to-Wheel CO2 Emissions

With the fuel properties stated in Table 2.2 and a carbon mass fraction µc of 86.3% methane
results in a CO2 reduction potential of 25.4% compared to diesel. Natural gas of a composition
as stated in Table 2.1 results in a CO2 reduction potential of 23.5%. These values increase
by 1.5%Pt. with gasoline as reference. This means the feasible tank-to-wheel CO2 reduction
depends on the lower heating values and the carbon intensities of the two fuels involved. In
this calculation the H/C-ratio does not arise explicitly.
Equation 2.11 can be derived in order to calculate the CO2 reduction directly from the lower

heating values and the H/C-ratios. The disadvantage is that also the mass fractions of nitrogen
and oxygen µn and µo appear in this equation. With the assumption that the sum of these
mass fractions is approximately equal in both fuels Equation 2.12 is derived.

mCO2,NG

mCO2,Diesel
=
QLHVDiesel

QLHVNG

· (h/c)Diesel + 12

(h/c)NG + 12
· (1 − µo − µn)NG

(1 − µo)Diesel
(2.11)

≈ QLHVDiesel

QLHVNG

· (h/c)Diesel + 12

(h/c)NG + 12
(2.12)
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3 State of the Art

This overview of current research and series applications of natural gas engines focuses on
passenger car and heavy duty (HD) engines. The fact should not be discounted, however, that
natural gas is also a common fuel for large engines.

3.1 Monovalent and Bivalent Natural Gas Engine Concepts

All major manufacturers of heavy duty commercial vehicles have natural gas vehicles in their
portfolio. Since fuel efficiency is of great importance in commercial vehicles the engines are
designed as monovalent engines to avoid the penalty in fuel efficiency of bivalent engines. All
available engines are turbocharged and feature NG port fuel injection and spark ignition. The
engines on the European market are five-cylinder and six-cylinder engines. The displacement
ranges from 6.9 litres to 12.8 litres and the rated power is in the range between 162 kW and
294 kW [57, 77, 89, 117]. A factor these engines have in common is that they are derivations
of existing diesel engines [2, 57, 77, 89, 99] since the sales volume of NG vehicles has not so
far allowed for the development of dedicated NG engines. CNG is used for buses and urban
distribution trucks. Due to the higher energy density of LNG first LNG applications for long
haul trucks above 18 t were reported in Europe [77]. In China and in the United States [101]
both a network of LNG filling stations and LNG trucks are also available.
While many Euro 5 engines were operated lean most of the Euro 6 engines (since 2013)

are operated stoichiometrically due to the stricter emission limits. Lean operated natural gas
engines would require selective catalytic reduction (SCR) exhaust gas aftertreatment and a
methane oxidation catalyst (MOC) to comply with Euro 6 emission limits. The durability of
the MOC specifically is critical. In stoichiometric operation a three-way catalyst (TWC) is
sufficient [2, 39, 46].
Stoichiometric SI engines have a disadvantage compared to diesel engines in fuel efficiency

due to the higher gas exchange work in part load operation, the lower compression ratio, higher
wall heat losses and different gas properties, to only name a few of the differences. Miller valve
timing and EGR in part load and full load operation were proposed to reduce the gas exchange
work, enable a higher compression ratio, decrease the knock probability and to reduce the
thermal strain on the engine [2, 39, 46, 99, 112]. Experimental investigations of the Miller
cycle in combination with cooled high-pressure EGR indicated promising results [68] and a
series application has already been reported [57].
Variable valve timing is another technology to raise the fuel efficiency of SI eninges, especially

during part load operation. While variable valve timing is state of the art in gasoline SI
passenger car engines [98, 118] a series introduction has not been reported in heavy duty NG
engines. There are a few studies on variable valve timing in heavy duty diesel engines [21, 28]
and natural gas-diesel dual fuel engines [84]. Usually the focus of variable valve timing in diesel
engines is a different one. While in SI engines the main motivation is a reduction of the gas
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3 State of the Art

exchange losses during part load operation the focus in diesel engines is on a rapid heat-up of
the exhaust gas aftertreatment system and a reduction of the engine-out pollutant emissions.
Literature on variable valve timing in heavy duty natural gas engines is scarce and does not
cover cam phasing on both cam shafts. In [137] variable intake valve closing was investigated
numerically in order to decrease the gas exchange losses during part load operation. In [5] the
effect of variable exhaust valve opening on the turbolag was analysed by means of 1D engine
simulations. The application of cam phasing on both cam shafts in a passenger car SI engine
with CNG direct injection was reported in [7].
In PCs all natural gas engines are equipped with port fuel injection. There are turbocharged

and naturally aspired engines available [88, 131, 134]. They are designed as bivalent engines
to enable customers to bridge areas with a scarce network of NG filling stations. However,
this functionality comes at the cost of lower fuel efficiency. All engines run on CNG, LNG
applications have not been reported in passenger cars. The engines are spark ignited and are
derivations of gasoline engines. This means unlike the situation for heavy duty vehicles the
layout of the base engine is more favourable to natural gas operation. In [38, 50, 119] the
potential was investigated of what a monovalent NG passenger car engine offers compared to
an existing bivalent engine. The rated torque was increased by 55Nm or 24% and the fuel
consumption was reduced by 7% in the NEDC. An elaborate review of existing technologies
for NG passenger cars and heavy duty vehicles as also further potentials is given in [12].
Direct injection of compressed natural gas has been investigated for PC engines, but no

series application has been reported yet. Delphi is developing an injector for low-pressure
direct injection of NG for rail pressures up to 16 bar [60, 102]. The main motivation for direct
injection is to raise the low-end torque to a level comparable to gasoline DI engines. PFI
of natural gas reduces the volumetric efficiency compared to gasoline DI engines due to the
volume of the NG and the necessity to avoid scavenging. Deteriorations of the low-end torque
of up to 50% were reported [12]. Both causes can be avoided by natural gas direct injection.
Furthermore, charge stratification and multiple injection events become feasible with direct
injection, the latter one being beneficial for catalyst heating after cold-start. The effects of
CNG direct injection with homogeneous and stoichiometric charge were investigated mainly
experimentally in [43, 52, 58, 108, 110] relying on injector equipment of Bosch, Delphi and
Siemens VDO. Lean and stratified operation was investigated optically and numerically in
[6, 42, 87].

3.2 Dual Fuel Combustion

Dual fuel (DF) combustion is not a recent development but was already investigated several
decades ago. An early series application was the IFA W50, a truck built in East-Germany from
1965 onwards [62]. For this truck a conversion kit for natural gas-diesel dual fuel operation
existed [47]. In academia, the ignition mechanisms of dual fuel combustion were investigated
at this institution in 1968 [96]. Different fuel combinations have been investigated. Apart from
the combination of natural gas and diesel which is discussed in detail in the following section,
also the combination of NG and gasoline was studied in the literature mainly with a focus on
avoiding knocking [40, 49, 95]. Blends of natural gas and hydrogen were studied in [29]. Dual
fuel combustion of gasoline and diesel with the focus on high fuel efficiency was reviewed in
[53, 75]. Hydrogen and diesel DF engines for passenger car and HD engines were investigated
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in [10, 31, 120]. Diesel ethanol dual fuel combustion was examined in [54]. Finally, octane
on demand concepts as studied in [17] use two fuels with different knock resistance. These
concepts have a different focus than the natural gas diesel dual fuel combustion introduced
below.

3.2.1 Natural Gas-Diesel Dual Fuel Combustion

NG and diesel is likely to be the most widely studied fuel combination in dual fuel combustion.
Various combustion concepts in NG-diesel dual fuel combustion exist which are introduced
below. The terminology associated with it and used in this work is also defined. Subsequently
the current research on NG-diesel dual fuel combustion is reviewed. Figure 3.1 schematically
illustrates the injection events of various DF combustion processes during the compression
stroke. The most common concept is the combination of port fuel injection (PFI) of natural
gas and direct injection of diesel. It also is the easiest DF concept to realise as a conventional
diesel engine can be adapted by retrofitting NG port fuel injection. This concept is referred to as
Conventional DF concept. The NG injection must take place before intake valve closing (IVC),
which means it has to occur before bottom dead centre (BDC). The diesel is injected late in the
compression stroke close to firing top dead centre (TDC) in order to ignite the air-NG mixture.
Figure 3.1 depicts a case with a diesel pilot injection. However, the ratio of diesel and NG can
vary substantially between pure diesel operation and DF combustion with only a diesel pilot
injection as depicted.
The concept investigated in this thesis is referred to as Dual Direct Injection (DDI). It

features low-pressure DI of NG and direct injection of diesel. The NG injection occurs in the
compression stroke after IVC. The injection occurs early or later in the compression stroke,
depending on whether a homogeneous or stratified operation is desired. Again, the diesel is
injected close to TDC to initiate the combustion. Like in conventional diesel engines the diesel
injection timing is used to trigger the desired combustion phasing. There is an unambiguous
correlation between the start of diesel injection (SOIDiesel) and the 50% conversion point of
the net heat-release (MFB50).

Injection:   Natural gas       Diesel

BDC TDC

Diesel

BDC TDC

HCCI

BDC TDC

HPDI

BDC TDC

DDI

BDC TDC

PPCI

BDC TDC

Conventional DF

Figure 3.1: The injection events of various dual fuel combustion processes and their delimitation
against HCCI and diesel compression ignition.
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The concept of high-pressure direct injection (HPDI) follows an approach of non-premixed
natural gas combustion. A diesel pilot quantity is injected close to TDC which ignites itself.
In the flames of the diesel pilot spray the NG is injected which then burns in a non-premixed
manner too. Partially premixed compression ignition (PPCI) is another approach in dual fuel
combustion which will be discussed later.
These four DF combustion processes have in common that the combustion phasing is

controlled by the injection timing. In contrast to that there are combustion processes as
HCCI, reactivity controlled compression ignition (RCCI) or premixed charge compression ig-
nition (PCCI). Some of these processes also use two different fuels, but usually they are not
referred to as dual fuel combustion. The difference is that in HCCI combustion and alike pro-
cesses there is no direct control of the combustion phasing via the ignition timing. The start of
combustion only depends on the evolution of pressure and temperature during the compression
stroke and the reactivity of the mixture in the combustion chamber. Exemplarily the injection
pattern of diesel HCCI combustion is displayed in Figure 3.1. The diesel is injected close to
BDC and forms a homogeneous mixture with air and possible dilutants. After the diesel is
injected and the intake valves are closed there is no control on the ignition anymore. Finally,
Figure 3.1 also illustrates the injection pattern of conventional diesel compression ignition with
a diesel pilot injection and a main injection.

Dual Fuel Combustion with Natural Gas Port Fuel Injection – Conventional DF

NG-diesel dual fuel combustion is state of the art for large engines in marine applications and
power generation [124]. However, no widespread application for road vehicles has been reported
yet. A few aftermarket solutions for Euro 5 heavy duty commercial vehicles are available to
convert diesel engines for dual fuel operation [104, 116]. These solutions rely on port fuel
injection of NG (Conventional DF ) and were reviewed in [13, 116]. A significant increase of
CH4 emissions was observed, resulting in reduced brake thermal efficiency especially in low
load operation. The engine-out CO2 emissions were found to be reduced with some systems,
however considering the global warming potential (GWP) of methane this reduction was offset

Figure 3.2: Model of conventional dual fuel combustion developed by Karim [65] and valid for various
gaseous fuels.

16



3.2 Dual Fuel Combustion

leading to an overall increase of total engine-out GHG emissions between 18% and 129% in
the transient Federal Test Procedure (FTP) cycle [13].
In 2011 Volvo launched a small batch series of a dual fuel HD truck running on LNG and

diesel. It also followed the conventional DF concept and achieved Euro 5 emission standards
[81, 130]. Investigations indicated that Euro 6 emission limits are very challenging to achieve
with this concept [81] and so far no Euro 6 version of this vehicle has been released.
Apart from these series applications there has been extensive research on the conventional

dual fuel concept, both for heavy duty and passenger car engines. Karim developed a model
for conventional DF combustion which is valid for a wide range of gaseous fuels and has been
referred to by many authors [65]. According to Figure 3.2 he divided the energy release rate
into three components:

I. Combustion of the diesel pilot

II. Combustion of the gaseous fuel which is in the immediate vicinity of the ignition and
combustion centres of the diesel pilot

III. Combustion due to a turbulent flame propagation within the premixed air-gas mixture
and possible pre-ignitions in the end gas

At light loads the premixed air-gas mixture is very lean and a flame propagation cannot
develop. Therefore the main energy release results from modes I and II and large portions of
the air-gas mixture remain unburned. Most of the researcher confirm the lean and premixed
air-NG mixture as the root cause for high CH4 emissions [44, 45, 70, 79, 83, 109] at low loads.
This is consistent with the findings of this work. At high loads good results are reported.
Various mitigation strategies were developed to attribute the high CH4 emissions. In [109]

EGR was introduced to reduce the stoichiometry of the air-NG mixture. Positive effects were
reported, but it was concluded that EGR alone is not sufficient to reduce the CH4 emissions
satisfactorily. Garcia et al. investigated the effect of intake manifold pressure and temperature
on the CH4 emissions [45]. Throttled operation resulted in a reduction of CH4 emissions at
low loads. It was estimated that above 5 bar indicated mean effective pressure (IMEP) the
legislative HC limit may be achieved. Below these load the HC emission remained critical. It
might be noted that dual fuel passenger cars are not considered in the European legislation.
Therefore, researcher take the emission limits of diesel and gasoline PCs as indication for what
the limit could be. Specific legislation does exist for heavy duty DF vehicles.
A split diesel injection has been suggested and reviewed in many publications as a means

of introducing some kind of stratification to decrease the local air-fuel equivalence ratio in the
piston bowl and thus reduce the CH4 emissions. Many researcher refer to this approach as PPCI
(see Figure 3.1). Investigations were carried out by [23, 44, 63, 70, 85]. The experimental set-ups
varied considerably due to differences in the combustion chamber geometries, the piston shapes
and the port designs, which influence the charge motion. The range of the injection timings
also varied. The charge motion potentially has an influence on the mixture formation and
the stratification. Thus, the magnitude of the observed effects varied and different conclusions
were drawn. In general, at least slight improvements were observed, but the majority reported,
however, that the HC emission reduction was not effective enough to solve the problem.
This finding is consistent with the understanding developed during the investigation of the

DDI concept. A split diesel injection introduces a charge stratification, but the air-NG mixture
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in the background remains homogeneous. The CH4 emission results from an air-NG mixture
being too lean. Thus, a split diesel injection might improve the ignition of the air-NG mixture
and extend the flame propagation to some extent. However, the portions of the air-NG mixture
which are not penetrated by the diesel spray and which are above the upper flammable limit
remain unburned. As a consequence, to effectively reduce the CH4 emissions the stoichiometry
of the air-NG mixture has to be shifted towards unity or a stratification of the air-NG mixture
itself is required. Garcia et al. suggested that NG direct injection could be an enabler for a
further reduction of the CH4 emissions at low load operation [44].
In [23] a variation of the compression ratio was investigated by increasing the bowl volume.

A reduction of the compression ratio was found to be beneficial for the CH4 emissions in
particular at low load operation. It was argued that this decrease results from a reduction
of air-methane mixture in the crevice volume as the bowl/crevice ratio increases when the
compression ratio is reduced. This finding is not in-line with own investigations which indicated
that a high compression ratio is advantageous as detailed in Section 4.5. The different results
probably arise from different experimental set-ups. In [23] a natural gas energy fraction of
only 50% in combination with a split diesel injection and natural gas PFI was investigated.
The own investigations as presented in Section 4.5 feature direct injection of natural gas and
a stratified air-NG mixture. Therefore less mixture in the crevices is expected independent of
the compression ratio. Furthermore, a single diesel pilot injection and high natural gas energy
fractions are used.
Optical investigations of conventional dual fuel combustion were carried out in single-

cylinder engines in [25, 83]. A consistent finding was that the combustion starts near the
piston bowl walls and moves towards the centre of the bowl. Furthermore, it was consistently
reported that if the premixed air-NG mixture is too lean, even the mixture in the centre of
the bowl remains unburned. This indicates that the high CH4 emission at low load operation
results not only from crevices, but also from large unburned zones in the piston bowl. A de-
tailed study of the phenomena and mechanisms occurring during DF combustion is given in
[25]. Measurements of the natural luminosity and the OH* chemiluminescence were made to
visualise the flame front propagation, but also PLIF measurements were conducted to determ-
ine the fuel distribution during the start of combustion. In [103] optical investigations with a
rapid compression expansion machine (RCEM) are presented. The penetration length of the
diesel spray and the ignition delay were studied for various conditions as also the flame front
development by measurements of the OH* chemiluminescence.
In [100] a methodology is presented to divide the heat-release rate (HRR) according to

the modes described in [65] and depicted in Figure 3.2 and to quantify the contribution of the
individual regimes to the total heat-release. Evidence was found that even if a large share of the
air-NG mixture in the piston bowl is combusted, CH4 emissions remain which are indifferent
to a further enhancement of the flame propagation. The assumption was stated that these
CH4 emissions result from crevices [100]. Furthermore, an infrared absorption sensor was used
by the same research group to study the local air-fuel equivalence ratio in the combustion
chamber [135] and optical investigations on a transparent single-cylinder engine were conducted
[67]. Depending on the diesel injection pressure different flame front propagation directions
were observed as depicted in Figure 3.3. At high injection pressures of 1300 bar the start of
combustion was found to be in the vicinity of the piston bowl walls. Subsequently the flame
front propagated towards the centre of the bowl. However, at lower injection pressures (300 bar)
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Low pressure diese! pilot 

Figure 3.3: Flame propagation in the piston bowl in dependence of the diesel injection pressure
[67, 135]; yellow: burned mixture, white: unburned mixture.

a different mechanism was described. The ignition started in the centre of the bowl near to
the diesel spray and sequentially, the flames propagated away from these ignition sites [67].
These observations are consistent with optical investigations in [83, 103] which were conducted
at 1350 bar ([83]) and 400 bar ([103]), but they contradict the investigations in [25]. In [25] a
flame propagation from the piston bowl wall towards the centre was also observed, although
the injection pressure was 400 bar. It would thus appear that other mechanisms exist apart
from the diesel injection pressure, which influence the nature of the flame front propagation.
Conventional dual fuel combustion was studied by Ott [91] from a controls perspective. A

feedback control was developed for the centre of combustion and the maximum pressure rise
rate. The transient operation of a passenger car dual fuel engine was experimentally studied
in the NEDC and the Worldwide Light Duty Test Cycle (WLTC). Furthermore, a hybrid
electric vehicle with DF engine was emulated by hardware-in-the-loop experiments and the
performance was assessed in the NEDC and WLTC in terms of fuel consumption and CO2

reduction.
More fundamental work by optical measurements in RCEMs was conducted by [105, 125]

with a focus on large engines.

Dual Fuel Combustion with Dual Direct Injection – DDI

No literature was found on the concept of Dual Direct Injection as depicted in Figure 3.1.
Even research on dual fuel combustion with NG direct injection and a premixed combustion
of the air-NG mixture is scarce. Only a few publications exist in which similar concepts to
DDI were investigated. The injection patterns are displayed in Figure 3.4. In [138] a concept
was examined which consists of a late direct injection of NG and a diesel injection before
and afterwards. This process was investigated numerically by means of computational fluid
dynamics (CFD) simulations for a heavy duty engine. The concept was developed as a measure
to control the heat release of reactivity controlled compression ignition (RCCI) by stratification
of the air-CH4 mixture. The influence of the start of NG injection (SOING) was investigated for
a range from −26 °CA to −20 °CA. This injection is considerably later than in the investigated
DDI concept where in the case of stratification SOING was in the range from −100 °CA to
−70 °CA.
The same injection strategy as proposed with the DDI concept was also investigated in [41]

and named co-direct injection of natural gas and diesel (DI2). One motivation for the exper-
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Figure 3.4: The dual fuel combustion processes investigated in [41, 138] (Figure modified from [41]).

imental investigation of DI2 on a heavy duty single-cylinder engine was to reduce the power
demand of the fuel system which results from high NG injection pressures as the HPDI system
requires it. However, injection pressures of 210 bar were still investigated with DI2. CNG is not
applicable in this case as typical tank systems are designed for a maximum system pressure of
200 bar and feed the injection system directly without using an intermediate compressor. NG
injection timings in the range of −35 °CA to −5 °CA were investigated, however without pub-
lishing the CH4 emission, which is the major challenge in the development of DF combustion
systems.

Dual Fuel Combustion with High Pressure Direct Injection – HPDI

An injector for high-pressure direct injection (HPDI) of NG was developed and tested by West-
port. A single injector features two needles and is responsible for the NG and the diesel injec-
tion. The injector was developed for heavy duty engines. The injection pattern is presented in
Figure 3.1. The natural gas burns in a non-premixed manner. This has the major advantage
that high CH4 emissions during low load operation are circumvented as no lean and premixed
air-NG mixture is present in the combustion chamber. The disadvantage is that high NG in-
jection pressures are required making it difficult to use CNG and increasing the power demand
of the fuel system. In most of the publications LNG is used. As in conventional diesel engines
where injection pressures of up to 2000 bar are standard, it was found that a high NG in-
jection pressure is beneficial for combustion. Experiments with NG injection pressures up to
600 bar were reported. Extensive literature is available on HPDI combustion research reporting
a diesel-like fuel efficiency at a significant CO2 reduction and low particulate emissions [51, 86].
A series application in Europe has not been reported yet.
Also Bosch published research on the HPDI combustion using own injection equipment

[8]. The results are consistent with work conducted with the Westport system verifying the
need for high NG injection pressure particularly at full load operation. Fundamental optical
investigations of non-premixed NG combustion were conducted by Takasaki et al. with a focus
on large engines [122]. A RCEM with optical access was used for this purpose.
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4.1 Definitions

A few definitions are introduced which are consecutively used during the investigation of dual
fuel combustion. Equation 4.1 defines the natural gas energy fraction xNG. It characterises the
fraction of NG on the total fuel energy in the combustion chamber. The fuel energy of each fuel
is calculated by multiplying the injected fuel mass (mNG and mDiesel) with the corresponding
lower heating value of the fuel (QLHVNG

and QLHVDiesel
).

xNG =
mNG ·QLHVNG

mNG ·QLHVNG
+mDiesel ·QLHVDiesel

(4.1)

The air-natural gas equivalence ratio λNG describes the stoichiometry of the air-NG mixture
(Equation 4.2). mair is the inducted air mass and LstNG is the stoichiometric air-fuel ratio of
natural gas. The injected diesel is not considered meaning that λNG describes the charge in
which the diesel is injected. It is a key parameter to influence the CH4 emissions.

λNG =
mair

mNG · LstNG

(4.2)

The global air-fuel equivalence ratio characterises the stoichiometry of the total mixture in the
cylinder considering both natural gas and diesel (Equation 4.3).

λglobal =
mair

mNG · LstNG +mDiesel · LstDiesel

< λNG (4.3)

Since stratification is a crucial measure in the DDI concept, it is necessary to have an indication
of what the influence on the stoichiometry is. Therefore, λbowl is calculated, the air-natural
gas equivalence ratio in the piston bowl, if perfect stratification was achieved as depicted
Figure 4.4. It is not a measurement quantity, but a hypothetical value which indicates the
stoichiometry in the piston bowl, if perfect stratification was achieved. For the calculation of
λbowl it is assumed that all injected NG is captured in the piston bowl. The remaining bowl
volume not occupied by NG is occupied by air (mair,bowl). λbowl is smaller than λNG and smaller
than the global air-fuel equivalence ratio λglobal in case of diesel pilot quantities.

λbowl =
mair,bowl

mNG · LstNG

< λglobal < λNG (4.4)

Equation 4.5 defines the unburned species ∆ζIC. It relates the energy retained in the engine-
out HC and carbon monoxide (CO) emissions to the total fuel energy. It is an indicator for
the completeness of the combustion. The subscript IC stands for incomplete combustion. In
typical gasoline SI engines the HC emission alone accounts for 1% to 2.5% of the fuel energy
[55].

∆ζIC =
mCO ·QLHVCO

+mHC ·QLHVHC

mNG ·QLHVNG
+mDiesel ·QLHVDiesel

(4.5)
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4.2 CH4 Emission in Dual Fuel Combustion

Since the CH4 emissions are of crucial importance and the major obstacle for the introduction of
natural gas-diesel dual fuel combustion in road vehicles their origin and the metrics influencing
them are highlighted. A mitigation strategy is developed which leads to the DDI concept which
is described in detail subsequently.
In conventional dual fuel combustion a premixed air-NGmixture is present in the combustion

chamber, therefore it seems reasonable to review the HC sources in homogeneously operated SI
engines as also performed in [70]. In [55] four mechanisms for the origination of HC emissions
are mentioned:

– flame quenching at the walls (wall quenching)

– unburned HC from crevices

– unburned HC resulting from poor combustion quality (bulk quenching)

– adsorption and desorption in the engine oil and in deposits.

The adsorption and desorption mechanisms were ruled out in [70]. Deposits of significant
magnitude are only present in engines with a high operating time as highlighted in [55] which
is not the case for research engines. Therefore, this mechanism is not relevant either. The first
three mechanisms remain as potential sources of the high HC emission, they are displayed in
Figure 4.1. Their significance is assessed by means of measurement data for conventional dual
fuel combustion.
Figure 4.2 demonstrates a variation of the air-natural gas equivalence ratio λNG in con-

ventional DF combustion (i.e. port fuel injection of NG) in the load point n=1750min-1 /
BMEP=5bar. λNG is varied by reducing the intake manifold pressure pintake by means of
the throttle valve of the engine starting from ambient pressure. The compression ratio ε of
the engine is 16.5. The natural gas energy fraction xNG is set to 85%. EGR is not deployed
and MFB50 is kept constant at 11 °CA. The diesel rail pressure pDiesel is set to 400 bar. Fig-
ure 4.2 depicts in the lower right part the correlation between the intake manifold pressure
pintake, λglobal and λNG. At atmospheric conditions the stoichiometry of the homogeneous air-
NG mixture (λNG) exceeds the upper flammable limit (Table 2.2). At 0.7 bar the global air-fuel
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Figure 4.1: Potential sources of HC emission in dual fuel combustion.
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Figure 4.2: Variation of the air-NG equivalence ratio in conventional dual fuel combustion.

equivalence ratio reaches unity while λNG equals 1.14. The measurement demonstrates that
by reducing λNG the CH4 emission decreases almost by a factor of 5. Furthermore, the CH4

emissions account for more than 90% of the total HC emissions on a molar basis. This shows
that the air-NG equivalence ratio is a significant parameter influencing the CH4 emissions.
This was also stated by several other researchers, for example [44, 67, 79]. Furthermore, it is
observed that the trend of reducing CH4 emissions flattens out and although the premixed
air-NG mixture is close to stoichiometry a significant amount of CH4 remains unburned. A
similar observation was made by Rochussen et al. [100]. It is assumed that these remaining
CH4 emissions result from crevices and wall quenching, which is also assumed by Rochussen
[100]. Possibly areas of the combustion chamber which are not reached by the flame due to
the ragged combustion chamber (e.g. the squish area of the piston) are also a source of HC
emissions.
If this theory proves correct these remaining CH4 emissions can be attributed by stratification

of the air-NG mixture. In the event that the natural gas is captured in the piston bowl to a
large extent, less fuel is located in crevices, in the proximity of walls and in the squish area of
the piston reducing the HC emissions. The soaring CH4 emissions at high air-NG equivalence
ratios in Figure 4.2 are attributed to the third mechanism mentioned. Flame quenching occurs
in the bulk gas due to the over-lean mixture exceeding the upper flammable limit. Thus, a
propagating flame front cannot develop and the flame does not capture the whole volume of
the combustion chamber. This was also confirmed by optical investigations in [25, 67, 83].
To conclude, the main reason for excessive CH4 emissions is flame quenching due to the

poor combustion quality of lean air-NG mixtures. If this is avoided the mechanisms of wall
quenching and HC emissions from crevices are likely to dominate.
Figure 4.2 also demonstrates that the ignition conditions of the diesel pilot injection (2.7mg

at 400 bar rail pressure) worsen with reducing intake manifold pressure. The ignition delay rises
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Figure 4.3: The trade-off between the ignition delay and the CH4 emission in conventional dual fuel
combustion.

significantly and SOIDiesel must be advanced to keep MFB50 constant. The ignition delay rises
exponentially, because an advancement of the injection means that pressure and temperature
in the combustion chamber at SOI are further lowered. The effect of temperature and pressure
on the ignition delay is discussed for example in [55]. Figure 4.2 demonstrates that there is a
trade-off between the flammability of the air-NG mixture and the ignition conditions of the
diesel spray. While the CH4 emissions reduce with reducing λNG the ignition delay rises. The
discussed results refer to a load of BMEP=5bar. At lower loads this trade-off worsens as the
air-NG mixture becomes even leaner. The ignition conditions of the diesel spray deteriorate
to such an extent that the combustion phasing cannot be controlled by means of SOIDiesel
anymore when the intake manifold pressure is reduced. This trade-off prevents stable dual fuel
operation at λglobal=1 and light engine loads and causes the excessive HC emissions.
Another possibility to reduce λNG without reducing the intake manifold pressure is EGR.

However, similar relations as demonstrated in Figure 4.2 exist. Also the combination of EGR
and reduced intake manifold pressure is not successful, especially at loads below BMEP=5bar.
In [113] the effect of throttling and EGR on the CH4 emission and the diesel ignition conditions
is discussed for operation at BMEP=3bar.
Figure 4.3 displays the explained trade-off. It is a different representation of the same meas-

urement data depicted in Figure 4.2 and is complemented by measurements of a variation of
cooled and hot high-pressure EGR and the combination of throttling and EGR. Furthermore,
measurements of the DDI concept are depicted. A SOI sweep of the NG direct injection dis-
plays the effect of stratification. The CH4 emissions are significantly reduced while the ignition
delay remains constant. The trade-off is considerably improved. The addition of EGR further
decreases the CH4 emissions, however the ignition delay rises as Figure 4.3 shows.
The observed correlation with DDI can be explained by reviewing the conceptual represent-

ation of charge stratification. Figure 4.4 states the mixture preparation of air and NG directly
before the diesel injection in conventional dual fuel and DDI combustion. PFI of natural gas
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Figure 4.4: Conceptual representation of the distribution of the air-NG mixture in conventional dual
fuel combustion (left) and with DDI and charge stratification (right).
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Figure 4.5: Trends of the local air-NG equivalence ratio λlocal over the cylinder radius for homogen-
eous and stratified mixtures.

leads to a homogeneous air-NG mixture and thus to HC emissions from crevices, wall quenching
and also bulk quenching if the mixture is over-lean.

With DDI the attempt is made to capture the NG in the piston bowl leading to a stratified
air-NG mixture to prevent over-lean mixtures at low loads. Thus, bulk quenching is avoided,
but also HC emissions from crevices as no fuel is present in the region of the crevices. The DDI
concept is operated unthrottled resulting in a short ignition delay which remains unaffected by
increased stratification. Figure 4.4 displays perfect stratification with a sharp transition from
mixture to pure air. In a real engine there is of course a gradient thus at the borders of the air-
NG mixture over-lean regions exist which are a source of HC emissions also creating a ’floor’
of emissions which is an inevitable development. Figure 4.5 displays schematically the local
air-NG equivalence ratio λlocal over the cylinder radius for a homogeneous mixture, perfect
stratification and a more realistic stratification, likely to occur in a real engine. Compared to
the conventional DF combustion the operating limit is shifted towards lower loads as throttling
is not required with DDI. The HC emissions are reduced as less NG is trapped in crevices and
over-lean mixtures are avoided while maintaining favourable ignition conditions of the diesel
spray. This results in improved efficiency.
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4.2.1 Oxidation of Engine-Out CH4 Emissions

The aftertreatment of engine-out CH4 emissions is critical due to their magnitude and their
global warming potential (GWP) in relation to CO2 which is reported to be between 21 and
28 based on a horizon of 100 years and in reference to the literature [27, 94]. Due to its
high activation energy CH4 is particularly difficult to oxidise in an oxidation catalyst and high
exhaust gas temperatures are required in comparison to non-methane hydrocarbons (NMHCs).
Light-off temperatures of approx. 400 °C are reported for new methane oxidation catalysts
(MOCs) [4, 48, 58] and of approx. 450 °C to 560 °C for aged catalysts and in the presence
of sulphur [48, 93]. The exhaust gas aftertreatment in NG-diesel dual fuel combustion was
investigated in [115]. Figure 4.6 depicts the conversion of various hydrocarbons in an oxidation
catalyst in dependence of the temperature.

Figure 4.6: Conversion of various hydrocarbons in an oxidation catalyst in dependence on the tem-
perature [11].

4.3 The DDI Concept

To the author’s knowledge, natural gas-diesel dual fuel combustion featuring low-pressure
direct injection of NG has not previously been studied experimentally for a passenger car
engine. In this section the concept, the mechanical realisation, the experimental setup on the
engine test bench and the studied variants are discussed. Table 4.1 states characteristics of the
BMW B47C20O0 diesel engine which was adapted for the investigations. It is a modern 4-
cylinder engine which fulfils the Euro 6 emission standards. The engine features a swirl charge
motion. The intensity of the swirl motion can be altered by a swirl flap in one of the two intake
ports. The exhaust aftertreatment system (EAS) in the vehicle consists of a lean nitrogen oxide
trap (LNT) which also acts as a diesel oxidation catalyst and a diesel particulate filter. On the
engine test bench the EAS was not installed though. The series engine is calibrated for low
engine-out nitrogen oxide (NOx ) emissions to achieve Euro 6 emission limits with only a LNT
installed on the vehicle.
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Table 4.1: Parameters of the BMW B47C20O0 diesel engine which was adapted for the investigations
[1].

Cylinder 4
Displacement 1995 cm3

Bore / Stroke 84mm/90mm
Compression ratio 16.5
Valves per cylinder 4

Rated power 140 kW at 4000min-1

Rated torque 400Nm at 1750min-1

Technology

Common-rail system with 2000 bar
VNT turbocharger with intercooler
Cooled and hot high-pressure EGR

Swirl flap
Throttle valve
Euro 6 certified

A new and dedicated cylinder head was designed and machined with support of the man-
ufacturer to realise the DDI concept with low-pressure direct injection of natural gas. Other
components such as the crank case, the crank train and the piston remained unchanged. The
CNG injectors were supplied by Delphi. They are designed for a maximum injection pressure of
16 bar [38, 60, 102] and feature a hollow cone nozzle. Figure 4.7 depicts the fourth generation
of Delphi’s CNG DI injector.

Figure 4.7: The fourth generation of Delphi’s CNG DI injector [60].

Figures 4.8, 4.9 and 4.10 display the mechanical realisation of the DDI concept. The CNG
injector is located centrally, the diesel injector is installed eccentrically and inclined. In order
to accommodate botch injectors one exhaust valve per cylinder must be omitted. The config-
uration with central CNG injector was chosen due to mechanical constraints. The series diesel
injectors were replaced by injectors with a reduced flow rate of 200 cm3/30s, six nozzle holes
and an asymmetric spray pattern to account for the altered orientation. The asymmetric spray
pattern was required to ensure that all six jets penetrate the piston bowl.
Low-pressure direct injection was chosen, because of the intention to use CNG. For passen-

ger car applications CNG is preferred over LNG due to its higher availability and the easier
refuelling. Tank systems of available CNG vehicles operate at a maximum tank pressure of
200 bar. The CNG injection system of available vehicles is directly fed from the tank without a
compressor in between as all available vehicles feature PFI of CNG with an injection pressure
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Figure 4.8: Top view of the crank case of the DDI concept. The valves and injectors are added to
this view (blue – intake valves, red – exhaust valve, green – NG injector, grey – diesel
injector).

Figure 4.9: Cross-section of the combustion system of the DDI concept.

of maximum 10 bar. This makes a compressor between tank and injection system obsolete [88].
This means, however, that the injection pressure is affecting the cruising range of the vehicle.
Once the tank pressure approaches the injection pressure the tank needs to be refilled although
it is not fully depleted. A low-pressure system with a maximum injection pressure of 16 bar
was decided on for this reason. However, the injection pressure also affects the degree of charge
stratification which can be achieved as Figure 4.11 demonstrates. For a stable and repeatable
NG injection the pressure gradient across the injector nozzle must be supercritical. According
to [19] the critical pressure ratio for methane is 0.542 which means the cylinder pressure must
be below 8.7 bar during the injection. This value is reached at −46 °CA for average intake
manifold conditions of 1.2 bar and 80 °C. Thus the latest possible SOING is approx. −70 °CA
for typical injection durations of 20 °CA. This means with low-pressure DI moderate charge
stratification becomes feasible.
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Figure 4.10: Top: The DDI cylinder head. Bottom left: Bottom view of the DDI cylinder head.
Bottom right: Bottom view of the SI cylinder head.

n = 1750 min-1  BMEP = 5 bar  pintake = 1.2 bar  Tintake = 80 °C

Crank angle / deg

-360 -300 -240 -180 -120 -60 0 60

C
yl

in
d

e
r 

p
re

ss
u

re
 /

 b
a

r

0

10

20

30

40

50

60

70

80

pNG = 16 bar

EOI

pkrit = 8.7 bar

SOI

Figure 4.11: The latest possible NG injection timing in dependence of the injection pressure and the
cylinder pressure.
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4.4 Methodology

The approach followed to investigate the DDI combustion process and the experimental setup
is outlined in this section. The investigations were carried out on the engine test bench by
measurements in four stationary load points as stated in Table 4.2. Since the challenge in
dual fuel combustion is to improve the low load operation two low load and two medium
load operating points were chosen. Figure 4.12 depicts the investigated load points and the
frequency of load points during a trip with a BMW 320d (F31) according to the specifications
of the future real driving emissions (RDE) legislation. The load points 1500/3 and 1750/5
in particular are characteristic for real world driving. The RDE measurements processed in
Figure 4.12 were conducted at this institute and kindly provided.

Table 4.2: Examined load points and the corresponding short form.

BMEP / bar Engine speed /min-1 Short form

3 1500 1500/3
5 1750 1750/5
11 2000 2000/11
15 1750 1750/15

Outline

The conducted work can be subdivided in six steps:

1. At first variations of the individual application parameters were performed to investigate
basic correlations of the DDI concept. The most important application parameters were
thus identified.

2. Subsequently the calibration in the four stationary load points was optimised with regard
to fuel efficiency, CO2 emissions and engine-out pollutant emissions. Due to the vast
number of parameters design of experiments (DOE) was used to narrow the space of
optimal operation. The final optimisation was performed manually starting from the
DOE optimum.

3. In a next step hardware parameters as the compression ratio were manipulated to identify
their influence on the combustion process. The calibration was optimised for each hard-
ware variation again.

4. For the best hardware configuration an operating strategy was developed for the relevant
area of the engine operating map (see Figure 4.12).

5. One of the most interesting questions to answer is the benefit of DDI over other (conven-
tional) combustion processes. Thus, also the series diesel operation, conventional dual
fuel combustion and monovalent natural gas spark ignited operation with direct injection
were examined on the same base engine (see Table 4.3).
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6. Finally, the optimised DDI combustion process was compared with these combustion
processes.

Analysed Combustion Processes

Apart from the DDI concept also other combustion processes were investigated on the same
base engine. This has the advantage that the boundary conditions and main parameters of
the engine remain identical to ensure the comparability of the results. Table 4.3 lists all ex-
amined setups. In addition to the series diesel operation and the DDI concept conventional
DF combustion was also investigated. The series diesel cylinder head was installed in com-
bination with a prototype intake manifold for these investigations. The intake manifold was
equipped with eight Bosch NGI2 injectors for port fuel injection of natural gas. The injectors
are designed for a maximum rail pressure of 10 bar. The investigations of conventional DF
combustion were conducted by my colleagues Florian Sprenger and Rudolf Wichtl. Further-
more, spark ignited monofuel operation with CNG direct injection was investigated. The diesel
injectors (Figures 4.8 and 4.9) were replaced by conventional spark plugs of the type Bosch
ZMR5TPP330 for this purpose.

Table 4.3: Overview of the combustion processes investigated on the identical base engine.

Diesel Conventional DF DDI CNG DI SI

Compression ratio 16.5 16.5 16.5 / 14.5 14.5
Fuel Diesel Diesel & CNG Diesel & CNG CNG
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Experimental Setup

Figure 4.13 depicts the setup on the engine test bench. The oil temperature, the coolant tem-
perature and the air temperature at the intercooler outlet were conditioned on the test bench.
A torque transducer was used to determine the engine torque. The CNG and diesel flow rates
were measured by Coriolis flow and density meters. The engine was equipped with cylinder
pressure indication on all four cylinders, indication of the intake and exhaust manifold pres-
sure and the CNG rail pressure. Furthermore, the engine-out emissions were analysed by an
emission bench. The soot was also characterised by determining the opacity of the exhaust
gas. In order to determine the amount of EGR the CO2 concentration in the intake manifold
was also measured. A list of all the measurement devices is given in AppendixA. Furthermore,
access was provided to the internal measurands of the engine control unit (ECU). The CNG
injectors were actuated by a separate engine timing unit and a driver unit. The diesel injectors
and all other actuators (variable nozzle turbine, throttle valve, EGR,...) were manipulated by
write access to the series ECU.

Figure 4.13: The experimental setup on the engine test bench.

For all experiments CNG with a CH4 share between 96% and 99% was used. The CNG
was provided by cylinder bundles of 600 litre and 200 bar. The composition of each lot was
analysed with a gas chromatograph to determine the lower heating value. Table 4.4 gives the
average composition of the natural gas used, the average lower heating value was 48.9MJ/kg.
By means of a pressure regulator the CNG pressure was reduced to 16 bar and fed to the
engine. It was kept constant at 16 bar throughout all measurements of the DDI system to
enable maximum stratification. The net heat-release rates, where stated, were calculated from
the measured cylinder pressure traces with the software AVL Concerto.

Table 4.4: The average composition of the used natural gas.

CH4 C2H6 C3H8 C4H10 CO2 N2

Mole fraction νi /% 97.9 0.6 0.2 0.15 0.15 1.0
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4.5 Results

The most important findings are reviewed in this section. The results are discussed in the same
sequence as stated in the outline in Section 4.4.

4.5.1 Influence of Application Parameters

As DDI is a new concept and no literature exists about how to build on it, the essential issue
here was to investigate the fundamental correlations between the application parameters and
the combustion process. Subsequently, only those parameters are reviewed which exhibit a
significant influence. Their effect on the HC emission was published to some extent earlier in
[36]. In this section a more detailed analysis is given.

Natural Gas Energy Fraction xNG

One of the obvious parameters to study in natural gas-diesel dual fuel combustion is the ratio
between the two fuels. It is expressed by the natural gas energy fraction xNG. Figure 4.14
displays a variation of xNG between 0% (diesel only) and 90% which corresponds to a diesel
injection of 1.7mg. The results are depicted for the load point 1750/5 and intake manifold
pressures of 1030mbar and 1200mbar. The measurements are conducted without EGR. The
commanded start of NG injection SOING is set to −160 °CA which means the charge is not
stratified. SOIDiesel is adjusted to keep MFB50 constant at 11 °CA. A single diesel injection is
used throughout the investigations of the DDI concept. This remains valid also for the case of
xNG=0%.
The air-NG equivalence ratio λNG is reduced as the mass of natural gas increases. This

relation is very basic, but it already illustrates that high NG energy fractions are necessary.
Firstly to facilitate a high CO2 reduction potential (Figure 1.4 b) and secondly to reduce λNG

which is imperative for low CH4 emissions as discussed in Section 4.2. The reduction of λNG,
however, is not sufficient. The upper flammable limit of 2.1 is exceeded independent of xNG

at an intake manifold pressure of 1200mbar and barely achieved at 1030mbar. Consequently,
the HC emissions rise with increasing xNG as the air-NG mixture is too lean. The more NG
is introduced the more NG remains unburned. This trend ends at close to 30 g/kWh, because
the measurement range of the emission bench is exceeded at this point. The HC emissions rise
with less strength at the lower intake manifold pressure, because λNG is also lower.
The CO emissions exhibit a similar trend, however they peak at xNG=70% and reduce

again at higher NG energy fractions. The soot emissions are expressed by the filter smoke
number (FSN) which ranges from 0 to 10. The soot is reduced to almost zero as with increasing
xNG the injected diesel quantity is reduced and together with this the significance of the
non-premixed diesel combustion decreases. At the same time the NOx emissions rise only
moderately. This indicates that the soot-NOx trade-off which exists in conventional diesel
engines does not apply to DF combustion if the injected diesel quantity is small.
The combustion duration is calculated as the difference between MFB90 and MFB05. The

ignition delay is the difference between the commanded SOIDiesel and MFB05. The combustion
duration reduces with increasing xNG while the coefficient of variation of the IMEP (COVIMEP)
rises. It is assumed that the cause of both observations is the decreasing diesel mass. Thus
the combustion regime shifts from the mixing-controlled and non-premixed diesel combustion
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Figure 4.14: Variation of the NG energy fraction xNG in the load point 1750/5 at two different intake
manifold pressures.

towards a premixed combustion of natural gas (modes II and III in Figure 3.2), which is
controlled by the reaction kinetics and in general evolves faster. Furthermore, with decreasing
diesel mass the ignition energy reduces proportionally and bulk quenching due to the over-lean
air-NG mixture becomes more dominant. Both effects result in an increase of COVIMEP. The
rise of the ignition delay is assumed to be caused by the reduction in λNG. The concentration
of oxygen in the charge reduces and thus the diffusion and reaction of oxygen and diesel slow
down.

Figure 4.15 depicts the net heat-release rate, the electric signal of the diesel injection and
the cylinder pressure for the case of pintake=1030mbar and NG energy fractions of 0%, 70%
and 90%. The large peak of the premixed combustion (mode I in Figure 3.2) is well observed
for a NG energy fraction of 0% and 70% since only a single diesel injection is used. The
peak is higher at 70% because of the larger ignition delay. At 0% the asymmetric shape
of the heat-release rate characteristic for non-premixed combustion is distinctive. At 70% a
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Figure 4.15: The net heat-release rates and cylinder pressure traces for natural gas energy fractions
xNG of 0%, 70% and 90% at an intake manifold pressure of 1030mbar.

small second increase at 12 °CA is observed while the general shape still resembles the shape
of non-premixed combustion. At a NG energy fraction of 90% the premixed peak is barely
distinguishable due to the small amount of diesel injected and the shape is more symmetric
indicating the dominance of premixed combustion.
To conclude, the variation of the NG energy fraction xNG reveals the importance of high NG

shares to lower the air-NG equivalence ratio λNG. Furthermore, the soot emissions are reduced
to almost zero in natural gas-diesel dual fuel combustion if the diesel quantity is small. The
shape of the heat-release rate is similar to the heat-release rate in premixed combustion,
indicating that the regime of premixed combustion is prevailing if the diesel quantity is small.
Finally, the major challenge in DF combustion are high HC emissions resulting from an over-
lean air-NG mixture.

Start of NG Injection SOING

Another obvious parameter to investigate is the injection timing of NG described by the com-
manded start of NG injection SOING. This affects the mixture preparation of the air-NG
mixture. By altering SOING a homogeneous or stratified charge can be realised.
Charge stratification as a measure to reduce the local stoichiometry is only meaningful at

globally lean mixtures. If there is a choice between stoichiometric, homogeneous operation and
lean, stratified operation, the stoichiometric operation is beneficial in dual fuel combustion
from an emissions point of view. In stoichiometric operation a three-way catalyst can be used
and the exhaust gas temperature is high enough to convert potential engine-out CH4 emissions.
The challenge of high CH4 emissions only exists in operating points where a stoichiometric

operation is not feasible as detailed in Section 4.2. Thus, before investigating the effects of
charge stratification it is first necessary to determine at which load points stratification is in
any case required. Figure 4.16 gives the global air-fuel equivalence ratio λglobal and the intake
manifold pressure without EGR and throttling in the four investigated load points (Table 4.2).
If pintake equals the ambient pressure the mixture is globally lean only in the load points 1500/3
and 1750/5. At 2000/11 and 1750/15 the intake manifold pressure must be raised to avoid rich
conditions. Thus only at 1500/3 and 1750/5 charge stratification for a reduction of the local
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Figure 4.16: The global air-fuel equivalence ratio λglobal without throttling and EGR in dependence
of the load.

stoichiometry is required while at 2000/11 and 1750/15 a stoichiometric mixture is feasible
without additional measures such as EGR.
Figure 4.17 demonstrates a variation of SOING between −300 °CA and −90 °CA for the load

points 1750/5 and 2000/11. The load point 1750/5 is first discussed. Results without EGR
and an intake manifold pressure of 880mbar and with 35% EGR and pintake=1015mbar are
depicted. Without EGR the air-NG equivalence ratio is approx. 1.9, with EGR it is approx. 0.5
units lower. As detailed in Section 4.2 retarding the NG injection is a measure to stratify the
air-NG mixture and thus the local air-NG equivalence ratio is reduced. Thereby, a remark-
able reduction of the HC emission is achieved. Without EGR the HC emission is reduced from
19 g/kWh to 7 g/kWh, which is a reduction of 63%. At SOING =−90 °CA λbowl is 1.67 which
is 0.4 units lower than the air-NG equivalence ratio. This gives an indication for the reduc-
tion of the local equivalence ratio. The relative reduction is almost independent of EGR. At
SOING =−100 °CA the HC emission is reduced by another 3 g/kWh with EGR. In this case
λbowl is lowered to 1.18. The results confirm the positive effect of NG direct injection on the
HC emission at low load operation. An interesting effect occurs at SOIs between −200 °CA
and −180 °CA. An increase of the HC emission is observed in both cases. It is assumed that
this rise results from unfavourable mixing or from unfavourable conditions during the diesel
injection. For a detailed investigation of the observed effect, 3D CFD simulations would be
required.
The reduction of the HC emission is achieved without reducing the intake manifold pressure.

Thus, the ignition conditions of the diesel spray remain unchanged and the ignition delay
remains constant. Consequently, the trade-off between CH4 emissions and ignition delay is
improved significantly as depicted in Figure 4.3. The reduction of the HC emission also reflects
in the net indicated efficiency ηi,n. The air-NG equivalence ratio λNG rises slightly as less
natural gas is injected with increasing efficiency. The smoke emission also peaks at −180 °CA,
but overall remains on a low level.
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Figure 4.17: The influence of the start of NG injection SOING on combustion characteristics in the
load points 1750/5 and 2000/11.

The effect of stratification on the CO emissions is ambivalent. Starting from a comparable
level they reduce by 40% in the case of no EGR. In case of EGR they increase by 30%. The
increase is an indication for fuel rich zones in the combustion chamber as the air-NG equivalence
ratio is lower by approx. 0.5 with EGR. The NOx emission is below 1 g/kWh with EGR. It
increases by 30% without EGR as the injection is retarded and the local air-fuel equivalence
ratio is reduced. The trend of the combustion duration supports the previous statements. The
combustion duration decreases without EGR which indicates an improved combustion. The
combustion is slower with EGR resulting from a lower combustion temperature and increases
significantly after −140 °CA. This rise is again assumed to result from fuel rich zones.
Figure 4.18 depicts the net heat-release rate and the cylinder pressure at three injection

timings for the measurement without EGR. The shape of the heat-release rate is similar to
an SI combustion process and the combustion accelerates up with retarded SOING. This is
another indication that with increasing stratification the combustion improves. Compared to
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Figure 4.18: The net heat-release rate and the cylinder pressure for different NG injection timings in
the load point 1750/5 without EGR.

the case of xNG=90% in Figure 4.15 the shape of the heat-release rate is more symmetrical
and the heat-release is faster. This is caused by the lower intake manifold pressure and thus the
lower air-NG equivalence ratio. Evidence for this correlation will be given in the next section.
The correlations are fundamentally different in the load point 2000/11 in which a stoi-

chiometric and homogeneous operation is pursued. The intake manifold pressure is adapted
in order to achieve a global air-fuel equivalence ratio of unity. EGR is not applied. All char-
acteristics indicate that best homogeneity of the air-NG mixture is achieved with the earliest
SOING of −300 °CA. At later injection timings the net indicated efficiency reduces and the HC
and CO emissions rise.

Exhaust Gas Recirculation

It was demonstrated that high natural gas energy fractions are required and in lean operated
load points late NG injection is also necessary to stratify the charge and reduce the local air-
NG equivalence ratio. EGR is another measure to further reduce the air-NG equivalence ratio.
The effect of cooled and hot EGR is investigated. An alternative measure to reduce λNG is the
reduction of the intake manifold pressure by means of throttling. In order to compare these two
approaches with each other the results in Figure 4.19 are plotted against the air-NG equivalence
ratio. The measurements are conducted with stratified air-NG mixture at SOING =−100 °CA.
MFB50 is set to 11 °CA. In the lower right part of Figure 4.19 the influence on the stoichiometry
is displayed. With 35% EGR resp. 680mbar intake manifold pressure λbowl is approx. 1.1. It
must be assumed that under this condition NG rich zones exist in the piston bowl as λbowl

describes an idealised situation. In the lower left part the pollutant emissions are depicted.
Throttling is the most effective measure to reduce the HC emission. A decrease from above
15 g/kWh to 4 g/kWh is achieved. With hot EGR a reduction to 6 g/kWh is achieved. Cooled
EGR is less effective regarding the reduction of HC emissions. A minimum HC emission of
10.5 g/kWh is achieved at λNG=1.65 which corresponds to 30% EGR. At higher EGR rates
a steep increase in the HC emission is observed. The trend of the CO emissions is similar for
all three variants. The CO emissions remain almost constant at around 5 g/kWh and soar at
air-NG equivalence ratios smaller than 1.6. The rise in HC as also CO emissions is an indication
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Figure 4.19: The influence of EGR and a reduced intake manifold pressure on the combustion in the
load point 1750/5.
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for NG rich zones which start to occur in the piston bowl. This means in stratified operation
at an injection timing of SOING =−100 °CA the limit of reducing the air-NG equivalence ratio
is reached at approx. 1.6 which corresponds to λbowl=1.3. In the load point 1500/3 (data not
depicted) this rise is not observed, because at 40% EGR and pintake=1000mbar the air-NG
equivalence ratio is still 2.0 due to the lower load.
Soot is almost not present at high air-NG equivalence ratios. The soot emission starts to

rise at air-NG equivalence ratios below 1.8 only in the case of hot EGR. The trend is related to
the decreasing oxygen concentration. Due to the lean operation oxygen is also present in the
exhaust gas which is recirculated during EGR and influences the air-fuel equivalence ratio in
the combustion chamber. The density of hot EGR is lower than of cooled EGR which means
that for a given intake manifold pressure and a given mass of fresh air less exhaust gas is
recirculated. This entails less oxygen being recirculated with hot EGR resulting in a lower
air-fuel equivalence ratio in the combustion chamber. It explains why the soot emissions start
to rise only in the case of hot EGR. Another possible cause is an uneven distribution of EGR
among the cylinders due to changes in the flow field when the EGR cooler is bypassed.
A significant difference between throttling and the addition of EGR is clearly observed in the

NOx emissions. These are reduced to below 1 g/kWh with EGR while by throttling the NOx

emission increases to a maximum of 8.5 g/kWh. This trend results from a higher combustion
temperature with throttling as the amount of inert mass in the cylinder is lower compared
to EGR and the heat-release evolves faster. The rise of the exhaust gas temperature (EGT) is
explained in a similar manner. By reducing pintake the in-cylinder mass is reduced and therefore
the temperature rises during combustion. The rise due to the addition of EGR is attributed
to different causes. Firstly, the charge temperature increases which also affects the exhaust
gas temperature. Secondly, the in-cylinder mass reduces, as higher temperatures at constant
pressure result in lower mass. Thirdly, the more complete combustion also adds to the rise of
the exhaust gas temperature.
The pumping mean effective pressure (PMEP) and the net indicated efficiency are presented

in the top left of Figure 4.19. While the gas exchange losses remain almost unaffected by EGR
they increase considerably by throttling as the intake manifold pressure is lowered. This affects
the net indicated efficiency negatively which continuously decreases although the completeness
of the combustion increases. At equivalence ratios smaller than 1.65 also with EGR a reduction
of ηi,n is observed. This reduction is related to the presence of NG rich zones and all its
consequences as explained above.
Finally, in the top right part COVIMEP, the ignition delay and the combustion duration

are depicted. The COVIMEP confirms that at the investigated NG injection timing no stable
operation is feasible at air-NG equivalence ratios below 1.65 with cooled EGR. With hot EGR
and throttling, however, the variation also starts to rise. The trend of the ignition delay is
explained by a deterioration of the ignition conditions of the diesel spray due to the lower
oxygen availability. In the case of throttling the ignition conditions worsen additionally due
to the lower pintake. The rise of the ignition delay is less pronounced with hot EGR than with
cooled EGR, because of the higher charge temperature.
The combustion duration is influenced by the combustion temperature, the oxygen concen-

tration and the turbulence intensity. The trend is inverse to the trend of the NOx emission.
The overall cylinder charge is reduced with throttling and therefore the combustion temper-
ature rises, which reduces the combustion duration until two other effects dominate. With
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increasing throttling the turbulence intensity and the oxygen availability are reduced, both
of which factors prolong the combustion duration. In case of EGR the reduction of the oxy-
gen availability seems to dominate from the beginning as the combustion temperature is less
affected.
To conclude, the investigation shows that a reduction of the intake manifold pressure and

hot EGR are effective measures to reduce the HC emission by means of a reduction of the
air-NG equivalence ratio. However, the reduction of pintake entails negative effects on the gas
exchange losses and the NOx emission which is particularly critical due to the globally lean
operation. Depending on the degree of stratification a lower limit for the air-NG equivalence
ratio exists below which NG rich zones start to exist. This appears in a steep rise of CO and
HC emissions and ultimately in unstable engine operation.

Combustion Phasing – MFB50

The influence of the combustion phasing in stratified DDI combustion is investigated in this
paragraph. The combustion phasing is described by MFB50. Figure 4.20 displays a variation
of MFB50 in the load point 1750/5. Measurements without EGR and with 20% cooled EGR
are displayed. The start of NG injection is set to −100 °CA. The intake manifold pressure is
constant at 1030mbar in both cases thus the air-NG equivalence ratio with EGR is lower by
approx. 0.5 units. EGR does not influence the general trends, but due to the lower oxygen
concentration and the lower total in-cylinder mass (due to a higher charge temperature) the
absolute values differ.
Both, the HC and the CO emission reduce almost linearly with advancing MFB50. Two

effects are assumed to be responsible for the exhibited trend. The stratification of the air-
NG mixture deteriorates with more time elapsing between the end of the NG injection and
SOIDiesel. This results in larger zones with over-lean mixtures leading to an increase in HC
emissions. Furthermore, since the mixture is lean high temperature and pressure are crucial
for the oxidation of the fuel. Due to the downwards piston movement in the expansion stroke
pressure and temperature reduce as the piston moves downwards. Advancing MFB50 thus
means the combustion evolves closer to TDC where pressure and temperature are higher. In
addition the peak cylinder pressure also rises (top right part of Figure 4.20), which leads to
an even stronger increase of pressure and temperature [55]. This effect can also be observed
in the decreasing combustion duration and the reducing cycle-to-cycle variations. The lower
HC and CO emission with EGR is attributed to the lower air-NG equivalence ratio. The NOx

emission rises steadily with advancing MFB50 due to the higher cylinder temperature during
the combustion.
The exhaust gas temperature decreases with earlier MFB50 as the combustion evolves earlier.

The influence of EGR on the exhaust gas temperature was already discussed in the section
of exhaust gas recirculation. Due to the higher charge temperature with EGR the total in-
cylinder mass reduces as the intake manifold pressure is maintained. This results in a higher
combustion temperature. The gross indicated efficiency ηi,g is a quantity characteristic for the
combustion efficiency. With earlier MFB50 a rise in ηi,g is observed before a flat optimum is
reached at approx. 5 °CA and 45%. The increase results from a reduction of the HC emission,
but also from the influence of the combustion phasing on the brake torque [55].
In the load point 2000/11 (data not depicted) the influence of MFB50 on the HC emission
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Figure 4.20: Variation of the combustion phasing described by MFB50 in the load point 1750/5 with
and without cooled EGR.

and therefore the fuel efficiency is less pronounced as the DDI engine is operated stoichiomet-
rically and homogeneously at 2000/11 and the conditions for the fuel oxidation are thus more
favourable.

Diesel Rail Pressure

The diesel rail pressure (pDiesel) has a considerable influence on the penetration length of the
diesel spray, the jet breakup and the atomisation, the diesel evaporation and thus the mix-
ture formation and ignition of the air-fuel mixture. It is therefore another obvious parameter
to investigate. Figure 4.21 shows a variation of the diesel rail pressure between 400 bar and
800 bar. The injected diesel quantity remains constant at 2.7mg. Analogue to the correlations
in conventional diesel combustion [55] and consistent with findings in conventional dual fuel
combustion [105] an increase of the diesel rail pressure reduces the ignition delay. It is attrib-
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Figure 4.21: Variation of the diesel rail pressure in the load point 1750/5.

uted to improved entrainment of air, smaller droplets and thus a faster evaporation. A second
effect amplifies the reduction of the ignition delay. SOIDiesel must be retarded to maintain a
constant MFB50 of 12 °CA as the ignition delay reduces. This means the diesel injection is shif-
ted towards higher pressure and temperature in the cylinder which further reduces the ignition
delay. Figure 4.22 displays the net heat-release rate and the electric diesel injection signal for
400 bar and 800 bar rail pressure. It is observed that only the first part of the heat-release
rate is accelerated with increasing rail pressure. After 20 °CA the heat-release rates evolve
identically. Furthermore, the first peak of the heat-release rate is more pronounced and higher.
According to the combustion model stated in [65] and discussed in Section 3.2.1 this implies
that the combustion of the diesel pilot injection (mode I) is enhanced while the subsequent
combustion of NG which depends on flame propagation (mode III) is not significantly influ-
enced. This finding converges with results in [100] where a method was developed to quantify
the shares of the three combustion modes. It was demonstrated that an increase of the rail
pressure increases the fraction of the pilot combustion due to a faster evaporation of the diesel
and increased entrainment of air and natural gas and thus improved mixing. The accelera-
tion of the initial part of the heat-release rate is also observed in Figure 4.21 as the duration
between MFB05 and MFB50 decreases. A distinct trend of the cycle-to-cycle variations is not
identified.
The influence on the emissions is depicted in the left part of Figure 4.21. A significant

influence on the NOx and the CO emission is not observed. The soot emission reduces further
with increasing rail pressure from an already very low level. This indicates that soot results
from the combustion of diesel. An increase of the rail pressure is an established method to
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Figure 4.22: The net heat-release rate and the electric diesel injection signal for different diesel rail
pressures.

reduce soot in conventional diesel combustion as the mixture formation and the entrainment
of air is enhanced [55]. It is also a viable measure to reduce soot in the DDI concept due to the
same mechanisms. However, due to the small diesel quantity the level of soot in DF combustion
is lower by one order of magnitude compared to diesel combustion.
Furthermore, a distinct reduction of the HC emission from 13 g/kWh to 11 g/kWh is noted.

Again due to the improved mixture formation of diesel larger quantities of NG are entrained and
more NG is located in the vicinity of the premixed fraction. Optical measurements conducted in
[105] for different rail pressures with an air-NG equivalence ratio of 2.7 confirm that with higher
rail pressures larger areas of the piston bowl are covered by the combustion. It is attributed
to larger ignition sites caused by the improved diesel evaporation. Furthermore, observations
made in [135] suggest that the rail pressure influences the location of the ignition sites and
the direction of the subsequent flame propagation fundamentally (Figure 3.3). This may also
impact the size and location of unburned zones.

Charge Motion

The base diesel engine has two intake ports. One is designed as helical (filling) duct for high
volumetric efficiency and one as tangential swirl duct for high swirl motion. The intake air can
be directed to the swirl duct by closing a flap located before the filling duct. With open flap
the air flows through both ducts. By closing the flap more air is flowing through the swirl duct.
Thus, the in-cylinder swirl motion is adjusted to the particular requirements. Furthermore,
due to the piston bowl and the large squish area, a squish motion is superimposed on the swirl
motion as the piston moves towards TDC. This means the charge is forced into the piston bowl
which has a smaller radius than the cylinder bore. Due to the equilibrium of momentum the
angular velocity increases with decreasing radius, intensifying the swirl motion around TDC.
Figure 4.23 displays a variation of the swirl flap position in the operating point 1750/5. Higher
values correspond to an increase of the swirl motion. The air-NG mixture is stratified as SOING
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Figure 4.23: Variation of the swirl flap position in the load point 1750/5.

is set to −100 °CA. The intake manifold pressure is constant at 1030mbar.
The smoke emission remains unaffected and close to zero. The CO and NOx emissions exhibit

an increase at swirl flap positions higher than 50%. The increase in CO is weak while the
increase in NOx is significant. Simultaneously, the HC emission decreases remarkably by 35%
or almost 7 g/kWh. In addition, the combustion duration and the cycle-to-cycle variation
reduce while the ignition delay rises with increasing swirl. The air-NG equivalence ratio λNG

reduces, because the volumetric efficiency is reduced by closing the swirl flap. This is also
expected to influence the HC emission positively. Thus the reduction in HC results not only
from an increase in swirl. The influence of swirl on the HC emission is confirmed, however,
as λNG is affected only at positions above 60% while the HC emission is already reduced
previously.
It is noticeable that for all quantities depicted an influence of the swirl flap is only observed

for positions higher 50% except for the HC emission. This results from the chosen load point
and the characteristic of the flap. The air mass flow is low as the engine speed and the load
are low also. In addition, the cross-section of the filling duct does not reduce linearly with the
swirl flap position. Thus significant quantities of air are redirected and channelled through the
swirl port and intensifying the swirl motion only above 50%. The increase in NOx as also the
reduction in HC is attributed to improved mixing and a faster combustion due to the increased
charge motion and turbulence. This is confirmed by the reduction of the combustion duration
and the cycle-to-cycle variation.
The trend of the combustion duration with a minimum at 70% is discussed by reference to

the net heat-release rates displayed in Figure 4.24 for swirl flap positions of 0%, 70% and 85%.
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Figure 4.24: The influence of different swirl levels on the net heat-release rate.

The level of swirl significantly influences the shape of the heat-release rate, as also its peak.
The ignition delay is prolonged with higher swirl which leaves more time for the evaporation
of diesel and mixing with air and NG. This increases the fraction of pilot combustion (mode
I) and leads to a higher peak of the heat-release rate. Even more pronounced is the effect on
the subsequent combustion of NG, which is significantly accelerated and results in an almost
symmetric shape of the heat-release rate. The higher calculated combustion duration with
85% swirl compared to 70% results from a slightly lower heat-release rate after 10 °CA and is
not relevant as the heat release-rates illustrate.
In conclusion it can be stated that a positive influence of swirl on the combustion is observed.

It is emphasised, however, that on the basis of this investigation it is not yet understood if swirl
is the optimal charge motion pattern for the DDI concept. More information on the influence
of different charge motion patterns on the combustion of the DDI concept is given in [115].

4.5.2 Optimised Parameter Set

As demonstrated in Section 4.5.1 there are more than six application parameters to optimise
in stratified operation thus opening up a large design space. In order to find the optimum
efficiently DOE was used. The optimisation is demonstrated on an exemplary basis for the
load point 1750/5. Using the response surface methodology (RSM) a D-optimal quadratic
model was created with five input factors and several responses by means of the software
MODDE v9.1. D-optimal means that the experimental design is created in a way to maximise
the information for a given number of experiments and thus reducing the number of required
measurement points. Another advantage is that constraints can be added to exclude certain
areas of the design space [126]. In order to assess the reproducibility of the measurements
additional measurement points were added for validation. The input factors and their domain
are: cooled EGR (0%...40%), SOING (−260 °CA...−80 °CA), pintake (800mbar...1200mbar),
swirl (30%...90%) and MFB50 (6 °CA...12 °CA). The model is valid for a NG energy fraction of
85%. A constraint was added to limit the amount of EGR in dependency of the intake manifold
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Figure 4.25: The constraint of EGR in dependency of the intake manifold pressure implemented in
the DOE model.

pressure as depicted in Figure 4.25 to avoid instable operation due to excessive cycle-to-cycle
variations. The most important responses of the DOE model are the unburned species ∆ζIC
and the NOx emission. The unburned species are chosen over the HC emission as they aggregate
the HC and CO emissions and describe the total losses due to incomplete combustion. The
model generally considers all quadratic terms and all two-factor interactions for each response.
The chosen fitting method was multiple linear regression (MLR). The algorithm minimises the
sum of squares of the residuals and fits one response at a time. It assumes the responses to
be independent from each other [126]. The significance of each model term was then assessed
by comparing its influence and the calculated confidence interval. Non-significant terms were
excluded.
The created model states minimum ∆ζIC at maximum NG stratification as also demonstrated

in the previous section. Figure 4.26 depicts the ∆ζIC response of the DOE model over EGR and
MFB50 for intake manifold pressures of 1000mbar and 1200mbar. SOING is set to −80 °CA and
the swirl flap is set to 60%. Two different optimisation criteria are employed. The first criterion
is minimum ∆ζIC. Minimum unburned species are achieved at early combustion phasing and
low intake manifold pressure in combination with highest permissible EGR which results in
the lowest air-NG equivalence ratio for a given pintake (Figure 4.26). However, since the charge
is globally lean in this load point also the NOx emission is of importance, as the exhaust gas
aftertreatment of NOx in lean operation is critical. In a second step thus the unburned species
are optimised under the condition of a maximum permissible NOx emission of 0.4 g/kWh. This
approximately equals the engine-out NOx of the base diesel engine in this load point. The
minimum NOx emission occurs at maximum charge dilution (40% EGR and 1200mbar intake
manifold pressure) and late combustion phasing. Hence, the optimum of the second criterion is
found in the area spanned by the points of minimum ∆ζIC and minimum NOx (green triangle
in Figure 4.26). It is located at maximum charge dilution and early combustion phasing.
The parameter combinations found by means of DOE were validated and fine-tuned ex-

perimentally on the engine test bench. Figure 4.27 displays the measurement results of these
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Figure 4.26: The unburned species ∆ζIC calculated with the DOE model in the load point 1750/5
with SOING =−80 °CA, 60% swirl and xNG =85%.

final optima in the load point 1750/5. The corresponding application parameters are stated in
TableB.1 in AppendixB. The DOE optima prove very to be accurate. The biggest difference
compared to the DOE optimisation is that in the case of minimum ∆ζIC hot EGR is deployed
instead of cooled EGR, but this differentiation was not included in the DOE model.
Minimum unburned species of 1% are achieved in this load point. This corresponds approx-

imately to HC and CO emissions of 2 g/kWh each. However, the NOx emission reaches almost
5 g/kWh. Limiting the NOx to 0.4 g/kWh requires a reduction larger than one magnitude. As
a consequence the unburned species double to 2%. This is still within the range of typical
gasoline SI engines. The HC emissions alone of gasoline SI engines are reported to account
for 1% to 2.5% of the fuel energy [55]. The net indicated efficiency ηi,n reaches 42.5% and
43% respectively. These results demonstrate the remarkable potential of the DDI concept to
improve natural gas-diesel dual fuel combustion in low load operation. The exhaust gas tem-
perature is low and between 305 °C and 355 °C, owing to high EGR, the lean charge and the
high compression ratio of 16.5. The effect of hot EGR is observed in the combustion duration
which is considerably shorter than with cooled EGR.
The same optimisation was performed for the load point 1500/3. Again TableB.1 states the

application parameters for the derived calibration. Figure 4.28 displays a comparison of the
operation calibrated for minimum ∆ζIC at low NOx in the load points 1500/3 and 1750/5. At
1500/3 the NOx emission is 0.6 g/kWh which equals the engine-out NOx emission of the base
diesel engine in this load point. At 1500/3 the HC emission increases by 3 g/kWh to 6.5 g/kWh.
Also the CO emission rises by 3 g/kWh to 8 g/kWh. Thus, the unburned species increase from
2% to 3.5%. The main reason is the leaner charge at this load point. The air-NG equivalence
ratio rises from 1.6 to 2.1. This corresponds to λbowl of 1.3 resp. 1.7 under the condition of
ideal charge stratification. This reveals that low load operation remains critical also with the
DDI concept, however the effects are mitigated. The net indicated efficiency remains high at
41.6%. The exhaust gas temperature decreases further to 250 °C which is regarded as large
challenge for any kind of exhaust gas aftertreatment.
As discussed in Section 4.5.1 in dual fuel combustion charge stratification is only meaningful
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1750/5   Minimum ∆ζIC         Minimum ∆ζIC at NOx ≤ 0.4 g/kWhSOING =  −80 °CA xNG = 85 %
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Figure 4.27: Measurement results of the optimised DDI operation in the load point 1750/5.

  1500/3         1750/5      Optimisation criterion: Minimum ∆ζIC at low NOx
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Figure 4.28: Comparison of the operation in the load points 1500/3 and 1750/5 optimised for min-
imum ∆ζIC at low NOx .

if homogeneous and stoichiometric operation is not feasible. Since in the load point 2000/11
homogeneous and stoichiometric operation is achieved without throttling (Figure 4.16) the op-
timisation criterion is a different one. In stoichiometric operation the exhaust gas temperature
is higher and a three-way catalyst can be deployed for the exhaust gas aftertreatment. This
means both the HC and the NOx emission can be converted effectively, no longer being the main
criterion for optimum engine operation. The optimisation criterion is instead the maximum net
indicated efficiency ηi,n. Of course this requirement corresponds to an operation with low HC
emission as the losses of incomplete combustion directly affect the fuel efficiency. Figure 4.29
depicts the measurement results of the optimised stoichiometric and homogeneous calibration
in load point 2000/11. The results are contrasted with the lean and stratified operation in load
point 1750/5 optimised for minimum ∆ζIC and low NOx . The corresponding application para-
meters are stated in TableB.1. The HC emission is lower at 2000/11 than at 1750/5. However,
characteristic for stoichiometric operation the NOx and the CO emissions increase significantly.
Overall, the unburned species increase by 0.6%Pt. in the load point 2000/11. Furthermore, the
exhaust gas temperature reaches 600 °C facilitating the exhaust gas aftertreatment even of
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  2000/11 – homogeneous         1750/5 – stratified

Combustion duration / °CA
0 5 10 15 20 25

λglobal / –
0 0.5 1 1.5 2

Exhaust gas temp. / °C
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Net indicated eff. / %
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Unburned species ∆ζIC / %
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NOx emission / g/kWh
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HC emission / g/kWh
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CO emission / g/kWh
0 5 10 15 20 25

Figure 4.29: Measurement results of the stoichiometric operation optimised for maximum net indic-
ated efficiency in the load point 2000/11 and the calibration for minimum ∆ζIC and low
NOx in the load point 1750/5.
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Figure 4.30: The net heat-release rates and the cylinder pressure traces of the optimised operation
in the load points 1500/3, 1750/5 and 2000/11.

methane. The combustion duration is longer in the lean and stratified operation due to the
use of EGR. The net indicated efficiency reaches 40% at 2000/11. It is 2.6%Pt. lower than
at 1750/5 due to higher wall heat losses, higher losses due to incomplete combustion and a
different composition of the charge resulting in different thermodynamic properties.
Finally, Figure 4.30 shows the cylinder pressure traces and the net heat-release rates cor-

responding to the optimised calibration of the load points 1500/3, 1750/5 and 2000/11. The
heat-release is normalised to 100% to allow for a qualitative comparison between the three
load points. Overall, the heat-release rates are almost symmetric and resemble the heat-release
of premixed SI combustion. The asymmetric shape of non-premixed combustion (Figure 4.15
xNG=0%) is no longer distinguishable, indicating good mixture preparation and a combus-
tion of the air-NG mixture by flame propagation immediately after the ignition of the diesel
pilot spray. Furthermore, the effect of EGR on the heat-release can be well studied. In 1750/5
high amounts of cooled EGR are used, resulting in the longest ignition delay (also in the time
domain) and a shallower rise of the heat-release rate. The shape of the heat-release rates is
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quite different to the shape in non-optimised operation points (e.g. Figure 4.15, 4.22). This
holds true for the results published of many other researchers. To a large extent the published
heat-release rates are asymmetric and feature a distinct premixed peak while in a few operat-
ing points an almost symmetric heat-release rate is observed, e.g. [25, 70, 85]. It would appear
that the mixture preparation, the ignition conditions and the conditions for a subsequent flame
propagation are favourable, the boundaries between the different combustion regimes in dual
fuel combustion as stated in [65] blur increasingly.

4.5.3 Operating Strategy

An operating strategy for the DDI concept can be developed with the knowledge of optim-
ised calibration in the investigated load points. Figure 4.31 displays the derived operating
strategy which divides the engine operating map into three operating regimes. During idling
and at very light loads conventional diesel operation is inevitable. Significant improvements are
demonstrated with the DDI concept to limit the HC emission at light loads and the boundary
for stable dual fuel combustion is shifted towards lower loads. However, conceptual constraints
exist for DF combustion as explained in Section 4.2. These constraints cannot be suspended
with the DDI concept, making diesel operation necessary at lightest load also with the presen-
ted concept. However, it is vital to limit the diesel operation to an area as small as possible.
Otherwise the CO2 reduction diminishes in real world driving. Especially, as in urban driving
the average engine load is low.
At high loads when stoichiometric operation becomes feasible without considerable throt-

tling stoichiometric and homogeneous dual fuel operation is preferred as demonstrated in the
previous section for the load point 2000/11. Thus, effective exhaust gas aftertreatment becomes
feasible using a three-way catalyst. At loads in between the stratified and lean operation is
pursued as demonstrated for the load points 1500/3 and 1750/5. The loads at which the op-
erating regimes are switched are only estimations. It was not part of the investigations to
identify exact delimitations between the individual operating regimes. Furthermore, a possible
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Figure 4.31: The developed operating strategy for the DDI concept.

51



4 DDI Dual Fuel Combustion

influence of the engine speed on the boundaries was also not studied.
Dual fuel operation was not studied at engine speeds higher than 3000min-1 thus no state-

ment is made on operation in this part of the engine map. Results of dual fuel combustion
at engine loads up to 19 bar BMEP were published earlier in [114]. Knocking was avoided
even though a compression ratio of 16.5 was used. However, the question of whether the same
maximum load is achievable compared to the base diesel engine was not investigated in detail.
In general DF combustion is prone to knocking and related combustion anomalies. Therefore,
the area above 20 bar BMEP is not marked in Figure 4.31. The phenomenon of low speed pre-
ignition in DF combustion was studied in [136]. Methods to predict knocking in DF combustion
were developed in [111]. The knock limit also depends on the fuel. The knock resistance of
natural gas is high due to the high methane share, but it can vary substantially depending on
the composition of natural gas.
An operating strategy for conventional DF combustion was developed in [123]. Similarly,

an operation in diesel mode was suggested at light engine loads. The effect of the operating
strategy on the CO2 emission and the fuel efficiency in the NEDC was estimated and compared
to a diesel engine. In order to avoid knocking at high loads, diesel operation was suggested
also close to full load.

4.5.4 Variation of the Compression Ratio

The influence of hardware parameters was also studied in addition to the application paramet-
ers. The results of these studies were published in [37]. One of the most important hardware
parameters is the compression ratio ε. The compression ratio was reduced from 16.5 to 14.5
to study its effects on the DDI combustion and to investigate the limits of the combustion
process. In view of the interrelated topics of power density, knocking and varying NG qualities
a lower compression ratio might be desirable, despite the fact that the fuel efficiency would
be reduced. Equation 4.6 states the compression ratio, Vd is the displacement and Vc is the
clearance volume in TDC.

ε =
Vc + Vd
Vc

(4.6)

The compression ratio was reduced by increasing the clearance volume. This was achieved by
increasing the volume of the piston bowl. The ω-shape of the bowl was maintained. Figure 4.32
displays the two pistons bowls. The following analysis is performed in the load points 1500/3
and 2000/11.
Figures 4.33 and 4.34 display a comparison of measurements with a compression ratio of

16.5 and 14.5 in the load point 1500/3. In both cases the operation is optimised for minimum

Figure 4.32: The standard piston (black) with ε=16.5 and the modified piston bowl (green) for
ε=14.5.
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unburned species at NOx emissions on the level of the base diesel engine in this load point.
Different engine calibrations are required to achieve this. In case of ε=16.5 the calibration
is the same as depicted in Figure 4.28 and stated in TableB.1. A different calibration had to
be developed for the engine with reduced compression ratio. Not only that the calibration
for ε=16.5 was not optimal, but an engine operation was not even feasible. The reason is
that the ignition conditions of the diesel spray deteriorate with a reduced compression ratio
and thus without countermeasures the cycle-to-cycle variations increase enormously. The same
approach was followed as outlined in Section 4.5.2 to develop the calibration for the engine
with reduced compression ratio. The derived application parameters are stated in TableB.2.
Figures 4.33 demonstrates that almost all characteristics worsen with a reduction of ε. The

ignition delay of the diesel spray depends to a significant extent on the pressure and tem-
perature in the combustion chamber [55]. A reduction of the compression ratio reduces both,
prolonging the ignition delay. In order to achieve stable engine operation the diesel injection
has to be increased from 2.3mg to 4mg. This reduces the NG energy fraction from 79% to
64%. While the global air-fuel equivalence ratio remains almost unaffected at approx. 1.6, the
air-NG equivalence ratio increases from 2.1 to 2.4 which influences the NG combustion negat-
ively. The unburned species increase from 3.5% to above 6%, they comprise of 12 g/kWh HC
emissions and 14 g/kWh CO emissions. This is a consequence of the leaner air-NG mixture as
also of the reduced pressure and temperature in the combustion chamber. During the expan-
sion stroke when temperature and pressure decrease the oxidation of the fuel and intermediate
products comes to a halt earlier due to the lower peak values. The poor diesel ignition and
subsequent combustion are observed in the injection timing SOIDiesel. While the diesel injec-
tion is advanced by more than 7 °CA, MFB50 occurs later at 5 °CA. The overall combustion
duration increases by 10 °CA and the cycle-to-cycle variation is unacceptably high at above
4%.
A reduction of the compression ratio reduces the efficiency of the engine as the heat-release

evolves at a lower average temperature which fundamentally reduces the efficiency of a thermo-
dynamic cycle. It can be studied by means of the Carnot cycle and idealised engine operating
cycles [97]. The effects as mentioned cumulate in a reduction of the net indicated efficiency of
almost 5%Pt.. The exhaust gas temperature increases by 40 °C as a consequence of the lower
fuel efficiency.
The associated net heat-release rates and cylinder pressure traces are displayed in Fig-

ure 4.34. The reduction of the compression ratio is well observed in the pressure evolution.
The peak cylinder pressure reduces by 14 bar. The electric diesel injection signal indicates the
increase of the ignition delay. Finally, the rise of the heat-release rate is less rapid and also
prolonged after 10 °CA. It indicates that not only the combustion of the diesel pilot injection
is inferior, but also the subsequent combustion of the air-NG mixture. Presumably, an increase
of the piston bowl volume reduces the squish flow. Less charge motion affects the mixture
formation of the diesel injection negatively and also the subsequent combustion of the air-NG
mixture.
Figures 4.35 and 4.36 display the comparison of the two compression ratios in the load point

2000/11. In contrast to the previous results in the load point 1500/3 the identical calibration
can be used in this load point. Thus, the effects resulting exclusively from a reduction of
the compression ratio can be analysed. However, this means that in the event of the lower ε
the calibration might no longer be optimal. Both measurements are conducted at λglobal=1,
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Load point: 1500/3

  ε = 16.5    xNG = 79 %        ε = 14.5    xNG = 64 % Optimisation criterion: Minimum ∆ζIC at NOx ≤ 0.6 g/kWh
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Figure 4.33: The effect of different compression ratios on the DDI combustion in the load point
1500/3.
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Figure 4.34: The net heat-release rates and the cylinder pressure traces in the load point 1500/3 for
the operation with different compression ratios.

MFB50 is set to 7 °CA and the diesel pilot quantity is 2mg. A full list of the set application
parameters is stated in TablesB.1 and B.2.
In general, the trends are similar to the ones observed at 1500/3 however the effects are

softened. The ignition delay rises moderately and SOIDiesel must be advanced by 3 °CA to
keep MFB50 constant. Due to the higher load the total cylinder mass increases by approx.
30% compared to 1500/3. This causes the intake manifold pressure to rise by 250mbar. In
addition, the turbulence increases with the higher engine speed. This is both reducing the
ignition delay, thus the effect of the compression ratio is less pronounced at 2000/11.
The combustion duration increases by 5 °CA. Again this rise is smaller than at 1500/3.

The HC and CO emissions rise by 2 g/kWh resp. 3 g/kWh, which is equivalent to a rise in
unburned species from 2.6% to 3.7%. The increase can be attributed to the lower combustion
temperature at ε=14.5. Therefore, the oxidation of fuel and intermediate products is inhibited
earlier. The net indicated efficiency reduces by 2.5%Pt. for the same reasons as stated for the
load point 1500/3. The exhaust gas temperature increases by 40 °C.
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Load point: 2000/11   ε = 16.5         ε = 14.5 Identical calibration
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Figure 4.35: The effect of different compression ratios on the DDI combustion process in the load
point 2000/11.
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Figure 4.36: The net heat-release rate and the cylinder pressure trace in the load point 2000/11 for
different compression ratios.

Figure 4.36 depicts the associated net heat-release rates and the cylinder pressure traces.
While the pressure traces exhibit the presumed reduction of the compression pressure and the
peak cylinder pressure, the heat-release rate is contradicting at first view. The maximum heat-
release rate is higher with reduced ε and at the same time the combustion duration apparently
increases by 5 °CA (Figure 4.35). The reason for the prolongation of the combustion duration
can be observed between 10 °CA and 17 °CA. With reduced compression ratio the heat-release
rate declines faster than with the higher compression ratio. The reason is assumed in the lower
cylinder temperature and the reduced squish motion. As a consequence MFB90 is only reached
at 20.5 °CA with reduced compression ratio while it is already reached at 15 °CA in the case
of ε=16.5.
The reason for the higher heat-release rate maximum is less obvious. At 2000/11 the charge

is stoichiometric and homogeneous. The combustion is dominated by the premixed combus-
tion of air and NG and dependent on flame propagation. It is thus reasonable to review the
effects observed in SI engine operation to explain the observed behaviour. In SI engines the
heat-release depends on the development of the flame front area which is significantly influ-
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enced by the geometry of the combustion chamber [16]. When the flame front approaches
the combustion chamber walls the further propagation is limited. This is restricting the flame
front area which correlates with the heat-release. If the cylinder pressure evolution is known
the flame front area can be calculated [69, 76]. In [76] experiments with a CNG SI engine were
performed. Different compression ratios were studied and the same observations were made.
With reduced compression ratio the heat-release rate reached a higher maximum and the heat-
release was faster overall. The flame front area was calculated and the phenomenon could be
traced to a larger flame front area in case of the lower compression ratio. By increasing the
clearance volume the flame can extend further which results in a higher heat-release rate. In
the investigated case the combustion chamber geometry is different to the experiments in [76],
also the ignition source and the ignition sites differ. However, the assumption would appear to
be reasonable that with an increased bowl volume the flame front would extend further also
in the investigated case.
To conclude, the reduction of the compression ratio reveals that a high compression ratio

is vital to the DDI combustion process. In the investigated load points the disadvantages of a
reduced compression ratio prevail. At higher load and stoichiometric homogeneous operation
the disadvantages are moderate. However, the light load capability of the combustion process
deteriorates with a reduced compression ratio. Due to a significant rise of the ignition delay
and the associated effects stable engine operation with high efficiency and low losses due to
incomplete combustion is prevented if the compression ratio is reduced.

4.5.5 Comparison with Monovalent CNG Spark Ignited Operation

Unthrottled, stoichiometric and homogeneous operation of the DDI concept is intended in large
areas of the engine map according to the developed operating strategy displayed in Figure 4.31.
Minimum diesel injection quantities are favoured to maximise the CO2 reduction and they also
lead to the best results regarding fuel efficiency and pollutant emissions (see Figure 4.14). This
questions the necessity of DF combustion overall. Undoubtedly, the injection system required
for DF operation adds cost and complexity in comparison to a conventional diesel engine, but
especially in comparison to a CNG spark ignited engine. A homogeneous and stoichiometric
air-NG mixture can be ignited with a conventional spark plug also. In addition, the diesel
injection quantity would reach an absolute minimum - zero.
Therefore, CNG SI operation was investigated experimentally on the identical base engine to

allow for a comparison with the DDI concept. A variant of the cylinder head was manufactured
which enables the installation of a spark plug instead of the diesel injector (see Figure 4.10).
Conventional Bosch spark plugs of the type ZMR5TPP330 were used. The orientation of the
spark plugs was identical to the orientation of the diesel injectors. The direct injection of
natural gas was maintained. the CNG SI cylinder head also had only one exhaust valve per
cylinder. The differences between DDI combustion with minimum diesel quantities and SI
operation are the ignition energy, the number of ignition sites and the location of these ignition
sites. A diesel injection of 2.3mg is a typical quantity used during the investigations of the
DDI concept. It introduces approx. 100 J of fuel energy. The spark energy of a spark plug
is in the order of magnitude of 100mJ. The difference in ignition energy is therefore three
orders of magnitude. Furthermore, the diesel spray creates six ignition sites inside the piston
bowl whereas the spark plug creates only one flame kernel at the top of the combustion
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chamber. Another difference is that the spark discharge is in a first approximation independent
of the pressure and temperature in the combustion chamber. This means in low load operation
stoichiometric and throttled operation becomes feasible as alternative to charge stratification.
The experiments with spark plug were mainly conducted to clarify two points:

1. The influence of the ignition source at high loads where the charge is stoichiometric and
homogeneous.

2. The efficiency penalty of throttled, stoichiometric CNG SI operation at low loads in
comparison to the globally lean and stratified operated DDI concept.

The investigations with spark ignition were conducted with the reduced compression ratio of
14.5. At first, the influence of the ignition source at high loads is reviewed. Some of these
results were published earlier in [114]. Figure 4.37 depicts a variation of MFB50 in the load
point 1750/15 for spark ignited operation and DDI combustion with a compression ratio of 14.5
and 16.5 respectively. Obviously the stated NG energy fraction xNG of 95% is valid only for
DF combustion. All three measurements were performed at λglobal=1 and SOING =−300 °CA.
Furthermore, it is highlighted that the term ignition delay is incorrect for SI operation. An
ignition delay does not exist in SI operation, instead the period between the spark discharge and
MFB05 is referred to as an inflammation phase. Within this period the flame kernel develops
and turns into a turbulent flame. As expected the ignition with the spark plug is inferior to the
diesel pilot spray. The inflammation phase is at least 30% longer than the ignition delay of the
diesel spray. Also the combustion duration increases significantly. As a consequence, the spark
timing must be advanced by 10 °CA compared to SOIDiesel to achieve the same combustion
phasing. The shorter combustion duration of the DDI concept is attributed to the multiple
ignition sites and the larger ignition energy. The difference between the inflammation phase
and the ignition delay cannot be linked to the same causes, because fundamentally different
physical processes occur during spark ignition and compression ignition of diesel. The cycle-
to-cycle variations are equal between MFB50 of 8 °CA to 13 °CA. At later combustion phasing
the variations increase with spark ignition while they are slightly reduced in DDI combustion.
This difference is also linked to the significantly higher ignition energy in DDI combustion.
Due to the more rapid combustion and multiple ignition sites more NG can be oxidised while

the temperature in the combustion chamber is favourable. This is reflected in the lower HC
emission of the DDI concept. The differences in the CO emissions, especially the remarkably
lower emission with DDI combustion and ε=14.5 result from small deviations to the lean
in the equivalence ratio. Finally, spark ignition results in an efficiency penalty slightly above
2%Pt.. This is a result of the higher HC emission, the longer combustion duration and higher
wall heat losses. A loss analysis is stated at the end of this section to quantify the individual
losses in dual fuel and spark ignited combustion.
The data presented in Figure 4.37 already indicate that the SI concept is performing worse.

Unburned species of 3.5% on average are above typical values for gasoline SI engines [55].
This is a consequence of the fact that the base engine is not optimised for SI operation.
The combustion chamber roof, the intake ports and the piston shape are not designed for SI
operation. However, the results demonstrate clearly the influence of the ignition source.
Figures 4.38 and 4.39 demonstrate the results of optimised operation in the load point

2000/11 and the associated indicating data. The application parameters are stated in TableB.3
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Figure 4.37: Comparison of SI operation and DDI combustion by means of a variation of MFB50 in
the load point 1750/15.

in AppendixB. Both the SI operation and the DDI concept with a compression ratio of 14.5 are
optimised for maximum fuel efficiency. The results are similar to the findings of Figure 4.37,
but the disadvantage of spark ignition is less. The combustion duration increases and the HC
and CO emissions rise. The unburned species cumulate to 3.3% with spark ignition compared
to 2.9% in DF combustion. The cycle-to-cycle variations and the inflammation phase respect-
ively the ignition delay are equal. The exhaust gas temperature is decreased by 40 °C and the
penalty in brake thermal efficiency ηe is reduced to 1.5%Pt.. The gas exchange losses are lower
with spark ignition as due to the lower efficiency more charge is required, making a higher
intake manifold pressure necessary.
Figure 4.39 displays the net heat-release rates and the cylinder pressure signals. The faster

heat-release in DF combustion is clearly evident. This results in the steep incline of the cylinder
pressure after TDC while the pressure evolution is very uniform with spark ignition.
Figures 4.40 and 4.41 display a comparison between spark ignition and DDI combustion in

the load point 1750/5. Again, both concepts feature a compression ratio of 14.5. The DDI
concept is operated globally lean and stratified. xNG is reduced to 80% to allow for a stable
ignition of the diesel spray due to the lower compression ratio. The combustion is optimised for
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2000/11   CNG DI SI  ε = 14.5         DDI  ε = 14.5 Optimisation criterion: Maximum fuel efficiency
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Figure 4.38: Comparison of the optimised calibration of spark ignited operation and DDI combustion
in the load point 2000/11.
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Figure 4.39: The net heat-release rate and the cylinder pressure trace of optimised SI and DDI
combustion in the load point 2000/11.

minimum unburned species at diesel-like engine-out NOx emissions. The SI concept is operated
stoichiometrically and homogeneously. It is calibrated for maximum efficiency. The associated
application parameters of both concepts are again stated in TableB.3.
As expected the brake thermal efficiency of the spark ignited operation is inferior to the DDI

concept. The efficiency is substantially lower by 5%Pt.. The gas exchange losses contribute to
this decline in efficiency. They rise in SI operation as the intake manifold pressure is lowered
to 730mbar to allow for stoichiometric combustion. The charge is diluted by 37% EGR and
a global air-fuel equivalence ratio of 1.3 in DDI combustion. In SI operation only 5% EGR
are deployed and the air-fuel mixture is stoichiometric. As a consequence the exhaust gas
temperature rises by 120 °C to 510 °C with SI operation which enables the catalytic oxidation
of CH4 emissions. The NOx emissions reflect the difference in charge dilution and stoichiometry.
The HC and CO emissions are significantly higher and cumulate to unburned species of 3.9%
compared to 1.8% in the case of the DDI concept. Due to the different mixture preparation
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1750/5   CNG DI SI  ε = 14.5         DDI  ε = 14.5 Optimised operation
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Figure 4.40: Comparison of the optimised spark ignited operation and DDI combustion in the load
point 1750/5.
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Figure 4.41: The net heat-release rates and the cylinder pressure traces of optimised SI and DDI
combustion in the load point 1750/5.

(homogeneous against stratified air-NG mixture) the difference in unburned products cannot
be attributed to the different ignition concepts clearly. However, it demonstrates again that
the layout of the combustion system is not optimal for SI operation.
Figure 4.41 displays the associated indicating data. It reveals the significantly longer com-

bustion duration in the case of SI operation which is attributed to the lower ignition energy
and the single ignition site. The low peak cylinder pressure in SI operation results from the
reduced intake manifold pressure.
Finally Figure 4.42 displays a quantification of the losses occurring in SI operation and in

the DDI concept for the operation points discussed and depicted in Figures 4.38 to 4.41. The
analysis of losses is performed according to the method described in [97]. An in-house software
tool given the name CORA is used for the execution of the analysis of losses. This tool is
the outcome of another PhD thesis at this institute [74]. In the analysis of losses according to
Pischinger the theoretical efficiency of a ’perfect engine with real charge’ is first calculated. The
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perfect engine with real charge is an engine without friction, wall heat losses, flow losses, gas
exchange losses or pressure losses. Furthermore, it exhibits an ideal combustion which follows
the efficiency-optimal combustion at constant volume. ’With real charge’ means that at IVC
pressure, temperature, mass and composition of the charge equal the charge of the real engine.
Under these assumptions the efficiency of the perfect engine is calculated. Subsequently, the
reduction of this theoretical efficiency caused by the individual losses of the real engine is
calculated by including them stepwise. Thus the individual losses are quantified. If all losses
are included, the actual brake thermal efficiency of the real engine is derived. The order in
which the losses are calculated impacts their distribution, but not their cumulated magnitude.
Subsequently, the following losses are considered:

– The loss in efficiency due to incomplete combustion

– The loss in efficiency due to a combustion process deviating from the constant-volume
combustion

– The loss in efficiency due to the transfer of heat to the combustion chamber walls

– The loss in efficiency due to the gas exchange

– The loss in efficiency due to friction

Figure 4.42 on the left depicts the analysis of losses for above discussed operation in the load
point 1750/5. It reveals that the majority of the difference between CNG spark ignition and the
DDI concept results from different charge compositions. In spark ignited operation the charge
is stoichiometric and marginal amounts of EGR are used. In the DDI concept the charge is lean
and in addition large amounts of EGR are deployed. This results in a different charge mass
and different thermodynamic properties of the charge leading to a difference in the efficiency
potential of 54.5 % − 50.1 % = 4.4 %Pt.. This is confirmed by the measurement results stated
in [42]. The effect of stratification was assessed in a CNG DI SI engine. Similar improvements
were reported by stratifying the mixture in the load point n=2000min-1 and IMEP=4bar.
The increase of unburned species, the longer combustion duration and throttled operation

in SI operation (Figure 4.40) lead to an increase of the associated losses compared to the DDI
concept as depicted in Figure 4.42. The wall heat losses rise, because the charge is not diluted
and the combustion duration is longer. Furthermore, it is observed that the friction losses
reduce with spark ignition. This decrease results from the diesel high-pressure pump. The
pump is not required in spark ignited operation, thus the piston of the pump was removed to
avoid the compression work of the pump. In [42] the net indicated specific fuel consumption was
reported to be 215 g/kWh in homogeneous SI operation. The net indicated efficiency of the SI
operation depicted in Figure 4.42 left accounts for 29.2% + 4.0% = 33.2% which is equivalent
to a specific fuel consumption of 221 g/kWh. This gives an idea of the losses resulting from
the suboptimal combustion layout for SI operation when compared to the value of 215 g/kWh
stated in [42].
The situation is different in the load point 2000/11 which is displayed in the right part

of Figure 4.42. Here the charge properties and the air-NG mixture preparation are identical
and only the ignition sources differ. Accordingly, the efficiencies of the perfect engine are also
similar. The difference of 0.6%Pt. results from marginal differences in the stoichiometry and

61



4 DDI Dual Fuel Combustion

DDI CNG DI SI

1.2

3.8

7.4

2.6

35.0

1.3

4.3

8.7

0.4
2.1

33.5 E
ff

ic
ie

n
cy

 /
 %

0

5

10

15

20

25

30

35

40

45

50

55

60
2000/11

0.7

50.8 50.2

DDI CNG DI SI

34.4

5.0

9.2

0.9

29.2

2.0

9.5

1.6

3.8

54.5

1.5

3.5

4.0

E
ff

ic
ie

n
cy

 /
 %

0

5

10

15

20

25

30

35

40

45

50

55

60
Efficiency of the perfect engine

    – Incomplete combustion

    – Real process

    – Wall heat losses  

Gross indicated efficiency ηi,g

    – Gas exchange losses

Net indicated efficiency ηi,n

    – Friction

  Brake thermal eff.  ηe

1750/5

50.1

Figure 4.42: Analysis of losses in optimised SI and DDI operation for the load points 1750/5 and
2000/11.

the intake manifold temperature. The majority of the efficiency deficit compared to the DDI
concept results from the prolonged combustion duration. Thus, the losses due to a deviation
from the constant-volume combustion and the wall heat losses rise. The losses due to incom-
plete combustion increase too while the gas exchange losses and friction losses are reduced.
The friction losses are reduced due to the avoidance of the compression work of the diesel
high-pressure pump likewise to the load point 1750/5.
In conclusion and answering the two points stated at the beginning of this section, the

following statements can be made: The higher ignition energy by three orders of magnitude
and the multiple ignition sites lead to an overall faster combustion and at higher loads to lower
cycle-to-cycle variations at late combustion phasing. This is beneficial for the fuel efficiency
as the combustion deviates less from the ideal constant-volume combustion and the wall heat
losses are reduced. At part load operation the efficiency deficit of throttled and stoichiometric SI
operation is significant and amounts to 5%Pt. compared to lean and stratified operation of the
DDI concept. As a consequence of the different charge properties the exhaust gas temperature
is 120 °C higher reaching 510 °C in SI operation enabling the catalytic oxidation of the CH4

emissions. Furthermore, the investigations showed that the layout of the combustion system
is not optimal for SI operation which adds to the large efficiency deficit. However, the analysis
of losses indicates that the deficit results to a large extent from the different charge properties
and not from the inferior combustion.

4.5.6 Comparison of Combustion Processes

A comparison of the DDI concept with other combustion processes concludes this chapter on
dual fuel combustion with direct fuel injection of NG. The DDI concept with a compression ratio
of 16.5 and optimised calibration is compared with the base diesel engine, a gasoline SI engine
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and conventional DF combustion with NG port fuel injection. The comparison is conducted
in the load points 1500/3 and 2000/11. In addition, an analysis of losses is presented to
compare the DDI concept and diesel combustion in detail. The measurements of conventional
DF combustion were carried out on the same base engine as explained in Section 4.4. Also the
calibration of the conventional DF combustion was optimised for minimum unburned species
at low NOx emission resp. maximum fuel efficiency. The associated application parameters are
stated in AppendixB in TableB.1 and B.4. The BMW N20 engine is the chosen gasoline engine
for this comparison. It is a turbocharged 4-cylinder engine with a displacement of 2 litres and
a compression ratio of ε=10. It features a valve train with variable valve lift, cam phasing and
direct fuel injection [118]. The data originates from an earlier project at this institute. Parts
of this comparison were already published in [37, 114].
Figure 4.43 displays the comparison in the load point 1500/3. Both DF concepts and the

diesel engine are operated lean. The gasoline engine is operated stoichiometrically. It is well
observed that the dual fuel combustion combines characteristics of both diesel and SI combus-
tion. In addition, the advantage of the DDI concept over conventional DF combustion is evident
in part load operation. The middle row displays the engine-out emissions. The performance of
conventional DF combustion is poor at this light load. The HC emissions reach 25.5 g/kWh.
Together with the CO emissions the unburned species cumulate to almost 11% of the total fuel
energy. With the DDI concept the HC emission is reduced enormously by 75% to 6.6 g/kWh by
means of charge stratification. The HC emission almost matches the level of the gasoline engine
which is 5 g/kWh. Together with the CO emission the unburned species account for 3.5% in
the DDI concept while they reach 2.8% in the gasoline engine. The NOx emission in DF com-
bustion are kept on the level of the diesel engine. In SI operation they are approximately one
magnitude larger due to the stoichiometric operation. Furthermore, it becomes apparent that
soot is a particular problem of the diesel engine resulting from the non-premixed combustion.
Due to the small diesel quantities soot is avoided in DF combustion.
The ignition delay in DF combustion is similar to the diesel engine, while the cycle-to-cycle

variations are similar to the gasoline engine. Also the low exhaust gas temperature of only
250 °C and the low gas exchange losses are similar to the diesel engine. The brake thermal
efficiency of the DDI concept is higher than that of the other combustion processes in this load
point and reaches 33.1%. It is 4.5%Pt. higher than in conventional DF combustion. This is
mainly a consequence of the reduced unburned species. The efficiency of the diesel engine is
outmatched by 0.6%Pt. and that of the gasoline engine by 4.1%Pt.. The efficiency difference
between the DDI concept and the diesel engine is further discussed below by means of an
analysis of losses.
The CO2 emissions are given in the bottom right diagram. They are calculated from the

fuel masses assuming complete oxidation. The brake thermal efficiency, the composition of the
natural gas and the NG energy fraction influence the CO2 emission of the DDI concept and
thus the feasible CO2 reduction in comparison to the diesel and the gasoline engine. The often
stated CO2 reduction potential of 25% is only valid if NG consisted of 100% methane, if the
brake thermal efficiencies were equal and if xNG was 100%. In the present case, the methane
content is 96.7 vol% which negatively influences the CO2 reduction potential. Although, also
the lower heating value of the diesel is below the value stated in Table 2.2. Considering the
actual fuel properties during these measurements the CO2 reduction potential of NG accounts
for 25.8% compared to diesel. In this load point the DDI concept is operated only with 79%
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Figure 4.43: Comparison of four different combustion processes in the load point 1500/3.

natural gas. This decreases the reduction potential to 20.3% if the fuel efficiencies were equal.
However, as the DDI engine has a higher efficiency, the actual CO2 reduction is larger. The
calculated CO2 emission of the DDI concept is 645 g/kWh compared to 823 g/kWh of the diesel
engine and 910 g/kWh of the gasoline engine. This corresponds to a CO2 reduction of 22%
and 29% respectively.
This data demonstrates clearly the high CO2 reduction potential at engine-out pollutant

emissions comparable to gasoline and diesel engines. However, also the challenge of DF com-
bustion becomes apparent. The HC emissions in this load point accounts for 6.6 g/kWh which
is a remarkable achievement in comparison to conventional DF combustion and also in com-
parison to a modern gasoline engine. However, the exhaust gas temperature is only 250 °C
and the HC emissions consist mainly of methane. In addition, the exhaust gas is lean which is
part of the reason for the low temperature itself. Temperatures of approx. 450 °C are required
for the catalytic oxidation of methane as discussed in Section 4.2.1. Using currently available
technology it is thus not possible to convert the CH4 emissions in part load operation. This is
an obstacle preventing compliance with Euro 6 emission limits for diesel or gasoline engines,
as no dedicated legislation exists for dual fuel passenger cars. Investigations of exhaust gas
aftertreatment using different three-way catalysts were performed in [115] and confirmed the
difficulty.
A mitigation strategy was to alter the operating strategy of the DDI concept (Figure 4.31)

and extend the diesel operation until the DDI concept can be operated stoichiometrically
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Figure 4.44: Comparison of four different combustion processes in the load point 2000/11.

and homogeneously. However, in view of the common load pattern of passenger car engines
(Figure 4.12) especially in urban traffic, this would mean operating the engine in diesel mode
to a large extent. The CO2 reduction would diminish, with the result that the argument for
this mitigation strategy would not be compelling.

Figure 4.44 depicts a comparison of the same combustion processes in the load point 2000/11.
In this load point both DF concepts and the gasoline engine are operated stoichiometrically
and homogeneously. The diesel engine is of course operated lean. It reveals that the ignition
delay in DF combustion is similar to the inflammation phase in the gasoline SI engine. This was
observed already in Section 4.5.5 where the DDI concept was contrasted with CNG SI operation
(Figure 4.38). The cycle-to-cycle variations are comparable between all combustion processes.
The pollutant emissions of both DF concepts and the gasoline engine are very similar since
all three combustion processes are operated stoichiometrically and EGR is not deployed. The
CO emission of the gasoline engine is higher, but this results from small differences in the
stoichiometry between the gasoline engine and the DF concepts. The CO emission responds
very sensitively around λglobal=1 to lean and rich excursions. It is also observed that the HC
and CO emissions of conventional DF combustion are slightly lower than the emissions of the
DDI concept. The difference in combustion phasing certainly has an influence, but it is assumed
that the mixture homogenisation is improved with NG PFI compared to direct injection. In
general, it is observed that in this load point the results of conventional DF combustion and
the DDI concept are almost identical, since both concepts are operated homogeneously and
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stoichiometrically. The exhaust gas temperature of both DF concepts almost reaches 600 °C,
which allows for the oxidation of the CH4 emissions. The brake thermal efficiency of the diesel
engine is higher by 2.1%Pt. compared to the DDI concept. The efficiency of the gasoline engine
is 1.6%Pt. lower than that of the DDI concept.
The CO2 emission of the DDI concept calculated from the fuel mass is 542 g/kWh, that of

the diesel engine is 676 g/kWh and that of the gasoline engine is 736 g/kWh. At this operating
point the natural gas energy fraction xNG of the DDI concept is 94%. Under the assumption
of equal brake thermal efficiencies this would result in a CO2 reduction potential of 24.2%
compared to the diesel engine. Incorporating the difference in the fuel efficiencies results in a
CO2 reduction of 20% compared to the diesel engine and 26% compared to the gasoline en-
gine. The comparison with conventional combustion processes demonstrates that starting from
medium loads DF combustion is a feasible alternative to conventional combustion processes
with high fuel efficiency and a reduction of the CO2 emission between 20% and 26%.
In conclusion Figure 4.45 shows an analysis of losses for the diesel engine and the DDI concept

in the two load points discussed to better understand the distribution of the individual losses
of the combustion processes. In the load point 1500/3 the diesel engine and the DDI concept
are operated globally lean and approx. 40% EGR is used in both cases. The efficiencies of the
perfect engine are almost identical at 58% and 57.8% which represents the general efficiency
potential. The larger amount of unburned species of the DDI concept reflects in the losses due
to incomplete combustion. However, the majority of the efficiency difference results from the
wall heat losses and losses due to the deviation from the constant-volume combustion. The
longer combustion duration and a retarded combustion phasing of the diesel engine increase
these losses. The gas exchange of the DDI concept is inferior compared to the diesel engine,
because in order to recirculate these high amounts of exhaust gas the pressure difference
between exhaust and intake manifold must be actively increased. The net indicated efficiency
of the DDI concept is higher compared to the diesel engine by more than 2%Pt.. However, this
gain is compensated in part by the higher friction losses of the DDI concept. They result from
a higher diesel rail pressure pDiesel. While the DDI concept is operated in this load point at
a diesel injection pressure of 800 bar, the diesel engine is operated at 450 bar. By definition,
the power demand of the auxiliaries is included in the friction. Therefore, the higher power
demand of the diesel high-pressure pump increases the friction of the DDI concept and reduces
the gain in brake thermal efficiency to 0.6%Pt..
The situation is different in the load point 2000/11. The diesel engine is operated globally

lean and with 26% EGR. The DDI concept is operated homogeneously, stoichiometrically and
without EGR. Due to this difference in the charge properties the efficiencies of the perfect
engine differ by 3.6%Pt. in favour of the diesel engine. The wall heat losses of the DDI concept
are also higher due to the stoichiometric charge which results in a higher combustion tem-
perature. However, also in this load point the combustion of the DDI concept is considerably
faster resulting in lower losses due to the deviation from the constant-volume combustion.
Additionally, the friction losses are smaller, as the DDI concept is operated at a diesel rail
pressure of 400 bar in this load point while the diesel engine is operated at above 1000 bar.
The penalty in brake thermal efficiency of the DDI concept is thus reduced to 2.1%Pt., but
the advantage of lean combustion is not fully compensated.
When comparing the losses in load point 1500/3 and 2000/11 it is revealed that for both

combustion processes the wall heat losses reduce with higher engine speed while the losses
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Figure 4.45: Analysis of losses in the load points 1500/3 and 2000/11 conducted for the diesel engine
and the DDI concept.

of the real process increase. This is an effect of the higher engine speed. The combustion
evolves faster at n=2000min-1 absolutely in the time domain, and therefore the wall heat
losses reduce. However, the deviation from the constant-volume combustion increases when
the heat-release rate is scaled with the engine speed and plotted against the crank angle as
Figure 4.46 illustrates. The graphs display the gross heat-release rate of the DDI concept at
1500/3 and 2000/11. The diagram on the left shows the heat-release rate in the time domain.
It is scaled in such a way that the heat-release rate at 1500/3 appears identical in the time
domain and in the crank angle domain.
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4.6 Summary

In this thesis natural gas-diesel dual fuel combustion was investigated experimentally on the
engine test bench. The challenge of this combustion process is a high CH4 emission in part load
operation which results from over-lean air-NG mixtures. It was revealed that these emissions
can be attributed to a fundamental trade-off between the ignition conditions of the diesel
spray and that of the air-NG mixture. A novel dual fuel concept was developed to reduce the
high CH4 emissions in part load operation. The proposed concept is termed DDI – Dual Direct
Injection and features low-pressure direct injection of natural gas. Thus, charge stratification
becomes feasible which reduces the local air-NG equivalence ratio and improves the combustion
of the air-NG mixture, while the ignition conditions of the diesel spray are not diminished.
This allows for a significant reduction of the CH4 emission.
The influence of the most important application parameters, as also the influence of the com-

pression ratio on the combustion were investigated experimentally. It was shown that a high
compression ratio is mandatory for the investigated concept to ensure a short ignition delay
and fast and stable combustion. The calibration of the DDI concept was optimised in four load
points between n=1500min-1 /BMEP=3bar (1500/3) and n=1750min-1 /BMEP=15bar
(1750/15). At light engine loads the charge is globally lean and the combustion was optimised
for minimum unburned species at low NOx emissions. At higher loads stoichiometric operation
is favourable and the combustion was optimised for maximum brake thermal efficiency. With
this information an operating strategy was developed for the most relevant area of the engine
operating map. At idling and very light loads conventional diesel operation is proposed. At
part load lean and stratified dual fuel combustion is favourable and at higher loads homo-
geneous and stoichiometric DF combustion is suggested. Depending on the operating point
unburned species between 2% and 3.5% of the fuel energy are achieved. If the NOx emission
is not limited unburned species as low as 1% are achieved in lean operation. These values are
in the range of modern gasoline SI engines which are reported to emit HC emissions in the
range of 1% and 2.5% of the fuel energy [55].
In a next step the engine was adapted to CNG spark ignited operation to determine the

efficiency potential of the DDI concept in comparison to a conventional CNG SI engine. In part
load operation the efficiency benefit of the DDI concept reaches 5%Pt., because it is operated
globally lean while the SI engine is operated stoichiometrically. At higher loads when both
concepts are operated stoichiometrically the efficiency advantage still accounts for 1.5%Pt.
due to a faster combustion and reduced wall heat losses.
Finally, the DDI concept was compared with conventional diesel and gasoline engines and

conventional dual fuel combustion with NG port fuel injection. At part load operation when
the charge is lean the HC emissions of conventional DF combustion are reduced significantly
by up to 75% from 25.5 g/kWh to 6.6 g/kWh with the DDI concept. This is a consequence of
the fuel stratification and results in an increase of the brake thermal efficiency by 4.5%Pt..
At higher loads both the DDI concept and the conventional dual fuel concept are operated
stoichiometrically and the results are comparable. The comparison with the diesel and the
gasoline engine demonstrates that overall the engine-out pollutant emissions of the DDI concept
are on the level of modern gasoline engines. However, the exhaust gas is lean in part load
operation which creates a large challenge for the exhaust gas aftertreatment. At light loads
the fuel efficiency of the DDI concept outperforms the diesel engine. At higher loads when the
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DDI concept is operated stoichiometrically the efficiency is between diesel and gasoline engines.
Due to the high fuel efficiency and the utilisation of NG a CO2 reduction between 20% and
29% can be achieved with the DDI concept in comparison to diesel and gasoline engines.
The biggest unsolved challenge also with the DDI concept is the exhaust gas aftertreatment

of the remaining HC emissions in part load operation. The HC emissions consist to more than
90% of methane which requires an exhaust gas temperature of approx. 450 °C for catalytic ox-
idation [48]. At high loads, during stoichiometric operation of the DDI concept the exhaust gas
temperature reaches 600 °C and the conversion is no problem. However, in part load operation
when the charge is globally lean and high amounts of EGR are used the exhaust gas temperat-
ures reaches only 300 °C. This is clearly below the threshold for methane oxidation. Together
with the HC emission itself, the exhaust gas aftertreatment of methane is the limiting factor
for a further promotion of dual fuel combustion, especially for passenger car applications. The
average load of passenger car engines is low, which means their engines are operated to great
extent under operating conditions very critical for the exhaust gas aftertreatment. Using the
technology presented, however, dual fuel combustion could already be an attractive option
for applications in which the average load is substantially higher and the load pattern less
dynamic. An example are large engines for marine applications where DF engines are the state
of the art [124].

4.6.1 Suggestions for Future Work

Further research and deepened understanding is required in many of areas of dual fuel com-
bustion. Firstly, the combustion fundamentals are not well understood yet, the transition from
non-premixed combustion to premixed flame propagation, the sources and the formation of the
pollutant emissions, as also the location of the ignition sites and the parameters influencing it
all require further investigation.
Secondly, more application-oriented advances in the exhaust gas aftertreatment of methane

are required for the utilisation of DF engines in dynamic applications. Also a further reduction
of the engine-out HC emissions is required to expand the operating area to lighter loads and
to mitigate the difficulty of methane aftertreatment.
Thirdly, the investigations of the DDI concept need to be expanded to higher engine speeds

and a detailed investigation of the full load potential is necessary. Furthermore, the optimal
charge motion and the optimal design of the combustion chamber need to be studied in more
detail.
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5.1 Introduction

As outlined in Chapter 1 this second part of the thesis is a numerical investigation. It con-
sists of 1D engine simulations to define the thermodynamic layout of a homogeneously and
stoichiometrically operated heavy duty NG engine and to assess the efficiency potential of
several introduced novel technologies in heavy duty engines. This task was part of the EU
project HDGAS which received funding from the European Union’s Horizon 2020 Programme
under grant agreement number 653391. The base engine was the FPT Cursor 13 diesel engine
with a displacement of 12.9 litre. The crank case and fundamental geometrical dimensions are
identical with this engine. The cylinder head, the timing drive and everything attached to
the cylinder head are newly developed components. The developed engine features a lot of
new technology in heavy duty engines compared to those available on the market. The engine
comprises direct injection of LNG of up to 50 bar, Corona ignition, a waste gate turbocharger
with fixed turbine size and cooled high-pressure EGR. Furthermore, two overhead cam shafts
with cam phasers are deployed to allow for variable valve timing.
As stated earlier current heavy duty NG engines on the market are derivations of diesel

engines. These engines feature swirl charge motion, a flat combustion chamber roof and vertical
valves. Sometimes one cam shaft is used which does not allow for the implementation of cam
phasing. While such a layout is optimal for diesel engines it is detrimental for SI engines
and results in penalties in the fuel efficiency. Usually homogeneous SI engines make use of
a tumble charge motion for improved mixture formation and combustion stability as also an
acceleration of the combustion [9, 73, 82]. Since in the HDGAS project the cylinder head was
newly developed a combustion chamber design optimal for SI operation was realised. This
means two overhead cam shafts are used, the valves are angular and the combustion chamber
features a pent roof design. In combination with an appropriate intake port design and a flat
piston this creates a tumble charge motion in the cylinder. It is for the first time that such a
layout is realised on a modern heavy duty NG SI engine and that a modern heavy duty NG
engine is designed dedicatedly for NG operation.
The aim was to thus realise a 10% reduction in GHG emissions in the WHTC and 10% higher

torque and rated power in comparison to existing heavy duty NG engines of the model year
2013. Figure 5.1 shows the full load target of the HDGAS engine. In [39, 46] homogeneous and
stoichiometric concepts were regarded as the best solution for heavy duty NG engines which
fulfil the Euro 6 emission standards due to the easier exhaust gas aftertreatment compared to
lean concepts. Some of the technologies implemented in the HDGAS engine were also suggested
in [39] to increase the fuel efficiency of stoichiometric heavy duty NG engines. Table 5.1 states
fundamental dimensions and characteristics of the developed engine.
The development work was divided between the project partners. At the IVT the 1D en-

gine simulations were conducted to perform the thermodynamic layout of the engine and to
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Figure 5.1: Target torque and power of the HDGAS engine at full load operation.

Table 5.1: Parameters of the heavy duty NG engine developed in the HDGAS project.

Cylinder 6
Displacement 12.88 dm3

Bore / Stroke 135mm/150mm
Compression ratio 13
Valves per cylinder 4

Rated power 370 kW at 1600min-1...1900min-1

Rated torque 2200Nm at 1000min-1...1600min-1

define key components of the engine. The group of Prof. Angelo Onorati at Politecnico di Mil-
ano (PoliMi) was responsible for the 3D CFD simulation of the in-cylinder charge motion and
the mixture formation. BorgWarner supplied the high-frequency Corona ignitors. AVL Graz
conducted the single-cylinder engine (SCE) measurements and supported the whole develop-
ment with their expertise. FPT was responsible for the design of the single-cylinder and the
multi-cylinder engine as well as the calibration of the multi-cylinder engine. Finally, IVECO
was responsible for the vehicle integration and built the demonstrator vehicle.
The 1D simulations were performed to investigate different EGR layouts, to choose a suitable

turbocharger and to assess the efficiency potentials of several of the introduced technologies.
The influence of EGR in combination with a waste gate turbocharger was analysed in full load
and part load operation. Early and late Miller valve timing was investigated in the presence
of external EGR and compared to conventional valve timing. In this context also the inter-
dependencies between turbine size, EGR, valve timing, gas exchange work and fuel efficiency
were examined. Furthermore, the potential of cam phasing was investigated in combination
with EGR and indications for an operating strategy were given. Subsequently, insights gained
during these investigations are presented and the individual and combined potentials of these
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technologies to raise the fuel efficiency are discussed.
In Section 5.2 the methodology followed during the development of the HDGAS engine is

outlined. Details of the model building and performed method development are given in Sec-
tion 5.3. The results of the usage of EGR and the interaction with the turbocharger, the different
valve timing concepts and cam phasing are discussed in Section 5.4. Furthermore, a compar-
ison of the simulation results with measurements of the SCE is given in Section 5.4. Finally,
the findings are summarised in Section 5.5.

5.2 Methodology

The 1D simulations performed consider the entire process of the combustion engine. These
start with the induction of air through the air filter, incorporate all following steps and end
with the exhaustion of the exhaust gases through the muffler.
The gas flow is simulated in one dimension only. Once all valves are closed, the compression,

combustion and expansion of fuel and air in the cylinder are modelled by a zero-dimensional
approach. The combination of zero- and one-dimensional elements is typical in so-called 1D
engine simulations. It is evident that for this reason the simulation cannot reproduce all the
effects occurring in a combustion engine. For example, it cannot account for three-dimensional
effects of the flow field nor can it account for the effect of the injection timing on the mixture
formation or combustion stability. Yet the simplicity of the model reduces the computational
time drastically and therefore makes it a powerful tool in the development process of a com-
bustion engine. The inaccuracies of the model are met with factors which in part incorporate
the effects which cannot be described physically. However, the exact values of these factors are
mostly unknown. This creates the need to calibrate the model against measurement data and
fine-tune the model for good accuracy.
At the time of the simulations no measurement data of the HDGAS engine was available

since the 1D simulations were performed at the beginning of the development process. An
adapted approach was thus chosen. As mentioned above the HDGAS engine builds on the
crank case of the FPT Cursor 13 diesel engine. A CNG fuelled prototype of this engine (Cursor
13 CNG) exists. This prototype features CNG PFI, spark ignition, a waste gate turbocharger
and the swirl charge motion of the diesel engine. EGR is not used. In a first step a 1D model of
this Cursor 13 CNG engine was built and calibrated with measurement data. The model was
validated with a second independent set of measurement data. Subsequently, this calibrated
and validated model was adapted to meet the layout of the HDGAS engine. With this approach
the attempt was made to increase the predictability of the model even though measurement
data was not available at the time when the investigations were performed. After completion of
the simulations, the findings were validated with measurements on the single-cylinder engine
test bench conducted by AVL Graz.
The full load operation of the engine was simulated at nine engine speeds between 600min-1

and 1900min-1. Furthermore, the part load operation was simulated at an engine speed of
1200min-1 and 100 kW brake power. This load is equivalent to BMEP=7.8 bar or a brake
torque of 800Nm. It is the typical operating point of a heavy duty long-haul truck on the
highway and is therefore most relevant for the fuel efficiency. The simulations were performed
with the commercial software AVL BOOST v2013.2.
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5.3 Model Building

In this section the initial model of the Cursor 13 CNG engine is presented and the model-
ling of certain components is discussed. The results of the model validation are displayed.
Subsequently, the adaptation of the model to the layout of the HDGAS engine is discussed.
Especially, the consideration of EGR and its effects on the combustion are reviewed.

5.3.1 Cursor 13 CNG Model

Figure 5.2 depicts the created model of the Cursor 13 CNG engine. The six cylinders (C1 – C6),
the six CNG injectors (I1 – I6) in front of the intake ports, the waste gate turbocharger (TC1),
the intercooler (CO1) and the throttle valve (TH1) are recognisable. Two PID controllers
regulate the boost pressure and the intake manifold pressure by actuating the throttle valve and
the waste gate. The dimensions of the pipes were provided by FPT. The compressor operating
map and the turbine characteristics were provided by the supplier to model the turbocharger.
They are displayed in Figure 5.3. The turbine measurement data is displayed in black in the
right diagram. It is approximated with a polynomial and a spline to ensure a continuous trend.
The fit is directly implemented in the model. The efficiency of the compressor which is also
an input to the model is calculated offline and iteratively for each load point. Since steady-
state simulations were performed a turbocharger model was chosen which computes the energy
balance at the turbocharger shaft without considering the inertia and the turbocharger speed.
The output of this turbocharger model is the compressor pressure ratio. After the simulation is
completed the calculated compressor pressure ratio and the mass flow are used to interpolate
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Figure 5.2: 1D simulation model of the FPT Cursor 13 CNG engine created with AVL BOOST
v2013.2.
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Figure 5.3: The compressor map provided (left) and the turbine characteristics together with their
approximation (right).

the compressor efficiency in the operating map as demonstrated in the left graph of Figure 5.3.
This efficiency is adopted in the model and the simulation is rerun. The procedure is repeated
until the mass flow, the pressure ratio and the efficiency of the compressor converge. The
heat-release rate is another necessary input of the model. It was calculated from the provided
measurement data. The wall heat transfer is calculated according to the model of Woschni
and Huber [59, 133]. The engine friction was calculated from the measurement data. The flow
coefficients of the intake and exhaust ports in dependency of the valve lift were provided by
FPT. Also the flow coefficient of the throttle valve in dependency of the throttle angle was
provided.

Validation

Figure 5.4 displays the model fit for selected quantities and full load operation. Dataset 1 was
used to calibrate the model. Dataset 2 was used to validate the model. The trends of the intake
manifold pressure of dataset 1 and 2 differ, because the measurements were conducted with
turbochargers of different sizes. In case of dataset 1 the waste gate is closed below engine speeds
of 1200min-1. In the case of dataset 2 the waste gate is closed below 1000min-1. No degree of
freedom exists with a closed waste gate to influence the intake manifold pressure and the fit
of the model is particularly visible to the observer. A good agreement between simulation and
measurement is found in case of dataset 1. The relative deviation is below 5%. The maximum
relative deviation in case of dataset 2 is 10%. The trends are captured well, but especially
the temperature and pressure before the turbine deviate. This indicates inaccuracies in the
turbocharger models. Potential sources of deviation are that the turbocharger characteristics
(Figure 5.3) are recorded on turbocharger test beds with stationary gas flows, but the gas
dynamics of the engine are highly transient. In addition, the model does not account for
the inertia of the turbocharger and the provided engine measurement data results from two
different measurement campaigns which can also lead to discrepancies.
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Full load operation
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Figure 5.4: Fit of the 1D simulation model of the Cursor 13 CNG engine for two independent sets of
measurement data.

5.3.2 HDGAS Model

After the calibration and validation of the model of the Cursor 13 CNG engine (Figure 5.2),
the model was adapted to the specifications of the HDGAS engine. Figure 5.5 displays the final
model of the HDGAS engine. The changes made from the Cursor 13 CNG model are versatile
and are listed below:

– The dimensions of the pipes were adapted to the geometry of the HDGAS engine.

– The injectors (I1 – I6) for CNG port fuel injection were removed and replaced by direct
injection.

– Exhaust gas recirculation was added. Different layouts were investigated as detailed in
the results section. In Figure 5.5 the final layout with a split EGR cooler (CO2, CO3),
reed valves (R6, R7) and an EGR valve (R4) is displayed. A PID controller (PID3) was
added to control the amount of EGR.

– The new intake and exhaust port design was considered by different flow coefficients
calculated and provided by PoliMi by means of 3D CFD simulations.

– Another PID controller (PID4) was added to the existing PID1 for the actuation of the
waste gate. Depending on the operating mode either the boost pressure was controlled
(PID4) or the engine torque (PID1).
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– A method was developed to implement the efficiency map of the compressor to cir-
cumvent the offline interpolation of the compressor efficiency described in the previous
section.

– At full load operation a correlation between the amount of EGR and MFB50 was imple-
mented to account for the influence of EGR on the knock limit.

– The influence of EGR on the heat-release rate was considered.

The implementation of the last two points is explained in more detail in the next section.
The model of the wall heat losses remained unchanged. The influence of the Corona ignition
on the combustion was not considered, because no measurement data existed to estimate the
influence on the combustion duration.
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Figure 5.5: The 1D simulation model of the HDGAS engine created with AVL BOOST v2013.2.

5.3.3 Consideration of the Influence of EGR on the Heat-Release Rate

In the 1D simulation the combustion of the air-fuel mixture is considered by a 0D-model
which solves the first law of thermodynamics for a control volume identical to the combustion
chamber. The work transfer to the piston, the wall heat losses and the energy released due
to the combustion are considered in this model. The evolution of the heat-release rate over
degree crank angles (the ’shape’ of the heat-release rate) is an input parameter to this model.
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IVT measurement data
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Figure 5.6: Influence of EGR on the net heat-release rate of the SCE engine (left) and transfer to
the heat-release rates deployed in the 1D simulations (right).

EGR has a significant influence on the heat-release rate, it is therefore important to consider
this effect. The Cursor 13 CNG prototype engine does not feature EGR in order to study the
effect. Thus, another approach was chosen to estimate the influence of EGR.
Measurement data is available at the institute of a spark ignited single-cylinder CNG engine

with 2 litre displacement and a compression ratio of 12.5. This engine was operated with and
without EGR. The effect of EGR on the heat-release rate was studied by reviewing these
measurement data and the findings were transferred to the HDGAS simulation model.
Figure 5.6 on the left depicts measurement data of the single-cylinder engine referred to

on an exemplary basis. The engine is operated stoichiometrically and homogeneously. The
diagram shows the net heat-release rates with 0% and 25% EGR at full load operation at
an engine speed of 1200min-1. Since only the shape of the heat-release rate is of interest
the normed heat-release rate in %/°CA is plotted. This means that in both cases the area
under the trace is equal to 100%. The maximum heat-release rate reduces considerably from
4.6%/°CA to 3%/°CA by the addition of EGR which is a reduction of 35%. At the same
time the combustion is prolonged since the area under the curve is constant. Therefore, the
reduction of the maximum HRR alone can be used as an indicator for the influence of EGR on
the HRR. The prolongation of the combustion is an automatic consequence of the postulation
that the integral of the HRR is constant.
An EGR target was specified for each simulated load point based on the experience of the

project partners. A corresponding reduction of the maximum heat-release rate was defined for
each load point by reviewing the measurement data of the single-cylinder engine. Table 5.2
states the EGR target for each load point and the defined reduction of the net heat-release
rate. Figure 5.6 on the right illustrates how the heat-release rate was altered. The measured
heat-release rate of the Cursor 13 CNG engine is the model input for simulations without EGR.
This heat-release rate is approximated with a double vibe fit. In a second step this fit is altered
in order to achieve the reduction specified in Table 5.2. The heat-release rates generated in this
way serve as input for the simulations with EGR.
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Table 5.2: The EGR target and the defined reduction of the maximum heat-release rate.

Engine speed Torque EGR target Reduction maximum HRR

min-1 Nm % %

600 max. 8 −14

800 max. 10 −17

1000 2200 11 −19

1100 2200 12.5 −21

1200 2200 18 −30

1400...1900 2200...1860 22 −35

1200 800 20 −25

An uncertainty in the deployed heat-release rates remains of course, both with and without
EGR. The combustion chamber geometry, the charge motion, presumably the turbulence level
and the ignition source differ between the Cursor 13 CNG prototype engine, the single-cylinder
engine at the institute and the HDGAS engine under development. However, since at the time
of the simulations no measurement data of the HDGAS engine was available this approach is
valid to estimate the influence of EGR on a heavy duty NG SI engine.
Furthermore, the influence of EGR on the knock limit was estimated again by reviewing

the SCE measurement data. It was found that by the addition of EGR and incorporating a
safety margin to the actual knock limit, MFB50=14 °CA is feasible for the single-cylinder
engine. An algorithm was implemented in the simulation which linearly interpolates between
MFB50=14 °CA if the EGR target is achieved and the MFB50 of the Cursor 13 CNG engine
at 0% EGR which is around 20 °CA. The heat-release rate is shifted accordingly.

5.4 Simulation Results

In this section the findings of the simulations are presented. The effects of EGR in part load and
full load operation in combination with a waste gate turbocharger are discussed. Early and late
Miller valve timing in the presence of external EGR is reviewed and compared to conventional
valve timing. Finally, cam phasing is investigated together with EGR and in combination with
the standard and the early Miller valve lift profiles. The section is concluded by a comparison
of the simulation results and measurements of the HDGAS single-cylinder engine conducted
by AVL Graz.

5.4.1 Exhaust Gas Recirculation in the Context of an SI Engine with Waste
Gate Turbocharger

Theory

EGR is state of the art generally in all passenger car and many heavy duty diesel engines. It
is used to reduce the engine-out NOx emissions of diesel engines by lowering the combustion
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temperature and the oxygen concentration. By contrast, EGR has previously scarcely been
used in stoichiometrically operated SI engines, as the engine-out NOx emissions are effectively
reduced by the three-way catalyst creating no need for EGR from an emissions perspective.
It was used in some engines instead for dethrottling during part load operation. As today’s
PC gasoline engines are generally turbocharged and the new emission legislation focuses on
RDE, EGR has again received attention for SI engines. Fuel enrichment is commonly used in
passenger car gasoline SI engines to safeguard the turbocharger at full load from too high
exhaust gas temperatures. Fuel enrichment must be avoided, however, with the introduction
of the RDE legislation. Thus, new concepts such as EGR are considered to reduce the exhaust
gas temperature [24, 26, 121] and first series applications in passenger car gasoline SI engines
were reported [56, 61, 90].
Similarly, EGR is also considered for stoichiometrically operated turbocharged NG heavy

duty engines to raise the fuel efficiency and to reduce the thermal strain of the turbocharger
to ensure the required durability [2, 39, 99]. Detailed studies were published [46, 68] and a
series application was reported [57]. The effects of EGR are manifold and are summarised for
heavy duty natural gas SI engines below.
By adding cooled exhaust gas to the fresh charge the air-fuel mixture is diluted. Thus,

the combustion temperature decreases as more inert mass is present in the cylinder. As a
consequence the wall heat losses reduce which raises the fuel efficiency. A reduction of the
combustion temperature implies that the exhaust gas temperature is also lowered. Hence,
EGR is a viable measure to meet the temperature limit of the turbocharger, which is a critical
constraint in stoichiometric engine concepts. The limit is in the range of 800 °C for a mod-
ern turbocharger designed for heavy duty NG engines. Furthermore, EGR influences the caloric
properties of the cylinder charge during compression. The specific heat capacity of exhaust gas
is higher than of fresh charge which decreases the isentropic exponent of the cylinder charge.
This results in a reduced work demand during compression. In addition, the reduced combus-
tion temperature increases the isentropic exponent during expansion. Both effects cumulate in
an increase of the fuel efficiency of the engine [97].
At full load operation cooled EGR is a measure to reduce the knocking probability, again

by reducing the combustion temperature. Thereby the maximum torque can be raised. Al-
ternatively, the compression ratio can be increased or MFB50 can be advanced, both measures
influence the fuel efficiency positively. Finally, the addition of exhaust gas requires a higher
intake manifold pressure to keep the amount of fresh charge constant. During part load op-
eration of SI engines this means the engine is dethrottled and the gas exchange losses are
reduced. Also at full load operation EGR affects the gas exchange losses of an engine with
waste gate turbocharger positively. The relations are less obvious and therefore are explained
subsequently by means of the simulation results.

Layout

As stated in the previous section an EGR target was defined for the HDGAS engine at full
load operation in dependence of the engine speed (Table 5.2). Different EGR layouts were
investigated to achieve this target. Figure 5.7 displays the four investigated EGR layouts, they
comprise of:
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a Exhaust gas recirculated from three cylinders and one cooler.

b Exhaust gas recirculated from all six cylinders and one cooler.

c Exhaust gas recirculated from all six cylinders and a split cooler for reduced flow resist-
ance.

d Addition of reed valves to eliminate back flow and utilise even small pressure peaks.

Figure 5.8 shows the achieved amount of EGR and the EGR target at full load. The sim-
ulations were performed with the finalised waste gate turbocharger of the HDGAS engine.
The turbocharger was chosen in order to meet the low-end torque and the EGR target at
n=1000min-1. The feasible amount of EGR increases from layout a to layout d. The influence
of the reed valves at lower engine speeds is especially remarkable. In order to recirculate ex-
haust gas a positive pressure gradient between the exhaust manifold and the intake manifold
is required. This prerequisite is, however, in conflict with the requirements for an optimal gas
exchange. The pressure gradient between exhaust and intake manifold should be as small as
possible or even negative for minimum gas exchange losses. Therefore, with variants a to c no
exhaust gas can be recirculated below engine speeds of 1000min-1 as the pressure gradient is
either negative or too small. The reed valves enable the utilisation of small pressure peaks to
promote EGR even if on average the pressure gradient is negative. However, also with layout
d the target is not met between 1100min-1 and 1400min-1. A smaller turbine would facilitate
higher amounts of EGR, yet at the cost of higher gas exchange losses as the exhaust manifold
pressure rises. It was decided that the EGR achieved with layout d is sufficient due to these
correlations.
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Figure 5.7: The four investigated EGR layouts for the HDGAS engine.
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Full load operation
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Figure 5.8: The EGR target at full load and the achieved amount of EGR with each EGR layout
(Figure 5.7).

Part Load Operation

The influence of EGR on the HDGAS engine is quantified by the comparison of simulation
results with and without EGR. The results with EGR refer to layout d. Figure 5.9 displays
results in the part load operating point n=1200min-1 and BMEP=7.8 bar. In the following
this load point is abbreviated as 1200/7.8. Note that the origin of the bar charts is unequal to
zero in some cases for a better perceptibility of the differences. The EGR target in this load
point is 20%. It is achieved without problems due to the throttled operation. MFB50 is set to
12 °CA in both cases and the effect of EGR on the heat-release rate is considered as explained
in Section 5.3.3.
The intake manifold pressure pintake must be raised by almost 200mbar in the case with

EGR in order to maintain the load. The exhaust manifold pressure pexhaust remains almost
unaffected. This results in a reduction of the gas exchange losses by 200mbar or one third.

n = 1200 min-1 / BMEP = 7.8 bar   20 % EGR         0 % EGR

pexhaust / bar
0 0.4 0.8 1.2 1.6 2.0

PMEP / bar
0 0.2 0.4 0.6 0.8 1.0

Exhaust gas temp. / °C
600 650 700 750 800

Net indicated eff. / %
34 36 38 40 42 44

pintake / bar
0 0.4 0.8 1.2 1.6 2.0

Throttle angle / deg
20 22 24 26 28 30

Wall heat losses / kJ
0 1 2 3 4 5 6

Gross indicated eff. / %
34 36 38 40 42 44

Figure 5.9: The influence of EGR in part load operation.
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As explained above charge dilution leads to a reduction of the combustion temperature. As a
consequence the wall heat losses reduce by 13% and the exhaust gas temperature decreases by
120 °C from 750 °C to 630 °C. The changes in the wall heat losses, the caloric properties of the
charge and the heat-release rate cumulate in an increase of the gross indicated efficiency ηi,g by
1.2%Pt. to 42.9%. The total of the described effects result in an increase of the net indicated
efficiency ηi,n even by 1.9%Pt. to 41.5%. With a friction mean effective pressure (FMEP) of
1 bar, this results in a brake thermal efficiency ηe of 36.9%.

Full Load Operation

The influence of EGR at full load operation is displayed in Figure 5.10. In the top left part the
torque, the EGR rate and the set MFB50 are depicted. The results with EGR represent variant
d of Figure 5.7. MFB50 is adjusted in dependence of the amount of EGR to account for the
knocking probability as explained in Section 5.3.3. In the bottom left diagram the influence on
the gas exchange is displayed. The addition of EGR requires a higher intake manifold pressure
to maintain the load. Therefore, the waste gate is closed more (described by the ratio of the
mass flow across the turbine to the total exhaust gas mass flow) to provide a higher boost
pressure. This entails also an increase of the exhaust manifold pressure, but the increase of
the intake manifold pressure is larger. The reason is that the turbocharger efficiency is rising
as the operating points are shifted towards more favourable areas in the compressor operating
map as demonstrated in Figure 5.11 As a result, the gas exchange losses decrease by up to
350mbar in the engine speed range from 1000min-1 to 1900min-1. At 600min-1 and 800min-1

the engine torque reduces with EGR, because not enough boost pressure can be provided to
keep the mass of fresh charge constant. This also reflects in the gas exchange losses which are
slightly higher with EGR at 600min-1 and 800min-1. However, PMEP is still negative which
indicates that also during the gas exchange work is transferred from the gas to the piston.
In the right diagram the effect on the exhaust gas temperature is displayed. Without EGR

the temperature reaches up to 940 °C considerably exceeding the limit of 800 °C. By the in-
troduction of EGR the exhaust gas temperature is lowered by 190 °C to 750 °C. Although the
reduction is not only caused by EGR, also the advancement of MFB50 reduces the exhaust gas
temperature. The wall heat losses are reduced by approximately 8%. The large difference at
600min-1 and 800min-1 results from the different load in these two operating points. Both the
gross and net indicated efficiency increase by approximately 2.5%Pt. by the addition of EGR.
However, the difference in MFB50 also contributes to it. The small differences in efficiency
below 1000min-1 are contributed to the different load, the comparably small amount of EGR
and similar MFB50.
Finally, Figure 5.11 displays the location of the operating points in the compressor operating

map. EGR shifts the operating points towards higher compressor pressure ratios as higher boost
pressures are required. For the present engine and turbocharger this results in an increase
of the compressor efficiency. In conclusion, the positive effects of EGR on SI engines stated
in literature are clearly confirmed for heavy duty natural gas SI engines with a waste gate
turbocharger. In part load as well as full load operation the efficiency of the engine is raised
while the exhaust gas temperature is lowered which is vital for the turbocharger at full load
operation.
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Figure 5.10: The influence of EGR at full load operation.

5.4.2 Early and Late Miller Valve Timing

Apart from conventional valve timing which is optimised for maximum volumetric efficiency,
the early and late Miller Cycle were investigated. The latter one is also referred to as Atkinson
Cycle. They are characterised by an early, respectively late intake valve closing (IVC). Sub-
sequently, a short introduction to the theory behind the Miller Cycle is given. Afterwards the
layout of the valve lift profiles is discussed and the results in full load and part load operation
are presented.
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Figure 5.11: The compressor operation map and the influence of EGR on the operating points.

Theory

Early Miller timing is characterised by an early IVC while late Miller timing makes use of
late IVC. From a thermodynamic point of view both processes are identical. The differences
which still exist in practice are discussed later. The effects of and motivation for Miller timing
are manifold. An excellent overview of the various effects is given in [107]. Figure 5.12 depicts
an idealised process of the early Miller Cycle in comparison to conventional valve timing
in part load operation. With conventional valve timing IVC is in BDC and the compression
starts in point 2. In the early Miller Cycle the intake valve already closes in point 1b'. The
cylinder charge is overexpanded to point 2 and then again compressed. The compression above
intake conditions starts only in point 1b'. The early IVC reduces the volumetric efficiency and
therefore the gas exchange losses of a stoichiometric engine in part load operation. The gas
exchange work of conventional valve timing is represented by the hatched area. With Miller
timing, if IVC is optimal (as in Figure 5.12) the gas exchange work vanishes, as the volumetric
efficiency is reduced exactly to such an extent that throttling is not required.
A second effect important in the context of this work is the charge temperature. With Miller

timing the charge temperature is reduced. The right graph of Figure 5.12 displays the cylinder
temperature in part load operation. Due to the overexpansion of the cylinder charge after point
1b', the charge has a lower temperature in point 2 than with conventional valve timing. At full
load operation due to the reduced volumetric efficiency a higher boost pressure is required with
Miller timing than with conventional valve timing. This can be interpreted as an outsourcing
of compression [107], since the compression of charge in the cylinder is reduced while the
compression of air by the turbine is increased. As a consequence the temperature after the
compressor is higher which opens up the possibility for better charge cooling. Therefore, also
in full load operation the charge temperature is reduced which positively affects the conflict
between knocking, MFB50, the compression ratio and the maximum attainable load.
The described effects are valid for early as also late Miller timing. Differences arise when

considering the turbulence of the cylinder charge. Since the maximum acceleration of the valves
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Figure 5.12: The pressure and temperature evolution of the Miller Cycle and conventional valve
timing for an idealised process in part load operation [107].

is limited early IVC also entails a reduced valve lift. Furthermore, the inflow of air which is
a source of turbulence is stopped early before BDC. Both effects cause a reduced turbulence
level at firing TDC. In contrast, late Miller timing sustains a higher turbulence intensity. As
cylinder charge is pushed back into intake duct, however, the flow losses are in reality higher.
A more elaborate discussion of Miller timing is given in [107].

Layout

The investigated valve lift profiles are depicted in Figure 5.13. The conventional valve timing is
denoted as Standard. All three intake valve lift profiles were combined with the same exhaust
valve lift profile. Table 5.3 states the specifications of the individual valve lift profiles. ϕi and
ϕe are the intake resp. exhaust cam phasing angles. They are defined as the angles between
TDC and the maximum of the valve lift curves and are positive by definition.
Figure 5.14 displays the volumetric efficiency at full load operation and the ratio of turbine to

total mass flow. The late Miller cam profile was designed in such a way that at n=1000min-1

(the engine speed at which the low-end torque is specified) the volumetric efficiency is ap-
proximately equal to early Miller timing. Thereby, the ratio of turbine to total mass flow is
also identical which means the low-end torque is achieved with the same safety margin. At
higher engine speeds the volumetric efficiency of late Miller timing is considerably higher than
with early Miller timing due to the gas dynamics which change with the engine speed and the
inertia of the gas flow.

Full Load Operation

Figure 5.15 depicts the influence of early and late Miller timing at full load operation. It re-
veals that the effects are limited compared to the introduction of EGR which was discussed in
Section 5.4.1. Furthermore, the effect of late Miller timing is smaller than the one of early Miller
timing as the volumetric efficiency is less reduced. In the simulation model the temperature
at the intercooler outlet is kept constant. This means that the potential of additional charge
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Figure 5.13: The investigated valve lift profiles of standard, early and late Miller timing.

Table 5.3: Specifications of the investigated valve lift profiles.

Duration1 IVC1 EVO1 ϕi ϕe max. lift
°CA °CA °CA °CA °CA mm

Intake
Standard 218 566 – 103 – 13.4

Early Miller 165 522 – 78 – 9.5
Late Miller 247 595 – 117 – 13.4

Exhaust 232 – 136 – 109 13.1
1 at 0.5mm valve lift
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Figure 5.14: The volumetric efficiency and the ratio of turbine to total mass flow for the investigated
valve lift profiles at full load operation.
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Figure 5.15: The effect of early Miller, late Miller and standard timing at full load operation.

cooling is completely utilised with Miller timing since the temperature at the intercooler inlet
is higher. In the right graph of Figure 5.15 the cylinder temperature 30 °CA before firing TDC
is displayed. This is just before the start of combustion. With early Miller timing the cylinder
temperature is lowered by 10 °C to 28 °C. This positively affects the knocking probability. The
decrease is smaller with late Miller timing and remains constant at approx. 7 °C.
The intake manifold pressure must be raised by more than 400mbar with early Miller

timing and by 150mbar with late Miller timing. This requires a closing of the waste gate
which is indicated by an increase in the ratio of turbine to total mass flow. However, unlike
the introduction of EGR (Figure 5.10) the exhaust manifold pressure also rises considerably.

88



5.4 Simulation Results

Isentropic compressor efficiency / %

Corrected compressor mass flow / kg/s

0 0.05 0.10 0.15 0.20 0.25 0.30 0.35 0.40 0.45 0.50

C
o

m
p

re
ss

o
r 

p
re

ss
u

re
 r

a
ti

o
 /

 –

1.0

1.5

2.0

2.5

3.0

3.5

4.0

4.5

5.0
 Standard

 Early Miller

 Late Miller

 Standard w/o EGR

Increasing engine speed

78

76

74

72
70

65

Figure 5.16: The compressor operating map and the operating points at full load with different valve
timing concepts.

Therefore, the reduction of the gas exchange losses is lower. The reason is the turbocharger
efficiency as demonstrated in Figure 5.16. By the introduction of EGR the operating points
of the compressor are shifted towards areas of higher compressor efficiency. By Miller timing
the efficiency remains approximately constant. It cannot be raised further as the maximum
efficiency has already been reached. As a consequence, there is a stronger increase in the
exhaust manifold pressure.
It is worth mentioning that the gas exchange losses are calculated from BDC to BDC in-

dependent of the valve timing. This more or less arbitrary partition of the engine cycle into
a low-pressure and a high-pressure cycle can cause artefacts when IVC deviates considerably
from BDC. Parts of the gas exchange can be assigned to the high-pressure cycle and vice versa.
However, when the whole engine cycle of 720 °CA is considered, these artefacts dissolve and
the IMEP remains unaffected.
Even though the changes in the pressure gradient between exhaust and intake manifold are

small, they affect the feasible amount of EGR as displayed in the top left graph of Figure 5.15.
The changing level of EGR softens the influence of the valve timing on the gas exchange work
and affects MFB50. The influence on the exhaust gas temperature is below 30 °C and results
from the increase of the exhaust manifold pressure and the differences in EGR and combustion
phasing.
The effect of Miller timing on the gross indicated efficiency is ambivalent. Between 1000min-1

and 1400min-1 it is reduced by up to 0.2%Pt. compared to standard timing. This results from
the retarded MFB50 which influences the brake torque and the reduced EGR which affects the
wall heat losses. At higher engine speeds early Miller timing facilitates an increase of the gross
indicated efficiency by approximately 0.2%Pt.. EGR and MFB50 are equal which means the
higher efficiency is caused by the reduced charge temperature. The improvement by late Miller
timing is below 0.1%Pt., because the difference in volumetric efficiency is too small compared
to standard timing.
The influence of Miller timing on the net indicated efficiency is slightly larger, because
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Figure 5.17: The p-V and T-V diagrams for early Miller, late Miller and standard timing at full load
operation and n=1600min-1.

the positive effect on the gas exchange losses is included. Early Miller timing increases the
efficiency by 0.3%Pt. above 1400min-1. Late Miller timing increases the efficiency by 0.1%Pt.
above 1400min-1. At 1400min-1 and below the reduction of the gas exchange work and the
wall heat losses cannot compensate the negative influence on EGR and MFB50.
Finally, Figure 5.17 depicts the p-V and T-V diagrams at n=1600min-1. IVC is defined at

1mm effective valve lift and added in the graphs. The overexpansion in the case of early Miller
timing, the higher intake manifold pressure and the cooler charge are well observed.

Part Load Operation

In part load operation Miller timing enables dethrottling of the engine. Figure 5.18 depicts
simulation results of early Miller, late Miller and standard timing in the load point 1200/7.8.
All three variants are operated with 20% EGR and MFB50 is set to 12 °CA. As the volumet-
ric efficiency is reduced with Miller timing, the intake manifold pressure is raised by 60mbar
respectively 80mbar. The throttle valve is opened to achieve this rise. Since the waste gate re-
mains fully closed at these low pressures also the exhaust manifold pressure remains unchanged.
Consequently, the PMEP which quantifies the gas exchange losses reduces by 60mbar respect-
ively 70mbar. The exhaust gas temperature is not significantly influenced. The wall heat losses
decrease by approx. 2% and in accordance the gross indicated efficiency increases slightly by
Miller timing. The increase in net indicated efficiency accounts for 0.3%Pt. and 0.4%Pt. mainly
due to the reduction in gas exchange work. Figure 5.19 shows the associated p-V and T-V dia-
grams. The reduction of the gas exchange work is well observed. The reduction of the charge
temperature at BDC is also recognisable.
Finally, Figure 5.20 displays crank angle resolved simulation results for the three valve lift

profiles. It displays the intake and exhaust manifold pressure, the cylinder pressure, the mass
flow over intake and exhaust valves and the valve lift profiles. In the case of early Miller valve
timing the overexpansion of the cylinder charge can be observed by a reduction of the cylinder
pressure at 540 °CA which equals BDC. The exhaustion of fresh charge after BDC in the case
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Figure 5.18: The effect of early Miller, late Miller and standard timing on the part load operation in
the load point 1200/7.8.
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Figure 5.19: The p-V and T-V diagram in part load operation (1200/7.8) for early Miller, late Miller
and standard valve timing.

of late Miller timing is well observable too. It also entails a later rise of the cylinder pressure
compared to standard valve timing.

Conclusion

The potential of early and late Miller timing to reduce the gas exchange losses at full load
operation is limited. However, in combination with intercooling the charge temperature at the
end of the compression stroke can be reduced by up to 28 °C. This positively affects the trade-
off between knocking, MFB50, compression ratio and the maximum attainable load. In part
load operation the gas exchange losses are reduced distinctly resulting in an increase in net
indicated efficiency by up to 0.4%Pt. at BMEP=7.8 bar. Miller timing is a practical method
to raise the part load efficiency and at the same time improve the full load operation.
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Figure 5.20: Crank angle resolved simulation results which are characteristic for the gas exchange in
the part load operating point 1200/7.8.
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5.4.3 Variable Valve Timing

Ultimately, the potential of cam phasing was investigated and indications for an operating
strategy were derived. The investigations were conducted for the standard and early Miller
cam profiles at full load and also part load operation in combination with external EGR.
Hydraulically actuated cam phasers are installed on both cam shafts of the HDGAS engine.
They rotate the cam shafts relatively to the crank shaft and thereby influence the valve timing
during the operation of the engine. A more detailed description of the functionality of cam
phasers and available realisations is given in [30]. Figure 5.21 displays the effect of cam phasing
on the valve timing. The valve lift curves can be shifted relative to TDC and set optimal for
each operating point.
The angle between the maximum of the valve lift curve and TDC is referred to as intake cam

phasing angle ϕi resp. exhaust cam phasing angle ϕe. For the standard cam profile and fixed
valve timing these angles are ϕi=103 °CA and ϕe=109 °CA. Subsequently, the short notation
I 103 /E 109 is often used to state a specific valve timing.
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Figure 5.21: The effect of cam phasing on the valve timing for the standard cam profile.

The piston of the HDGAS engine includes valve pockets to allow for considerable valve lifts
at TDC. Thereby the effects of a large valve overlap can also be assessed. A maximum valve
lift of 5mm is permissible at TDC which ensures a clearance between valves and piston of
1.5mm. Figure 5.22 illustrates the situation of maximum valve lift at TDC.

Methodology

Figure 5.23 depicts the load points in which cam phasing was investigated. At part load op-
eration a load sweep at n=1200min-1 was analysed at BMEPs of 3 bar, 5 bar, 7.8 bar and
12 bar. Full load simulations at engine speeds of 600min-1, 800min-1, 1000min-1, 1200min-1,
1600min-1 and 1900min-1 were conducted.
In each operating point variations of the intake and exhaust cam phasing angles were per-

formed according to the domain stated in Figure 5.24. The valve timing of fixed cams (as invest-
igated in the previous section) is marked green. The minimum cam phasing angles (I 45 /E 78
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Figure 5.22: The minimum clearance between piston and valves at TDC at the maximum permissible
valve lift of 5mm.
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Figure 5.23: Load points in which cam phasing was assessed; Green: part load operation, blue: full
load operation.
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resp. I 73 /E 78) are defined in accordance to the mechanical limit of 5mm valve lift at TDC.
Once the simulations were completed sweeps of constant intake resp. exhaust cam phasing
angle (as indicated in the left graph of Figure 5.24) were plotted to investigate and demon-
strate the effects of cam phasing.

Part Load Operation

The effects of cam phasing and the derivation of the operation strategy are discussed in detail
for the early Miller cam profile. Subsequently, the potential of cam phasing at part load
operation is discussed by reviewing the whole load sweep at n=1200min-1 for both the early
Miller and the standard cam profiles.
Figure 5.25 shows a variation of the intake cam phasing angle ϕi at BMEP=3bar for constant

exhaust cam phasing angles and the early Miller cam profile. The total amount of EGR consists
of internal and external EGR. The external EGR is recirculated from the exhaust manifold
and cooled while the internal EGR consists of residual gas which remains in the combustion
chamber. The internal EGR is thus considerably hotter than the external EGR. The total
fraction of exhaust gas in the cylinder is kept constant at 24%. The MFB50 is also kept
constant at 13 °CA. The fixed valve timing is marked by the solid blue circle.
The intake cam phasing angle ϕi adjusts two important quantities of the valve timing,

the valve overlap and IVC. The amount of internal EGR rises considerably with reducing
intake cam phasing angle. The top and middle graph of Figure 5.26 illustrate the mechanisms
behind this. The graphs display crank angle resolved data of I 45 /E 109 and I 78 /E 109 (i.e. a
reduction of ϕi). Due to the low load the intake manifold pressure is below the exhaust manifold
pressure. Reducing ϕi increases the valve overlap and results in a backflow of exhaust gas from
the exhaust ducts into the intake ducts as the negative mass flow across the valves indicates.
Simultaneously, IVC is advanced reducing the time for the inflow. The intake manifold pressure
must be raised by opening the throttle valve in order to reach the target load. The exhaust
manifold pressure remains almost unaffected. These dependencies are also well observed in
Figure 5.25. As a consequence, the gas exchange work reduces considerably by up to 200mbar
compared to fixed valve timing, raising the net indicated efficiency by 1.3%Pt..
The exhaust cam phasing angle ϕe also adjusts the valve overlap and more importantly it

defines exhaust valve opening (EVO). A reduction of ϕe further increases the internal EGR
as Figure 5.25 displays. The gas exchange losses are reduced by 220mbar and the efficiency
is raised by 1.4%Pt. compared to the fixed valve timing. The combinations of smallest ϕi

and ϕe (e.g. I 45 /E 78) are violating the condition of constant EGR since the internal EGR
alone exceeds 24%. They are therefore not displayed in Figure 5.25. The middle and bottom
graph of Figure 5.26 illustrate the effect of a reduction of the exhaust cam phasing angle. The
valve overlap further increases and the backflow of exhaust gas is prolonged reducing the time
available for the inflow of fresh charge. The intake manifold pressure must therefore be raised
further and the gas exchange work is reduced.
The second important effect is the adjustment of the EVO. It balances the conflicting goals

of low gas exchange work and high gross indicated efficiency ηi,g. Late EVO improves the util-
isation of the cylinder pressure and therefore increases ηi,g. However, the pressure level during
the subsequent exhaust stroke is higher, which raises the gas exchange work. By contrast,
early EVO results in a poor utilisation of the cylinder pressure, but the pressure level during
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Figure 5.25: Variation of the intake cam phasing angle ϕi at n=1200min-1 /BMEP=3bar, constant
exhaust cam phasing angles and the early Miller valve lift profile.

the exhaust stroke is lower leading to smaller gas exchange work. The optimum EVO depends
on engine speed and load and is characterised by the maximum net indicated efficiency. For
the current load point and with the set boundary conditions the optimum EVO occurs at
ϕe=99 °CA.
Finally, Figure 5.27 displays the p-V and T-V diagrams for the same valve timings as in

Figure 5.26. It illustrates the significant decrease of the gas exchange loop. In the case of
I 45 /E 78 the temperature at BDC is higher compared to the other variants due to the large
amount of internal EGR which raises the charge temperature by approx. 30 °C.
Figure 5.28 displays a variation of the intake cam phasing angle at BMEP=7.8 bar. The

relations are similar to the ones at BMEP=3bar, but the trends soften. Since the load is higher
the gas exchange losses are smaller already with fixed cams (solid blue circle). A reduction of
ϕi advances IVC and reduces the time available for the inflow of charge. The intake manifold
pressure must be raised to maintain the load and as a result the gas exchange work decreases.
The valve overlap also increases, but as the pressure difference between exhaust and intake is
substantially smaller the amount of internal EGR does not increase significantly. Ultimately,
at ϕi=51 °CA the pressure gradient between exhaust and intake manifold is too small to
recirculate the desired amount of exhaust gas and the EGR target can no longer be met. As
a result, the gas exchange work remains constant and the net indicated efficiency reduces as
the wall heat losses increase.
To illustrate the influence of the exhaust cam phasing angle lines of constant ϕi are plotted

in Figure 5.29. Small exhaust cam phasing angles are equivalent to a late EVO which leads
to an increase in gross indicated efficiency as a high cylinder pressure is sustained longer.
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Figure 5.26: Crank angle resolved simulation results for the early Miller cam profile with three differ-
ent combinations of cam phasing angles in the load point n=1200min-1 /BMEP=3bar.
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Figure 5.27: The p-V and T-V diagram of the early Miller cam profile with three different combina-
tions of cam phasing angles in the load point n=1200min-1 /BMEP=3bar.

However, the gas exchange work increases too as the pressure is higher during the following
exhaust stroke. The optimum between high gross indicated efficiency and low gas exchange
losses is flat and occurs at ϕe=109 °CA in this load point. FigureC.1 in AppendixC states
additional crank angle resolved data for a better traceability of the described effects.
Figure 5.30 shows a variation of ϕi at BMEP=12bar. The effect of cam phasing on the net

indicated efficiency vanishes almost entirely. Improvements in the gas exchange work are offset
by a reduction in gross indicated efficiency as the decreasing EGR negatively affects the wall
heat losses. The maximum position of the throttle valve is 85 °. At small intake cam phasing
angles unthrottled operation is already achieved in this load point. Furthermore, it is notable
that the intake manifold pressure exceeds the exhaust manifold pressure. External EGR is
feasible only because of the reed valves installed in the EGR ducts. Internal EGR is no longer
feasible as the pressure gradient reverses. Instead of a backflow of exhaust gas during the
valve overlap scavenging occurs. Scavenging refers to fresh charge which directly flows into the
exhaust duct and escapes the combustion. Along with this residual gases are also expelled. In
Figure 5.30 scavenging is observable at ϕi=51 °CA as with increasing valve overlap (decreasing
ϕe) the internal EGR approaches zero.
Under some operating conditions scavenging can be desirable, for example to improve the

response of the turbocharger. However, in stoichiometric operation scavenging must be avoided
as it results in lean exhaust gas. It affects the lambda control and the exhaust gas aftertreat-
ment negatively. Therefore, ϕi=51 °CA is excluded for the derivation of the operating strategy.
FigureC.2 in AppendixC states crank angle resolved quantities which demonstrate scavenging
at ϕi=51 °CA.
Figure 5.31 on the left demonstrates the operating strategy of cam phasing with the early

Miller cam profile for a load sweep at n=1200min-1. The operating strategy was derived
on the basis of the preceding investigations. The criterion for optimisation was maximum
fuel efficiency under the condition of a maximum residual gas fraction in the cylinder of
24%. Furthermore, scavenging was avoided. In the right graph the operating strategy for the
standard cam profile is displayed. It was developed in the same manner as detailed for the early
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Figure 5.28: Variation of the intake cam phasing angle ϕi at n=1200min-1 /BMEP=7.8 bar for
different exhaust cam phasing angles and the early Miller cam profile.
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Figure 5.29: Variation of the exhaust cam phasing angle ϕe at n=1200min-1 /BMEP=7.8 bar for
different intake cam phasing angles and the early Miller cam profile.

Miller profile. Independent of the cam profile it reveals that at low loads a large valve overlap
is advantageous. With increasing load the optimal valve overlap decreases. This is caused in
part by scavenging which is prevented by these operating strategies. Furthermore, the exhaust
cam phasing angle ϕe of the fixed timing is well suited and there is no need for adjustment at
higher loads.
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Figure 5.30: Variation of the intake cam phasing angle ϕi at n=1200min-1 /BMEP=12bar for
different exhaust cam phasing angles and the early Miller cam profile.

Figure 5.32 shows the effect of the stated operating strategies on the gas exchange losses and
the net indicated efficiency. While cam phasing increases the part load efficiency considerably in
combination with the early Miller profile, it remains without significant effect in combination
with the standard valve lift profile. In the case of the Miller cam profile the net indicated
efficiency increases by 1.4%Pt. at BMEP=3bar. With increasing load this efficiency benefit
reduces to less than 0.1%Pt. at BMEP=12bar. The improvement results from a reduction of
the gas exchange work. In the case of the standard cam profile the efficiency gain is in the
range of 0.1%Pt.. The reduction of the gas exchange losses is compensated by an increase in
the wall heat losses as detailed below.
Figure 5.33 states loss analyses for the early Miller and standard profiles with and without

cam phasing to explain the different results obtained with these two cam profiles. The loss
analyses are conducted according to the method described in [97]. The efficiency of the ideal
engine remains unchanged by the introduction of cam phasing with the early Miller cam profile.
The wall heat losses increase by 0.2%Pt. but the reduction of the gas exchange losses by 1.6%Pt.
overcompensates this, resulting in the stated increase of the net indicated efficiency by 1.4%Pt..
The wall heat losses rise, because high amounts of internal EGR are used which raise the charge
temperature. However, the effect remains limited as early IVC causes a reduction of the charge
temperature in part load operation (as detailed in Section 5.4.2). In comparison to the fixed
Miller timing IVC is advanced by 33 °CA with cam phasing. Thereby, much of the temperature
increase caused by internal EGR is compensated.
The situation is different with the standard cam profile. Also in this case large amounts of

internal EGR are deployed with cam phasing. However, the associated temperature rise is not
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Figure 5.31: Cam phasing operating strategy for early Miller (left) and standard (right) valve lift
profiles for a load sweep at n=1200min-1.
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Figure 5.32: The effects of cam phasing in combination with early Miller (left) and standard (right)
cam profiles for a load sweep at n=1200min-1.
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Figure 5.33: Loss analysis in the load point 1200 / 3 for the operation with and without cam phasing.
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compensated as IVC cannot be advanced far enough to make use of the same effect as with
the Miller cam profile. As a result, the charge temperature is higher, decreasing the efficiency
of the ideal engine by 0.4%Pt.. Additionally, the wall heat losses rise by 0.5%Pt.. This almost
diminishes the efficiency gain due to the reduction of the gas exchange work.
In the literature experimental studies on cam phasing in naturally aspired gasoline SI passen-

ger car engines exist [72, 98]. The maximum load of naturally aspired engines is considerably
lower and the engine speed range is larger compared to the investigated heavy duty engine. In
addition these studies make use of conventional cam profiles and do not use early Miller cam
profiles in combination with cam phasing. Therefore, a comparison of the results is not possible
in all aspects. Nevertheless, also in these studies it was concluded that a large valve overlap
is the most effective method to reduce the gas exchange work during part load operation. At
very light loads it was reported that the overlap must be reduced to limit the cycle-to-cycle
variations which rise with increasing residual gas content. In [78] cam phasing was investig-
ated experimentally with conventional and early Miller cam profiles on a boosted gasoline SI
passenger car single-cylinder engine in part load operation. The derived operating strategy is
similar to the one presented. High valve overlaps at low engine loads are favoured and with
increasing load the valve overlap is reduced. In addition, the same observation was made that
cam phasing with early Miller cam profiles is more effective than with conventional profiles.
This documents that in turbocharged heavy duty SI engines similar trends and relations exist
as in turbocharged passenger car SI engines in relation to cam phasing.

Full Load Operation

The effects of cam phasing at full load operation are only discussed for the early Miller cam
profile, because the relations and the conclusions drawn are identical to the ones with the
standard cam profile. The operating strategy for cam phasing at full load was derived in the
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Figure 5.34: Right: Derived operating strategy of cam phasing at full load operation in combination
with the early Miller cam profile. Left: The effect of cam phasing on the engine torque
and the net indicated efficiency.

same way as it was described in detail for part load operation. The criterion for optimisation
was again maximum fuel efficiency.
Figure 5.34 on the right depicts the derived operating strategy and on the left its effect on

the engine torque and the net indicated efficiency. From n=1200min-1 onwards the fixed tim-
ing is optimal and therefore no benefit is generated by cam phasing. Even below n=1200min-1

the effect of cam phasing is very limited. The torque at n=600min-1 is raised by 50Nm and
by 105Nm at 800min-1. The net indicated efficiency increases by less than 0.1%Pt.. Never-
theless, the mechanisms of cam phasing at full load operation are described below, because in
combination with a waste gate turbocharger some notable phenomena occur.
In general, two cases need to be distinguished. Load points in which the torque is not limited

or the maximum torque is not achieved yet and load points in which the torque is limited.
At 600min-1 and 800min-1 the rated torque of 2200Nm is not achieved while at 1000min-1

the rated torque is already reached without cam phasing. These two cases require different
strategies which also reflects in the operation strategy. There is a shift from large intake cam
phasing angles to small angles once the rated torque is achieved.
At first the case of unlimited torque is discussed. Figure 5.35 depicts a variation of the intake

cam phasing angle at 600min-1. The amount of external EGR is constant at 8% and the waste
gate is fully closed as the rated torque of 2200Nm is not reached. A prolongation of IVC
(i.e. an increase of ϕi) increases the volumetric efficiency. This results in an increase of the
torque. However, a second effect is amplifying the torque increase. In a stoichiometric engine an
increase in fresh charge results in higher peak temperatures and pressures. Therefore also the
exhaust gas temperature increases which raises the specific enthalpy of the exhaust gas. More
boost pressure can be generated even though the waste gate position remains unchanged (fully
closed). As a consequence, the torque rises further and the gas exchange work is reduced also.
Notice that the gas exchange loop even inverts and work is released during the gas exchange
(indicated by negative values of PMEP). Consequently, the net indicated efficiency increases.
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Figure 5.35: Variation of the intake cam phasing angle at full load operation at n=600min-1 in
combination with the early Miller cam profile.

Varying the exhaust cam phasing angle, the already discussed trade-off exists between low
gas exchange work and high utilisation of the cylinder pressure. ϕe is set to find the best
compromise between these two conflicting goals.
Figure 5.36 states crank angle resolved results. It displays the larger mass flow across the

intake valves (i.e. higher volumetric efficiency) with increasing ϕi. A large valve overlap has
to be avoided at full load for another reason. Depending on the pressure gradient between
intake and exhaust manifold large valve overlaps lead to either scavenging (indicated by the
black circle) or internal EGR. Scavenging must be avoided for the reasons stated and internal
EGR facilitates knocking due to the increase in charge temperature and must also be avoided.
Overall, at n=600min-1 cam phasing results in an increase of the torque by 50Nm and a rise
in net indicated efficiency by 0.1%Pt. compared to fixed timing.
The relations invert if the torque is constrained. Figure 5.37 states a variation of ϕi at

n=1000min-1. While at 600min-1 and 800min-1 an increase in ϕi leads to an increase in net
indicated efficiency, at 1000min-1 a reduction in ϕi increases the fuel efficiency. The mechanisms
behind this trend reversal are elaborated below. Note that the gas exchange loop is also positive
in this operating point and more negative values of PMEP are favourable. A reduction of ϕi

reduces the volumetric efficiency as IVC is advanced. A higher intake manifold pressure is
required to maintain the load which requires the waste gate to close. Due to the relatively
good turbocharger efficiency the increase in intake manifold pressure is stronger than the
increase in exhaust manifold pressure. This reduces the gas exchange work (resp. increases the
work delivered to the crank shaft during the gas exchange as PMEP is negative) and increases
the net indicated efficiency.
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Figure 5.36: Crank angle resolved data for two different valve timings at full load operation at
n=600min-1 in combination with the early Miller valve lift profiles.

Although, this effect is softened by a reduction of external EGR. The further increase of the
positive pressure gradient between intake and exhaust manifold constrains the recirculation of
exhaust gas. If the amount of EGR remained constant, the reduction in PMEP would be larger.
Figure 5.38 depicts crank angle resolved data for the valve timing I 60 /E 109 and I 87 /E 109.
The earlier IVC in case of I 60 /E 109 and the resulting higher intake manifold pressure are
notable. Furthermore, scavenging already occurs as indicated by the black circle. Therefore
this configuration and smaller ϕi were excluded in the operation strategy (see Figure 5.34) and
I 69 /E 109 was chosen instead. For the exhaust cam phasing angle the relations are identical
to the ones at n=600min-1. The fixed timing of ϕe=109 °CA proves to be optimal.
The results of cam phasing at full load operation of a natural gas heavy duty engine are

generally unedifying. The improvements are limited to engine speeds below the low-end torque
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Figure 5.37: Variation of the intake cam phasing angle at full load operation at n=1000min-1 in
combination with the early Miller cam profile.

(n=1000min-1). At these engine speeds, the torque can be raised by up to 6% by increasing
the volumetric efficiency. At higher engine speeds the fixed timing is revealed to be optimal.
One reason is that in heavy duty engines the ratio between maximum speed and idling speed
is approx. 4 while in passenger car gasoline engines this ratio is approx. 10. The gas dynamics
thus show much greater variation in passenger car engines than in heavy duty engines as they
scale linearly with the engine speed. As a result it is easier to cover the whole engine speed
range satisfactorily with a fixed valve timing in heavy duty engines than in a passenger car
engine. This results in a smaller potential of cam phasing at full load operation in comparison
to passenger car engines.

Conclusion

It was proved that cam phasing on both cam shafts is a leverage to further increase the part
load efficiency for the given engine configuration, even if external EGR is already applied. A
Miller cam profile is a prerequisite, however, for achieving a further efficiency increase in the
presence of external EGR. By advancing IVC the volumetric efficiency is reduced. Therefore, a
higher intake manifold pressure is required which reduces the gas exchange losses. Advancing
IVC also increases the valve overlap. If the total amount of EGR is kept constant, external
EGR is replaced by internal EGR. This raises the charge temperature as internal EGR is not
cooled. With early Miller timing additional charge cooling is achieved by overexpanding the
charge which compensates the temperature increase of internal EGR. This effect cannot be
achieved with the standard cam profile. As a consequence wall heat losses increased with the
standard cam profile and detrimental charge properties compensate the reduction of the gas
exchange work. The exhaust cam phasing angle is adjusted for optimal EVO in each operating
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Figure 5.38: Crank angle resolved data for two different valve timings at full load operation at
n=1000min-1 in combination with early Miller cam profile.

point. Early EVO leads to a low utilisation of the cylinder pressure, but also reduces the gas
exchange losses. Late EVO increases the work gained during the combustion stroke, but also
the gas exchange work.
At BMEP=3bar the net indicated efficiency is increased by 1.4%Pt. with early Miller cam

profiles. With increasing load and decreasing gas exchange losses this efficiency potential re-
duces towards almost zero at BMEP=12bar. A comparison of the derived operating strategy
with literature on cam phasing in gasoline SI passenger car engines revealed that the relations
in heavy duty and passenger car engines are similar. A large valve overlap is the most effect-
ive method to reduce the gas exchange losses during part load operation. The residual gas
tolerance at light loads must be considered though.
The analysis further proved that cam phasing is not a measure to increase the fuel efficiency

at full load operation for the investigated engine concept. Due to the small engine speed
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range of heavy duty engines the fixed timing is optimal for the majority of engine speeds.
The torque can be increased by up to 6% in operating points with fully closed waste gate.
This is achieved by adjusting IVC for optimal volumetric efficiency. Furthermore, at higher
engine speeds when the waste gate is open the gas exchange losses can be slightly reduced by
increasing the utilisation of the waste gate turbocharger. However, as the gas exchange work
is marginal in relative terms at full load operation this does not increase the fuel efficiency to
any considerable extent.

5.4.4 Single-Cylinder Engine Measurements

After the 1D simulations were completed, measurements on the single-cylinder engine were
conducted by AVL Graz. The gas exchange of a multi-cylinder engine and a SCE is not com-
parable as the gas dynamics differ. The cross-cylinder influence is not reproduced in the SCE,
the turbocharger dynamics are missing and also the intake and exhaust layouts usually differ.
However, SCE measurements provide a good opportunity to investigate the combustion. A few
selected results from the SCE measurements are presented where a comparison with the 1D
simulations is possible and meaningful.
Figure 5.39 displays the influence of EGR on the heat-release rate as measured on the SCE for

three load points. The predicted heat-release rates used in the 1D simulations are depicted too.
The derived estimates of the influence of EGR on the HRR are quite reasonable on a relative
level (see Table 5.2 in Section 5.3.3). However, on an absolute level the predicted HRR is too
optimistic at low engine speeds and light loads. The reason seems to be the different charge
motion of the HDGAS engine and the Cursor 13 CNG prototype. As described in Section 5.3.3
the measured heat-release rates of the Cursor 13 CNG engine (which does not utilise EGR) were
the basis to develop the HRRs with EGR. The HDGAS engine features tumble charge motion
while the Cursor 13 CNG engine features a swirl-based combustion process. Swirl motion in
combination with a squish flow increases the flow velocity significantly around TDC. This
potentially results in the faster heat-release than the tumble charge motion of the HDGAS
engine.
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Figure 5.39: Influence of EGR on the heat-release rate of the HDGAS engine in three load points
and the predicted HRRs deployed in the 1D simulations.
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Figure 5.40: Influence of standard, early Miller and late Miller cam profiles on the measured heat-
release rates in three load points.
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Figure 5.41: Comparison of the gross indicated efficiency of SCE measurements and 1D simulations
for a variation of MFB50 in the load point n=1200min-1 /BMEP=7.8 bar using 25%
EGR. The results are stated for standard, early Miller and late Miller cam profiles.

Furthermore, at the time of the 1D simulations there was no information available on how
the different valve lift profiles affect the combustion by influencing the turbulence intensity.
Figure 5.40 depicts the measured heat-release rates in three load points for standard, early
Miller and late Miller valve lift profiles. While the heat-release rates of the measurements
with standard and late Miller valve lift profiles are almost identical, the deteriorating effect of
early Miller timing on the heat-release rate is pronounced. A significant amount of turbulence
is created during the flow of fresh charge through the intake valves. Due to the early IVC
caused by early Miller timing the turbulence intensity is decreased notably which condenses in
a slower flame front propagation and therefore a slower heat-release rate. Late Miller timing
circumvents this problem by late IVC which reflects in the faster evolution of the heat-release
rate. These measurement results are in-line with 3D CFD simulations in literature [64, 106].
Finally, Figure 5.41 states a comparison of SCE measurements and 1D simulation results in
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the load point 1200/7.8 with 25% EGR. The gross indicated efficiency is stated for a variation of
MFB50 and all three valve lift profiles. The gross indicated efficiency is chosen, because the net
indicated efficiency incorporates the gas exchange which is not representative for the reasons
stated above. The simulations over-predict the efficiency by approx. 1.5%Pt. independent of
the valve lift profile. The deviation results to a large extent from the deployed heat-release
rates which were expected to be faster than they turned out to be (Figures 5.39 and 5.40).
The influence of the HRR was confirmed by deploying the measured HRRs and rerunning the
simulations. The efficiency gap thereby reduces to less than 1%Pt. in absolute terms and 2%
or below in relative terms. The remaining deviations result from inaccuracies in the model
of the wall heat losses. Furthermore, the flow coefficients of the valve flow rely on 3D CFD
simulations and are not measured. This is another potential source for divergence. Engine-out
HC and CO emissions are no major source of divergence, because the simulation considers 3%
of the fuel energy as unburned. This is in good agreement with the measurement results. The
results show overall that the trends are captured very well.

5.5 Summary

In the framework of the HDGAS project four new engine concepts were developed for heavy
duty natural gas engines. The Institute of Internal Combustion Engines and Thermodynamics
joined forces with FPT Industrial, AVL Graz and the research group of Prof. Angelo Onorati at
Politecnico di Milano to develop a novel stoichiometrically operated spark ignited natural gas
engine, which fulfils the Euro 6 emission legislation. The target was to achieve a 10% reduction
in GHG emissions in the WHTC and 10% higher torque and rated power compared to heavy
duty natural gas engines of the model year 2013. In order to accomplish this ambitious target
novel engine technologies were applied and the engine was designed dedicatedly for natural
gas SI operation. Available heavy duty NG engines are derivations of diesel engines, due to
the relatively small market penetration of NG vehicles. These engines are originally designed
and optimised for diesel operation which results in penalties when they are converted for
NG operation. Therefore, a modern heavy duty NG engine was developed dedicatedly for an
SI combustion process for the first time in the HDGAS project. The cylinder head features
angular valves with two overhead cam shafts, a pent roof combustion chamber and tumble
charge motion. In addition, NG direct injection was introduced as also cooled high-pressure
EGR at part load and full load operation. Furthermore, Corona ignition, cam phasing on both
cam shafts and a waste gate turbocharger were deployed.
The 1D simulations were conducted at the beginning of the project to define the thermo-

dynamic layout of the engine and to assess the efficiency potential of the combination of EGR
with Miller timing and cam phasing. At the time of the simulations the engine did not exist
in hardware form. The simulation was thus calibrated with measurement data of a Cursor
13 CNG prototype engine of FPT. Subsequently, the simulation model was adapted to the
requirements of the HDGAS engine. A study was performed with available measurement data
at the institute to assess and predict the influence of EGR on the heat-release rate which the
model requires as input.
With the calibrated simulation model different layouts for EGR were investigated. The sim-

ulations revealed a trade-off between the amount of exhaust gas which can be recirculated at
full load and the gas exchange losses. High amounts of EGR require a larger pressure gradient
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between exhaust and intake manifold (realised by a smaller turbine of the turbocharger) and
therefore cause higher gas exchange work. Reed valves proved as an effective means to increase
the feasible amount of EGR without raising the gas exchange work. At full load operation EGR
caused a reduction of the exhaust gas temperature by 190 °C. It is thus an effective means to
limit the exhaust gas temperature and to maintain the temperature limit of critical engine
components. Furthermore, for a given turbine size EGR reduces the gas exchange work, the
wall heat losses and the knocking probability which allows for an earlier combustion phasing.
At full load EGR led to an increase in net indicated efficiency by approx. 2.5%Pt.. In part load
operation EGR enables a dethrottling of the engine and also reduces the wall heat losses. In
the load point typical for highway driving an increase of the net indicated efficiency by 1.9%Pt.
was achieved.
The effect of early and late Miller timing in combination with EGR was studied in comparison

to standard valve timing, designed for optimum volumetric efficiency. At full load operation
the effect of Miller timing on the gas exchange work is small, but the charge temperature
close to TDC was reduced by up to 28 °C which reduces the knocking probability. At part
load operation the gas exchange work is reduced which resulted in an increase in net indicated
efficiency by 0.4%Pt.. Miller timing is thus a practical solution to raise the part load efficiency
and at the same time improve the operation at full load.
Furthermore, the influence of cam phasing in the presence of EGR and a waste gate tur-

bocharger was investigated. In part load operation the gas exchange losses are reduced by
advancing IVC which decreases the volumetric efficiency. In addition, external EGR is replaced
by internal EGR as the valve overlap increases. In combination with the early Miller cam profile
a significant increase in fuel efficiency of up to 1.4%Pt. at BMEP=3bar was achieved. With
the standard cam profile no improvement was realised as the shift from external to internal
EGR increases the wall heat losses which compensated the reduction in gas exchange work. In
combination with the early Miller cam profile this increase can be avoided by additional charge
cooling. At full load operation the volumetric efficiency can be optimised by cam phasing which
increases the torque for a given waste gate mass flow. If no rise in torque is desired and the
waste gate is open a reduction in volumetric efficiency reduces the gas exchange losses as the
utilisation of the turbocharger increases. The overall effect at full load is minor, however, as
the engine speed range of heavy duty engines is small and therefore the gas dynamics do not
differ as significantly as they do in passenger car engines. A comparison with literature on
cam phasing in gasoline SI engines revealed that the relations in heavy duty and passenger
car engines are similar. A large valve overlap is the most effective method to reduce the gas
exchange losses during part load operation.
In overall terms the combination of cooled high-pressure EGR, early Miller timing and cam

phasing resulted in an increase in net indicated efficiency of 3%Pt. or a reduction of the specific
fuel consumption of 7.2% in the important load point relevant for highway driving. EGR has the
biggest influence (1.9%Pt.) followed by cam phasing (0.7%Pt.) and Miller timing (0.4%Pt.). At
full load operation the net indicated efficiency was raised by up to 3.4%Pt. by the introduction
of these technologies. This corresponds to a reduction of the specific fuel consumption of 8.4%.
The reduction is caused mainly by the introduction of EGR and advancing the combustion
phasing due to a reduced knock probability. Early Miller timing and cam phasing have only a
small effect on the fuel efficiency at full load operation.
Measurements on the single-cylinder engine conducted by AVL Graz confirmed the influence
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of EGR on the heat-release rate. Furthermore, they revealed that the influence of the valve
lift profile on the heat-release rate is significant, as it influences the turbulence intensity and
therefore the propagation of the flame front.
The performed 1D simulations verify that the target of 10% higher torque is achieved

by the utilisation of a suitable turbocharger. Furthermore, the simulations confirm that the
introduced technologies (EGR, Miller timing and cam phasing) provide significant leverage
to increase the fuel efficiency. Their deployment in future heavy duty NG engines is thus
recommended. The final assessment if the target of a 10% reduction in GHG emissions in the
WHTC is achieved needs to be performed on the engine test bench since not all effects of the
introduced technologies can be evaluated by means of 1D simulations and the WHTC includes
a wider range of load points.
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In this thesis two different natural gas engine concepts were investigated. The motivation for
these investigations is the need to limit the anthropogenic GHG emissions which facilitate
global warming. Natural gas consists mainly of methane and thus has a lower carbon-intensity
than gasoline or diesel (H/C-ratio of 3.8 vs. 1.9 [19, 97]). Using NG as fuel the tank-to-wheel
CO2 emission can be reduced by 25% compared to gasoline and diesel if the fuel efficiency
remains unchanged.
In the first part of this work a novel concept for natural gas-diesel dual fuel combustion

for passenger car engines was investigated experimentally on the engine test bench. Dual
fuel combustion is a proven concept for large engines in marine applications and for power
generation. In these applications the average load is high and the dynamics are low. The
challenge in dual fuel combustion is a high emission of unburned CH4 at part load operation
due to an over-lean air-NGmixture. It was demonstrated that these emissions can be attributed
to a fundamental trade-off between the ignition conditions of the diesel spray and that of the
air-NG mixture. Conventional dual fuel concepts feature port fuel injection of natural gas.
The novelty of the investigated concept is low-pressure direct injection of NG which enables a
stratification of the air-NG mixture. Thus, the local air-NG equivalence ratio can be reduced
without diminishing the ignition conditions of the diesel spray. This allows for a significant
reduction of the CH4 emission in part load operation. The concept is named DDI – Dual Direct
Injection.
The most important application parameters of the DDI concept were identified and their

influence on the combustion was investigated. Furthermore, the influence of the compression
ratio was analysed. It revealed that a high compression ratio is vital for the DDI concept
to ensure a short ignition delay and stable and fast combustion. Based on these results, the
calibration of the DDI concept was optimised in four load points between 3 bar and 15 bar
BMEP. The combustion was optimised for minimum unburned species and during lean opera-
tion additionally for NOx emissions on the level of the diesel engine which served as basis for
these experiments. With the information on optimised operation an operating strategy was
developed for the engine operating map. Diesel operation is proposed during idling and at very
light engine loads. At part load lean and stratified dual fuel operation is suggested while at
higher loads stoichiometric and homogeneous operation is feasible and also preferred. Depend-
ing on the operating point the unburned species of the DDI concept account for 2% to 3.5%
of the fuel energy which is in the range of modern gasoline engines. In part load operation the
total HC emission of conventional dual fuel combustion is significantly reduced by 75% with
the DDI concept due to the fuel stratification. This results in an increase of the brake thermal
efficiency by 4.5%Pt..
The engine was adapted to CNG spark ignition to compare the DDI concept with conventional

stoichiometric and homogeneous CNG SI operation. In part load operation the efficiency benefit
of the DDI concept reaches 5%Pt. due to the lean operation. At higher loads when both concepts
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are operated stoichiometrically the efficiency advantage still accounts for 1.5%Pt. due to a
faster combustion and reduced wall heat losses.
The DDI concept was also compared to conventional diesel and gasoline engines. This demon-

strated that the overall engine-out pollutant emissions of the DDI concept are on the level of
modern gasoline engines, but with the difference of lean exhaust gas. At part load operation
the fuel efficiency of the DDI concept outmatches the diesel engine. At higher loads when the
DDI concept is operated stoichiometrically the efficiency is at a level between that of diesel
and gasoline engines. Due to the high fuel efficiency and the utilisation of natural gas CO2

savings between 20% and 29% can be achieved with the DDI concept compared to diesel and
gasoline engines.
The biggest unsolved challenge of the DDI concept is the exhaust gas aftertreatment of the

remaining CH4 emissions as the exhaust gas temperatures are low during part load operation.
CH4 is a particularly stable molecule and temperatures of approx. 450 °C are required for the
catalytic oxidation. At high loads during stoichiometric operation of the DDI concept exhaust
gas temperatures of 600 °C are achieved. However, during part load operation exhaust gas tem-
peratures of only 300 °C are realised due to the lean operation and the high amounts of EGR.
This is clearly below the threshold for methane oxidation and prohibits a catalytic oxidation.
Even though significant progress in the reduction of CH4 emissions was achieved with the DDI
concept the difficult exhaust gas aftertreatment of methane using current technology prevents
a further promotion of dual fuel combustion especially for passenger car applications. Despite
this dual fuel combustion with the presented technology could already be an attractive option
for applications with higher average load and a less dynamic load pattern than in passenger
car applications.

In the second part of this thesis the thermodynamic layout of a novel monovalent and
stoichiometric natural gas SI engine for heavy duty commercial vehicles was performed by
means of 1D simulations. This task was part for the EU project HDGAS in which four different
natural gas engine concepts were developed. The stimulus of this project was that on the market
available heavy duty NG engines are derivations of diesel engines. In NG operation this results in
penalties in fuel efficiency since the base engines are developed and optimised for non-premixed
combustion of diesel, a fundamentally different combustion process compared to natural gas
spark ignited operation. Therefore, in HDGAS a modern heavy duty NG engine was developed,
for the first time dedicatedly optimised for SI operation from the beginning. A cylinder head
specifically designed for SI operation featuring a pent roof combustion chamber and tumble
charge motion was introduced as also NG direct injection. Furthermore, cam phasing on both
cam shafts, Corona ignition, cooled high-pressure EGR and a waste gate turbocharger were
deployed. By means of these novel technologies in heavy duty engines a 10% reduction in
GHG emissions in the WHTC and 10% higher torque and rated power should be achieved in
comparison to heavy duty NG engines of the model year 2013.
The 1D simulations were conducted in order to define the EGR layout, to perform the

turbocharger matching and to assess the efficiency potential of several of the introduced tech-
nologies. The influence of EGR during part load and full load operation was investigated. Early
and late Miller timing were analysed in combination with external EGR and compared to con-
ventional valve timing. Finally, the efficiency potential of cam phasing in combination with
EGR and Miller timing was assessed and indications for an operating strategy were derived.
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It revealed that EGR decreases the combustion temperature, improves the charge properties
and leads to a dethrottling of the engine during part load operation. This resulted in an im-
provement in net indicated efficiency by 1.9%Pt. in the part load operating point relevant for
highway driving. At full load operation the net indicated efficiency was increased by 2.5%Pt..
However, this rise is not only contributed to EGR but also to an advanced combustion phas-
ing due to the reduced knocking probability. Furthermore, the exhaust gas temperature was
reduced by 190 °C. EGR is therefore an effective means to limit the exhaust gas temperature
and to reduce the thermal strain of critical engine components.
Early and late Miller valve timing further increased the net indicated efficiency by up to

0.4%Pt. during part load operation due to a reduction of the volumetric efficiency which leads
to dethrottling of the engine. At full load operation the charge temperature close to TDC could
be reduced by up to 28 °C which influences knocking and the wall heat losses positively. The
effect on the gas exchange remained small at full load operation.
Finally, cam phasing in combination with early Miller valve lift profiles and EGR led to a

significant increase in fuel efficiency during part load operation. The net indicated efficiency
was raised by 1.4%Pt. at BMEP=3bar due to a dethrottling of the engine. The efficiency gain
decreases with increasing load. At full load operation the effects were minor due to the small
engine speed range of heavy duty engines. The gas dynamics thus do not differ as strongly as
they do in passenger car engines, which reduces the effect of variabilities.
In overall terms the 1D simulations performed verified that the target of 10% higher torque is

achieved by the utilisation of a suitable turbocharger. Furthermore, the simulations confirmed
that the introduced technologies (EGR, Miller timing and cam phasing) provide significant
leverage for increased fuel efficiency. Their deployment in future heavy duty NG engines is
thus recommended. In the important part load operating point relevant for highway driving
the net indicated efficiency was raised by 3%Pt. which corresponds to a reduction in specific
fuel consumption of 7.2%. At full load operation the net indicated efficiency was raised by up
to 3.4%Pt. which is equivalent to a a reduction in specific fuel consumption of 8.4%. The final
assessment if the target of a 10% reduction in GHG emissions in the WHTC is achieved needs
to be performed on the engine test bench since it is not possible to evaluate all technologies
and effects by means of 1D simulations and the WHTC includes a wider range of load points.
In conclusion, this work demonstrates that NG is a viable and attractive option to reduce the

tank-to-wheel CO2 emission of vehicles in the short and medium-term until renewable energy
sources become available on a large scale.
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A Test Bench Facilities

A.1 Measurement Devices

– Engine torque transducer: HBM T40B; M=± 1 kNm

– Indicating system:

– Crank angle encoder: AVL 365C

– Cylinder pressure transducers: Piezoelectric relative pressure sensors AVL GH14DK
and AVL GH13G; Pressure range: 250 bar

– Intake pressure transducer: Piezoresistive absolute pressure sensor Kistler 4045A5;
Pressure range: 0 bar...5 bar

– Exhaust pressure transducer: Piezoelectric relative pressure sensors AVL GU21C
(cooled)

– Charge amplifier: AVL MicroIFEM

– Data acquisition: AVL IndiSet Advanced, Type 642

– Quartz cooling system: AVL ZP 91.00/1-4

– Exhaust gas measurement:

– Air-fuel equivalence ratio: ETAS Lambda meter LA4

– Particulate matter: AVL Smoke meter 415S

– Exhaust gas analysers:

• AVL SESAM i60 FT:

· FTIR: Thermo Fisher Scientific Antaris IGS for CH4, NOx , CO, etc.

· FID: AVL FID i60 HH for THC

· IRD and PMD: AVL COMBI i60 CO2/O2 for O2 and CO2 in the intake
manifold

• AVL Emission bench CEB II:

· CLD: ECO PHYSICS CLD 700 RE ht for NOx

· FID: ABB Multi-FID 14 EGA for THC

· NDIR: ABB Advance Optima Uras 14 EGA for CO and CO2

· PMD: ABB Advance Optima Magnos 16 EGA for O2
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A Test Bench Facilities

– Fuel mass flow measurement:

• Diesel: Emerson Micro Motion Coriolis Flow Sensor CMFS010M

• CNG: Emerson Micro Motion Coriolis Flow Sensor CMF010P

– Blow-by measurement device: AVL Blow By Meter 442

– Pressure transducers: Absolute and relative pressure transducers with different meas-
urement range PMA P30 and P40

– Temperature measurement: Type K thermocouples and PT100 resistance thermo-
meters

– Gas Chromatograph: Daniel Danalyzer Model 2350

A.2 Infrastructure

– Coolant conditioning: Coolant conditioning unit AVL 553

– Oil conditioning: Oil conditioning unit AVL 554

– Boost air conditioning: In-house development

– NG injector control: AVL Engine Timing Unit 427

– NG injector driver: Hoerbiger Provebo
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B Application Parameters

Here the associated application parameters are given of the measurements as given in Sec-
tion 4.5.2, 4.5.4, 4.5.5 and 4.5.6.

Table B.1: The application parameters for the optimised operation with the standard compression
ratio of ε=16.5.

Load point 1500/3 1750/5 2000/11

Optimisation criterion ∆ζIC & NOx ∆ζIC ∆ζIC & NOx ηe

mDiesel / mg 2.3 2.3 2.3 2.1

xNG / % 79 85 86 94

SOING / °CA –70 –80 –80 –300

SOIDiesel / °CA –14.7 –11.6 –23.7 –11.7

pDiesel / bar 800 800 400 400

pNG / bar 16 16 16 16

pintake / mbar 1000 1000 1200 1200

Swirl flap / %
55 70 50 00%...fully open

EGR / % 43 22 40 0

EGR cooler bypassed yes yes no –

MFB50 / °CA 7.5 6.0 7.0 7.0

λglobal / – 1.64 1.55 1.37 1.05

λNG / – 2.09 1.81 1.59 1.12
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B Application Parameters

Table B.2: The application parameters for the operation with a reduced compression ratio of ε=14.5.

Load point 1500/3 2000/11

Optimisation criterion ∆ζIC & NOx –

mDiesel / mg 4.2 1.9

xNG / % 64 95

SOING / °CA –100 –300

SOIDiesel / °CA –21.8 –14.6

pDiesel / bar 400 400

pNG / bar 16 16

pintake / mbar 1000 1250

Swirl flap / %
40 00%...fully open

EGR / % 40 0

EGR cooler bypassed yes –

MFB50 / °CA 12.5 7.0

λglobal / – 1.60 1.03

λNG / – 2.44 1.07
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Table B.3: The application parameters for the comparison of spark ignition and DDI combustion
with a compression ratio of ε=14.5.

Load point 1750/5 2000/11

Operating mode CNG DI SI DDI CNG DI SI DDI

Optimisation criterion ηe ηe & NOx ηe ηe

mDiesel / mg 0 3.4 0 2.2

xNG / % 100 80 100 94

SOING / °CA –300 –75 –340 –300

SOIDiesel / °CA – –15.8 – –10.7

Spark timing / °CA –29.5 – –15 –

pDiesel / bar – 400 – 400

pNG / bar 16 16 16 16

pintake / mbar 730 1200 1300 1275

Swirl flap / %
20 30 50 300%...fully open

EGR / % 5 37 0 0

EGR cooler bypassed yes yes – –

MFB50 / °CA 9.5 12.5 11 12

λglobal / – 1.02 1.31 1.02 1.06

λNG / – 1.02 1.63 1.02 1.13
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B Application Parameters

Table B.4: The application parameters of conventional dual fuel combustion with PFI of natural gas
and a compression ratio of ε=16.5.

Load point 1500/3 2000/11

Optimisation criterion ∆ζIC & NOx ηe

mDiesel / mg 2.5 2.7

xNG / % 79 92

SOING / °CA –360 –360

SOIDiesel / °CA –15.2 –8.8

pDiesel / bar 400 400

pNG / bar 8 8

pintake / mbar 1000 1180

Swirl flap / %
55 00%...fully open

EGR / % 39 0

EGR cooler bypassed yes –

MFB50 / °CA 9.3 8.2

λglobal / – 1.55 1.05

λNG / – 1.94 1.14
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C Crank Angle Resolved Simulation Results

Here additional crank angle resolved simulation results are presented, which aid the perception
of the correlations discussed in Section 5.4.3.
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C Crank Angle Resolved Simulation Results

n = 1200 min-1 / BMEP = 7.8 bar Early Miller
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Figure C.1: Crank angle resolved simulation results with the early Miller cam profile and three com-
binations of cam phasing angles in the load point n=1200min-1 /BMEP=7.8 bar.
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n = 1200 min-1 / BMEP = 12 bar Early Miller
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Figure C.2: Crank angle resolved data of simulations with the early Miller cam profile and three differ-
ent combinations of cam phasing angles in the load point n=1200min-1 /BMEP=12bar.
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