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Abstract

Design of a low specific speed diffusor pump and construction of the experimental setup.

The aim of this Master Thesis is a test rig for validation of the centrifugal pump designed
at the Institute of Hydraulic Machinery, which is used for final acceptance measurements.

Subject-matter of this Master Thesis is the one-dimensional design of a centrifugal pump
with a specific speed of 36 rpm and with a diffusor for multi-stage use, the concept-
finding, the detailed single part construction and the manufacturing support as well as final
hydraulic measurements. As of a very tight schedule, it was necessary to realise the hy-
draulic optimisation regarding the development of the final geometry of the impeller and of
the diffusor in parallel to the design and construction of the test rig. Most of the manufac-
turing work was done at the labor-workshop of the institute. However, some single parts
have been outsourced for manufacturing as of deadlines and production-oriented reasons.
The development work began in May 2014 and ended in February 2015 with final accep-
tance measurements for and with the purchaser on the test rig of the institute.

Kurzfassung

Auslegung und Konstruktion einer Kreiselpumpe mit Diffusor geringer spezifischer Dreh-
zahl und Konstruktion eines Pumpenprifstandes.

Das Ziel dieser Arbeit ist ein Pumpenprifstand zur Validierung der am Institut entworfe-
nen Kreiselpumpe mit dem abschlielende Abnahmemessungen durchgefihrt werden.

Inhalt dieser Masterarbeit ist die eindimensionale Auslegung einer Kreiselpumpe mit einer
spezifischen Drehzahl von 36 min™ mit nachgeschaltetem Diffusor fiir den Einsatz in
mehrstufigen Pumpen sowie die Konzeption, die Detailkonstruktion und der Bau eines
Pumpenprifstandes mit abschlieRenden hydraulischen Messungen. Aufgrund eines sehr
engen Zeitplans wurden die hydraulische Optimierung und schlussendlich die Entwicklung
der hydraulischen Geometrie von Laufrad und Diffusor zeitgleich mit der Entwicklung des
Pumpenprufstandes am Institut fiir Hydraulische Maschinen durchgefiihrt. Der Bau des
Prifstandes erfolgte zum groBten Teil in der institutseigenen Laborwerkstatte, wobei aus
zeitlichen und fertigungstechnischen Griinden die Produktion einiger Einzelteile an Dritte
vergeben wurde. Die Entwicklungstétigkeiten begannen im Mai 2014 und endeten im Feb-
ruar 2015 mit den hydraulischen Abnahmemessungen, welche mit dem Auftraggeber am
Prufstand des Instituts durchgefuhrt wurden.
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Preface

Preface

For the final Master Thesis of the Master programme “Mechanical Engineering and Busi-
ness Economics” at the Graz Technical University, | wanted to gain experiences in the
design, construction and manufacturing of hydraulic machinery as well as in hydraulic
measurements of centrifugal pumps. The reason for this is, that | specialised my education
in the Master programme in “Technology of Energy” as well as hydraulic fluid machinery,
because | was interested in the background of the design and calculation of three-
dimensional curved surfaces in pumps and turbines to achieve the hydraulic design charac-
teristics with a high efficiency. Since 2007, 1 am working for a pump manufacture, who
produces sewage pumps and mixers, and want to improve my knowledge in the develop-
ment process of hydraulic fluid machinery. With this Master Thesis | got a general over-
view of the development process and how to do acceptance measurements in this product
sector.

This Master Thesis is used to document the approach of this development, the statements
of construction details and the stress analysis. In this case the documentation should consti-
tute a basis for further design concepts and developments for pumps with similar require-
ments.

It was a great experience for me to work on this project and | have learned a lot about de-
sign methods of centrifugal pumps, acceptance measurements and also about manufactur-
ing engineering.

For the opportunity to write this Master Thesis at the Institute of Hydraulic Fluid Machin-
ery, | would like to thank Mr. O.Univ.Prof. Dipl.Ing. Dr.techn. Helmut Jaberg and Mr.
Assoc.Prof. Dipl.Ing. Dr.techn. Helmut Benigni for the supervision and their support dur-
ing this project. At least, | would also like to thank all the others who helped me to finish
this Master Thesis.

May 2015 Franz Zitzenbacher
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B1 amic
B"1 amic

Bie amic

B2

cross-section area at impeller outlet without blades

reference area

assumption of cross-section area at impeller outlet without blades
cross-section area at impeller inlet without blades

variable of cross-section area at impeller inlet without blades

flow angle between absolute und circumf. velocity at impeller inlet
flow angle between absolute und circumf. velocity at impeller outlet
width factor for elliptic inlet profile

realized cross-section area at impeller inlet without blades

realized cross-section area at impeller outlet without blades

net area used for calculation of axial load

replacement area for compliance calculation of each part X
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surface factor for trosion load
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rel. flow angle at plane A/B/C with blades, impeller inlet

blade angle plane A/B/C, impeller inlet
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rel. flow angle at plane A/B/C with blades, impeller outlet
blade angle, assumption, impeller outlet
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E

e diameter of blade profile at impeller inlet [mm]
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Hin theoretical delivery head [m]
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I
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K

k factor of rotation (gap seal) [-]
Kuw parameter for calculation of disperse [-]
Km factor of rotation (calculation of the axial force) [-]
Kro coefficient for radial load, closed valve [-]
Kro.s coefficient for radial load, part load 50% of Qgep [-]
Kr1 coefficient for radial load, at BEP [-]
Ka factor for application according to DIN 3990 [-]
Krr friction loss coefficient [-]
L

A power coefficient [-]
ABEP power coefficient at BEP [-]
Lgap min  maximum length of the gap seal calculated [mm]
Lgap length of the gap seal performed [mm]
M friction loss factor at laminar flow [-]
M friction loss factor at turbulent flow [-]
Agap friction loss factor at gap clearance [-]
A factor at impeller inlet including losses and accelerations [-]
M factor including pressure drop at impeller blades [-]
Mrun_amic angle of blade profile at impeller inlet at plane A/B/C [°]
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Ng_Ref
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length of profiling at impeller inlet

length of the blade at plane A/B/C
dimensionless length of the blade at plane A/B/C
distance, length

lifetime

lifetime modified

exponent

exponent

parameter for pressure pulsation

mass

friction moment of bearings non load depending part
friction moment of bearings load depending part
moment of mechanical friction (bearings and seals)
torque

internal moment at section x (1; 2; 3; 4) and position y (0,A,B,run)

rotating speed

specific suction number at the operating point at X% of Qggp
specific speed

specific speed reference

net positive suction head

net positive suction head at 3% reduction of delivery head

NPSH; ,wNPSHj5 at a particular Ay

Np

Nerit

number of fitting keys

critical rotating speed of the pump shaft
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[-]
[mm]
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[min™]
[min™]
[min]
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[m]
[m]
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¢
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Pgep
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P1_stat
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P

P,

Po
Pdiff_seal
Prr

Pperm

Pp
)]

angular velocity
critical bending speed of each case (0; 1; 2)

critical bending of the pump shaft

air pressure at sea level

hydraulic power of the pump

power consumption of the pump

power loss in case of leakage flow through the gap sealing
pressure number

pressure number at BEP

pressure number at BEP assumption

pressure number at 0% flow rate assumption
delivery coefficient

delivery coefficient at BEP

power loss as a result of the leakage flow
density of water

absolute static pressure at the suction pipe
absolute pressure at impeller outlet

equivalent load

friction loss of the bearing unit

pressure at impeller backside

difference of pressure at the radial shaft seal ring
power loss in reference to friction losses at impeller side room
permissible pressure

wearing number for fitting keys

load rate for screw dimensioning

[rad™]
[Hz]
[Hz]

[Pa]
(W]
(W]
(W]
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[Pa]
[Pa]
[N]
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[Pa]
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Qser
Qref
Q
Qu
Qn
Qoap
Qrun
Ox%
Qtotal

q

R

M
Rur
Re

volumetric flow at the operating point with best efficiency
volumetric flow as reference

variable for volumetric flow

leakage flow rate through relief hole

leakage flow rate for other use

leakage flow rate through the gap ring

volumetric flow through the impeller

percentage of operating time at X% of Qgep referring to total lifetime
sum of all gx has to be 100%

equivalent line load

shut-off head ratio
matrix of coefficients Herbst-Roegner

Reynolds number

Rpo.2_1.1101 Yield strength at 0.2% plastic deformation of Ck45_normalised

Rm 11191

minimum specified tensile strength of Ck45_normalised

Re_awro7s Yield strength of AlZn5,5MgCu

Rm_awro7s minimum specified tensile strength of AlZn5,5MgCu

Re 1.0037

Rm_1.0037

S

Sgap
Sgap_API
OtcS/Sch/wW

Ghs/sch/w

yield strength of S235JR

minimum specified tensile strength of S235JR

gap of the gap seal in radial direction calculated

gap of the gap seal in radial direction according to APl 610

[m¥/s]
[m%s]
[m%s]
[m%s]
[m%s]
[m%s]
[m*/s]

[%6]

[%6]
[N/m]

[%]
[m3/kg]
[-]
[N/mm?]
[N/mm?]
[N/mm?]
[N/mm?]
[N/mm?]
[N/mm?2]

[mm]

[mm]

tension and compressive stress, static load/cycling load/alternating load [N/mm?]
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S
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Ova

T
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t
a2_min
a2_max
Tx°C

t
t1/2_run
Tperm
Tm_nec
Tm_avail
Tmax

Tm

Ta

TA

TNA

torsion stress, static load/cycling load/alternating load
reliability factor

maximum normal stress

mean normal stress

deflection normal stress

permissible deflection normal stress

adapted permissible deflection normal stress (notch influence)

equivalent deflection normal stress
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Introduction

1 Introduction

The subject-matter of this Master Thesis is the design of a low specific speed diffusor
pump and the construction of the experimental setup.

The impulse for the hydraulic development of this semi-axial pump was given by a pump
manufacturer from South Korea, Hyosung Goodsprings Inc. (473 Gongdeok-Dong, Mapo-
Gu, Seoul, 121-805, Republic of Kroea), who placed an order for the “Hydraulic Devel-
opment and Engineering Services Agreement for semi-axial pumps”. The development
work for this project was divided into two parts: on the one hand the hydraulic one-
dimensional design of the main dimensions, the construction and the manufacturing of the
test rig, which is the content of this Master Thesis, and on the other hand, the hydraulic
optimisation with Ansys CFX®, which was done by Dipl. Ing. Stefan Holler-LitzIhammer.
The concept of the test rig is based on the experiences of the Institute of Hydraulic Fluid
Machinery and is based on the existing design concept of Dipl.Ing. Handl [1] and Dipl.Ing.
Hopfgardner [2]. The main data for the developed pump were defined in detail in [3], and
provides the basic data for construction and design. The start of the project was in May
2014 and the end was in February 2015. Due to the very tight schedule, the work on the
concept-finding, the detailed construction and manufacturing of the test rig was realised in
parallel to the hydraulic optimisation with Ansys CFX®. The final geometry of the de-
tailed design of the impeller and the diffusor was finished just in time with the beginning
of the production of the last parts for the test rig.

A large range of adjustments during the production of the test rig had to be done in order to
get good results.

1.1 Scope of this Master thesis

Hydraulic dimensioning of impeller and diffuser

Concept design and layout finding

Stress analysis of all relevant parts

3D construction and drawings (single parts and assembly)
Support manufacturing

Measurements and analysis of data

© gk wn e

The steps have to be passed in the same chronological order as these chapters above.
1.2 Requirements

The requirements are scheduled in an agreement between the customer and the Institute of
Hydraulic Fluid Machinery. The condition framework is shown in detail in Table 1.1.
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Table 1.1: Requirements [3]

Specification Target Value | Unit Acceptance Tolerance
Specific Speed (@ BEP) 280 (m*/min, m) | + 10
Qbesign 430 (m°/h) 1SO 9906 grade 1B
H (@ Qpesign) 34.5 (m) ISO 9906 grade 1B
Speed 1.490 (rpm) N/A
Specific Speed (@ Qpesign) | 280 (m*/min, m) | N/A
Overall Pump Efficienc
verall Pump Efficiency (@ | o (%) -15
Qgep)
Wear Ring Seal Clearance | API 610 11™ | - APl 610 11"
Shut-off Head Ratio
124 (%) +4
HO/HDesign
Second Party shall do the best
Minimum Continuous Sta- to make the minimur_n_ flow
ble Elow Rate 120 (m/h) lower than 30%. Minimum
_ flow measurement method
(Recommendation) shall be proposed by Second
Party as an Option.
If exceeds agreement shall be
Stage Length 1,3*d2 (mm) .
made between two parties.
Maximum Diffuser If exceeds agreement shall be
13*d2 (mm) Xceeas ag >
Outer Diameter made between two parties.
Shaft Diameter (@ hub cap) | 75 (mm) N/A
Hub Diameter (@ hub cap) | 90 (mm) N/A
- 0.0 (Zero negative toler-
Nss (@ 70% Qpesign) 1.400 (m*/min, m) ( g
ance)
. - 0.0 (Zero negative toler-
Nss i 1.600 m*/min, m
(@ QDeS|gn) ( ) ance)
- 0.0 (Zero negative toler-
Nss (@ 130% Qoesign) 1.400 (m¥min, m) ( g

ance)

multistage use

constructional consideration
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1.3 Preface on centrifugal pumps

In this chapter, the fundamental information on centrifugal pumps, their structure, data of
performance and use will be explained in general.

1.3.1 Functionality

A centrifugal pump is a type of a turbo machine, which is used for hauling fluids. A par-
ticular volumetric flow rate has to be brought from a lower pressure level to a higher pres-
sure level. The energy exchange in turbo machines is done by hydrodynamic processes,
which are characterised by the proportionality of the difference of pressure and energy to
the square of velocity.[4, p. 39]

1.3.2 Setup of centrifugal pumps

The main parts of a centrifugal pump are the spiral casing, the bearing unit with the shaft
and the impeller (Figure 1.1). At the inlet of the pump, the fluid directly flows to the impel-
ler, which is moved across a connector by an engine. The impeller accelerates the fluid in
radial direction and transfers the necessary energy so that the static pressure rises as the
fluid is moving on a curved path. In the leading unit, a part of the kinetic energy of the
fluid, which comes from the outlet of the impeller, is transferred to the static pressure like
it is done in a diffuser. The leading unit in Figure 1.1 consists of a spiral casing, which is
connected with a diffuser and the discharge nozzle. On the right side of the impeller, a
sealing unit prevents the fluid of leaking into the environment or into the bearing unit. This
can be done by means of a packing box or a rotating mechanical seal. On the left side of
the impeller, a short gap between the rotating impeller and the stationary housing reduces
the leakage flow from the impeller outlet to the impeller inlet. The same gap can be used at
the backside of the impeller to reduce the axial force and to minimize the axial load on the
bearing unit. [4, p. 39]

Figure 1.1: Single stage spiral casing pump with bearing unit, Sulzer Pumpen AG [4, p. 39]
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1.3.3 The impeller of a centrifugal pump

In general, the impeller of a centrifugal pump consists of three parts, namely the hub,
which is the connection to the pump shaft, the blades, which are used to transfer energy to
the fluid, and the shroud. Not every impeller is necessarily equipped with a shroud as such
an equipment is depending on the type of application of the pump. An impeller without a
shroud is called “half-open impeller” (Figure 1.2), and without a shroud and an extensive
opened hub are called “open impeller”. [4, p. 40]

Figure 1.2: Half open impeller of a centrifugal pump

Depending on the application, there are a lot of different types of pumps and components
which are used to manage different tasks of conveying. There are different aspects to dis-
tinguish these different types of centrifugal pumps.

1. Flow direction in the impeller:
a. radial flow
b. mixed flow
c. axial flow
2. Impeller-design:
a. closed
b. semi-open
c. open
3. Leading unit: flow direction at the inlet:
a. radial
b. semi-radial
4. Design of the housing:
a. single or double spiral housing
b. concentric annular space
c. no concentric annular space (like a spiral housing)
d. diffusor
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5. Inlet housing:
a. annular space housing
b. symmetric inlet
c. asymmetric inlet
6. Serial arrangement (multistage):
a. return blades instead of guide blades
b. diffusor (spiral housing with special designed channels) instead of guide
blades
7. Parallel arrangement:
a. single stage
b. multistage

A combination of different arrangements allows for the creation of a variety of different
pump types for different applications. [4, p. 41]

1.3.4 Performance Data

For the specification of a centrifugal pump, various information is necessary. [4, p. 43]

Volumetric flow rate Q (at the outlet of the pump)
Delivery head H (at the outlet of the pump)

Required power (at the pump shaft coupling)

Overall efficiency (at the pump shaft coupling)

NPSH (Net positive suction head at the impeller inlet)

agbswnE

1.3.5 Applications of centrifugal pump

Centrifugal pumps are used to deliver a wide range of various fluids in different applica-
tions. The typical volumetric flow begins at 0.001m3/s and goes to 60m3/s, the delivery
head reaches from 1 to 5.000 metres and the rotating speed can go up to 30.000rpm, how-
ever there are also pumps with parameters which are out of these ranges. These three pa-
rameters are used to characterise the delivery performance and the meridional design of
centrifugal pump. [4, p. 47]

The corresponding equation called “specific speed”, is shown in equation 1.1 and provides
values for radial pumps between 7 and 100rpm, for half axial pumps between 35 and
160rpm and for axial pumps between 160 and 400rpm. The borderline between these dif-
ferent types of pumps is not very strict, because the type of the pump also depends on the

type of construction.[4, p. 49]
_n._YQ 11

‘ 0.75
Hiot

Equation 1.1 refers to the volumetric flow and the delivery head of only one impeller. If
there is a parallel arrangement, the volumetric flow has to be divided by the number of

5
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entries, and in case of a multi-stage pump, the delivery head has to be divided by the num-
ber of stages.

If the specific speed is very low, the efficiency of the pump decreases very fast, hence an
economic use is not possible. In this case, the type of the pump has to be changed or a sec-
ond stage has to be used instead. For a high discharge and low differential head, the eco-
nomic limit of nq is between 350 and 400rpm, as the effort of construction and the hydrau-
lic losses are too high. In order to develop pumps with high nq, a parallel installation may

be useful. [4, p. 48]
BNONNE)

High head Medium head Low head Mixed flow Axial flow
impeller impeller impeller impeller propeller
Ng up to 25 up to 40 upto 70 up to 160 140 to 400 rpm

Figure 1.3: Design of centrifugal pump impellers depending on nq [5, p. 12]

1.4 Cavitation and NPSH

1.4.1 Cavitation

A fluid will evaporate, if the static pressure is lower than the steam pressure, which de-
pends on the temperature. This may happen when the velocity of a flowing fluid is partially
accelerated in case of a constriction and when the static pressure decreases in reference
with the Bernoulli’s equation. Cavities are built up, which are filled with steam and trans-
ported downstream with the flowing fluid. If these cavities get to a region of higher static
pressure, the steam at the inside of these cavities condensates and the cavitation bubbles
implode immediately. If this implosion happens very close to a wall (e.g pipe wall, blades
of an impeller), extremely high pressure peaks may lead to a damage of the material and
will lead to cavitation erosion.

In centrifugal pumps, cavitation can lead to a damage of the impeller because of cavitation
erosion, a destruction of the sealing in case of vibrations and at last to a failure of the
pump. Furthermore, an increase of the intensity of cavitation leads to a decrease of the ef-
ficiency and the delivery head.

These are the reasons for limitation and minimisation of the acceptable intensity of cavita-
tion in pumps which is done based on the NPSH-value, as mentioned in chapter 1.4.2.
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1.4.2 Net positive suction head - NPSH

The intensity of cavitation depends on the size of the region in which the static pressure is
lower than the steam pressure of the fluid. If this region is small, cavitation starts, however
IS not detectable from the outside of the pump. If this region is large, the cavitation inten-
sity increases which leads to full cavitation of the impeller. Full cavitation at the impeller
leads to a collapse of the fluid flow.

Due to the fact that the local pressure at the impeller inlet is not measurable, a more con-
venient method to characterise the cavitation behaviour of the pump has to be defined.
Hence, a NPSH value has to be defined, which is equal to the difference of the total head
and the steam head at the inlet of the pump (equation 1.2).

2
Pg—P c
NPSH= — Y _ 8 12
PH2O'9 29

On the one hand NPSH value depends on the vapour pressure of the fluid, and on the other
hand of the flow conditions at the pump inlet, whereas all are measurement data. If the
flow rate is the same, and the static pressure at the inlet of the pump is getting lower, the
NPSH value will also decrease. The static pressure which causes the first cavitation bub-
bles than leads to the NPSH;-value. It is the maximum value for the pump running without
cavitation. However, the NPSH value defines the difference between the total head and
vapour head in reference to cavitation criteria. Different NPSHg-values are used to charac-
terise the cavitation behaviour of a pump, shown in the list below.

e NPSH;: beginning cavitation, first cavitation bubbles are visible

e NPSH,: 0% loss of delivery head

e NPSH;: 1% loss of delivery head

e NPSH3;: 3% loss of delivery head

o NPSHy: x% loss of delivery head

e NPSHeg.: collapse of the delivery head, the impeller is running in full cavitation
o Defined loss of efficiency

e Defined erosion of material

e Defined lifetime of the impeller

The most widespread NPSH criterion is NPSH3, as its measurement is easier than for other
criteria. Figure 1.4 schematically shows the typical curves of different NPSH values for
radial impellers.
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2_‘ S~ suction side E_eglnnlng cavitation

> - \

pressureside

NPSH
NPSH; s

increasing

recirculation

| Qopt/ Qsr

|

i
Qrs/Qsr

1,0 Q/Qsr

Figure 1.4: Typical NPSH curves of radial impeller (schematically) [4, p. 276]

1.4.3 Suction specific speed ng

The suction specific speed is used to compare the cavitation behaviour of different pumps,
which are not geometrically similar. This is done at the best efficiency point (correctly it
would be the point of operation without swirl) in a similar way as it is realised for the spe-
cific speed ng, seee equation 1.3.

VOBEP L3

Nee = N-
$S
NPSH®"®
The units used for ng are for the rotating speed rpm, for the volumetric flow m3h and for
the NPSH meter. It has to be mentioned that the customer has used the same definition for
the suction specific speed but a different unit for the volumetric flow (m3/min). The link
between ngs and Nss defined by the customer is shown in equation 1.4.

Ngg = Ngg /60 1.4
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2 Dimensioning of the test rig

First of all, a one-dimensional design of the centrifugal pump is used to get the main di-
mensions of the test rig. With this information, initial layouts can be designed to check the
feasibility and the fulfillment of the requirements. The most important information used for
the design of the test rig is shown in the following list:

e meridional design, radial- mixed- ore axial-flow

e inner, outer diameter of the impeller

e inner diameter of the suction pipe

e power consumption of the test rig (rotating speed, torque)
e axial and radial load of the impeller

e pressure distribution inside the pump

e pressure inside the suction and pressure pipe

The hydraulically dimensioning of the centrifugal pump is the first step before the first
concept will be realised.

2.1 Fundamental information

The parameters given by the customer are shown in Table 1.1. These are used for the one-
dimensional design of the test rig. The specific speed, the volumetric flow rate, the deliv-
ery head and the rotating speed of the pump shaft are indicated as follows.

Ng_BEP_requ = 280

3

m
Q = 430.—
BEP -

. 1
Nghaft = 1490-min

The overall pump efficiency ngep is specified as 87%, including the hydraulic and the me-
chanical efficiency with an acceptable variance of -1,5%.
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The shut-off head ratio is defined as ry=1,24, which leads to a shut-off head of 42,78m
with an accepted variation of +/- 4%.

To define the cavitation behaviour of this centrifugal pump, the customer uses the suction
specific speed Ny at 70%, 100% and 130% of the flow rate best efficiency point (Qgep).

Nss—qgo, := 1400 rpm

NSS»IOO%’ = 1600 rem

NSS13O%} = 1400 rpm

The design of the gap ring, especially the dimension of the wear ring seal clearance, has to
be according to API 610 version 11 [6, p. 39].

The following geometrical requirements are also given:

e the stage length must be not longer than 130% of the outer diameter of the impeller;

e the maximum diameter of the diffusor must be not longer than 130% of the outer
diameter of the impeller;

e the shaft diameter of 75mm must be realisable;

e the diameter of the hub of the impeller must be at least 90mm;

Each of the above mentioned requirements was given by the customer and are used for the
one-dimensional design of the impeller and the diffusor.

The density of water is calculated by the method of Herbst-Roegner, which is correspond-
ing to [7, p. 169]. This method of calculation is applied to a temperature of 18°C as follows
and is used for the evaluation of the measurements results later on.

The air pressure is defined with pa,s and is 1,013 bar.

PH20 = 102'{2 {Z [Rij“j‘ﬁ(i1)]ﬂ1 2.2

bl

kg
m

The exact approach according to this method is shown in Appendix A.

10
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2.2 Power consumption

The power consumption of the pump is depending on the hydraulic power and the overall
efficiency, which were defined by the customer.

Ph = pH2OgHBEPQBEP = 40.35. kW 2.3
Ph
Pp = = 46.38-kW 2.4
IBEP

Another way to write the power consumption is, to divide it up into the hydraulic power
and the energy losses in resulting of the friction, as shown in equation 2.5.[4, p. 135]

(PH20°9-HBEP QBEP)
P =§‘ +§‘P +§‘P + P+ Pgr+ P
P . Ny RR S3""m™ "er” "Rec 25

st st

In equation 2.5, the following losses are combined and are shown in Figure 2.1 [4, p. 85]:

1) Mechanical losses P,

2) Volumetric losses ny

3) Losses of rotating disks of the impeller Prgr

4) Losses of rotating disks of other components Pe,

5) Losses of power in reference to leakage flow in multistage pumps Ps3
6) Hydraulic losses

7) Losses in reference to recirculation Prec

For the actual pump in a single arrangement, the losses 4 and 5 do not exist and in the point
of best efficiency no recirculation is assumed. The final equation for the balancing of
power is defined as follows.

PH20 9 HBEP QBEP
PP = + PRR + Pm

Nh My 2.6

In order to reach the required Ny values, the hydraulic efficiency may be lower than ex-
pected in case of geometrical differences to the recommended hydraulic design. The re-
quired overall efficiency is rather high with reference to the expected values referred to the
literature. The volumetric leakage is defined by the maximum gap clearance, and the opti-
misation of the friction losses at the impeller side chamber is limited. In any case, the me-
chanical friction losses have to be as low as possible to reach the required overall effi-
ciency. Furthermore, a highly efficient power train has to be designed (see chapter 2.4.5).

11
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acoustics

T

Po=pgHQ

Per

P|_ . (Q5p+QE+Qh) P g lelh

Pw=pgHQ(1/n,-1)

Figure 2.1: power balance of a pump [4, p. 85]
2.3 Characteristic numbers

2.3.1 The specific speed

The specific speed is used do define the meridional design as it is mentioned in 1.3.5, and
in this case is calculated as follows. The rotating speed has the unit [rpm], Qgep has the
unit [m3/s] and H has the unit [m].

JOBEP _ 1647

Ng = Nshaft’ 3 27

4
HBEP

The customer defines the specific speed in the agreement in the same way as shown in
equation 2.7, but the units used for this definition are selected in the following way: the
rotating speed has the unit [rpm], the flow rate Qgep has the unit [m3/min] and the delivery
head has the unit [m]. Thus, the connection between equation 2.7 and the specific speed
defined by the customer is shown in equation 2.8.

Ng_customer = Ng-v/60 = 280.21 2.8

The tolerance of Ny customer 1S established as +/- 10.

Another dimensionless number to show the meridional layout has already been used in
Germany for water use, as shown in equation 2.9. The connection between these two char-
acteristic numbers (equation 2.7 and 2.9) can be looked up in [8, p. 84].

=n,-3.652 = 132.1 2.9

Ng q

12
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2.3.2 Head coefficient

For further calculations, the dimensionless head coefficient is needed to get the main di-
mensions of the impeller. The head coefficient is defined as shown in equation 2.10 and is
a dimensionless number to characterise the operating behaviour of a pump.

o= 291 2.10
2
Uz

There are statistical values for centrifugal pumps published in [4, p. 112], which are used
to estimate the outer diameter of the impeller. Figure 2.2 shows the head coefficient with
reference to the specific speed, the mean value can be calculated with equation 2.11 which
is the result of the .

nq_Ref = 100
"q

n
PREP a5 = 121-€ aRet _ 092 2.11

15 I 1 T T T 1
14 O gw-pumps
’ o o o A  mixed flow

13 T O spiral housing
v W\i

1.1
1‘0 lIJOpl ~

0,9 w\<

0,8
0,7

o N
NQAN

-0.77:

o
=

2y
L IDNAL X

A NS AN ﬁ
A DA/ S Ao

axialimp. (hub)

D(E} 7

>< /
yiopt

Y

NV

0,5

0,3
. \Q\\mixed flow imp. (hub)

0,1
0,0

10 100 Ng 1000

Figure 2.2: Coefficient of pressure [4, p. 112]
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The upper value for the head coefficient is 0.99, which will lead to a flat characteristic
curve, yet the risk of instability will increase. The lower value is 0.84, which will lead to
steeper characteristic curves. [4, p. 113]

In the present case, a flat characteristic curve is needed, and for this reason the head coeffi-
cient will be defined as 0.94 for further calculations. The outer diameter of the impeller is
calculated as shown in equation 2.12.

1 2-g-Hggp

. = 343.9-mm 2.12
Nshaft™ .| VBEP

dyo as =

The circumferential velocity at the outer diameter can be investigated by 2.13.

TNghaft = 26.84 1

u =d
20_as 20_as s 213

2.3.3 Delivery and power coefficient

The reference area is the projected area of the outer diameter of the impeller and is defined
as follows in equation 2.14.

dz 2 TT
0 as
Aref = s 2.14

The delivery coefficient is referenced to this area in equation 2.15, and the same reference
applies to the power coefficient in equation 2.16.

Q
BEP
f|)BEP = ———— =0.0479
Aref Y20 _as 2.15
>\BEP = f|)BEP11‘BEP]|BEP = 0.0391 2.16

14
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2.4 Efficiency and losses

2.4.1 Total efficiency

The reachable overall efficiency for centrifugal pumps can be estimated with equation 2.17
which is recommended by [4, p. 142]. These equations are used for single-stage and multi-
stage centrifugal pumps with different specific speeds. The exponent my is the same and is
calculated with Q=1 m3/s and factor a=1, when Qgep is lower than 1 md/s.

0.15

‘ Qref 45006

mx =01 Q . n— =0.14 217
BEP q

In order to estimate the overall efficiency of a single-stage centrifugal pump with a specific
speed lower than 100, equation 2.18 can be used.

X 2 0.5
Ny Qref
~0.3.0.35-log| — || - =852.% 2.18
23/ \ Qgep

m

Qref
Mtotal_100 = 1- 0-095'( ]

Qpep

In order to estimate the overall efficiency of a multi-stage centrifugal pump with a specific
speed lower than 60, equation 2.19 can be used.

m

Qref
Mtotal_60 = 1-0-1 16'( Qnep

X 2
n
_ 0.4.(0.26— Iog[z—gD - 84.% 219

The maximum total efficiency reachable can be estimated less than 85%, lower than the
maximum total efficiency of 87% required by the customer. This means, that the hydraulic
efficiency and also the mechanical efficiency have to be very high, to fulfil the require-
ments.

15
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2.4.2 Hydraulic efficiency

The formula for the hydraulic efficiency by Gilich [4, p. 142] is calculated in equation
2.21.

0.15
Q 0.06
my, = 0.08'[ ref } .(E] = 011

QBEP nq 2.20

Mh

'n 2 Q 0.1
—0-2(0-26— Iog(z—gD ( ref J ~92.8.% 221

Q
ref

Qggp

2.4.3 Volumetric efficiency

The inlet diameter of the impeller depends on the total flow rate through the impeller at the
best efficiency point and on the cavitation behaviour. The total flow rate through the im-
peller Qun is composed of the delivery flow rate which is required by the customer Qggp,
the leakage flow rate of the wear ring sealing Qgap, the leakage flow rate in case of axial
force compensation Q. and the flow rate, which is used for other purposes Qn. The volu-
metric efficiency is defined as follows see equation 2.22.

_ Qpgp _ Qpep
Qep+Qgap+ QL+ Q  Qpp

My 2.22

The flow rate though the gap depends on the gap ring diameter, the gap ring clearance
(which is defined by API 610), the length of the gap, the geometric shape of the clearance
and the pressure difference.

The diameter of the gap ring is assumed to be 230 mm and the maximum diametric clear-
ance of the wear ring is defined by the standard API1 610 to be 0.53 mm [6, p. 39].

The length of the gap sealing has to be 50 times longer than its clearance [4, p. 97].

L = 13.25-mm

gap_min = 90-Sgap AP
2.23

Lgap = 20-mm

The realised gap ring length is at least 20 mm and bigger than 50 times the gap ring clear-
ance.

To investigate the pressure difference at the wear ring sealing, the static pressure at the
impeller outlet H, must be known. At the best efficiency point, the total pressure at the

16
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impeller outlet consists of a static and a dynamic part. The static pressure at the impeller
outlet can be estimated by Hy=Hger*R¢ (With Hgep, the delivery head at best efficiency
point, Rg and the degree of reaction. The degree of reaction is the ratio between the static
pressure production in the impeller and the static pressure production of the stage. This
ratio is normally between 0.6 and 0.75 for centrifugal pumps [8, p. 57]. In order to be on
the safe side, in this case Rg=0.75 will be used for further calculations.

The Reynolds-number is based on the circumferential velocity (equation 2.25) at the outer
diameter of the impeller, the outer diameter itself and the kinetic viscosity of water at
18°C. The values for the kinetic viscosity of water have been taken from [9, p. Dba2], and
are interpolated between 15 and 18°C.

u -d
Re p = —2=PS 2085 _ 435, 10° 2.25

2'VH20

In Order to consider the centrifugal force of the rotating fluid in the side chamber of the
impeller (located between the rotating impeller and the stationary casing, Figure 2.3), a
rotation factor will be needed, which can be calculated as shown in equations 2.26 and 2.27
for inwards flowing leakage.

03 Sgap_API'%r |Sgap_API

2 L
d20_as gap

= 0.01 2.26

Ygap = Re,o

0.087

ki=09Yqa ' =058 2.27

The pressure difference at the wear ring sealing AHgap depends on the static pressure at the
impeller outlet and the rotating velocity of the leakage flow between the impeller and the
housing (equation 2.28).

. 1—% —192m 2.28

AHgap = Hp— k T

CI2o_as,

The volumetric flow rate through this wear ring depends on the hydraulic friction losses
and can be calculated in the same way as it can be done for pipes.
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2
c

ax
A‘Hgap = 2.9 'Cgap 2.29

The friction coefficient also has the same structure and is investigated by means of the co-
efficient for in- and outlet friction losses &ea and the friction losses in the gap Agap (€qua-
tion 2.30). The detailed calculations referring to these coefficients are shown in Appendix
A

L
Cgap = C:.EA"‘ >\gapa 2.30

The mean axial velocity of the leakage flow is given by the relationship shown in equation
2.29.

2.9-AH

Coy = 93P _ ol 2.31
Mgap' bgap s
CEA T s e
Sgap_API

With this information, the leakage flow rate through the wear ring in reference to the cross
section of the clearance is calculated as shown in equation 2.32.[4, p. 137]

3

Q.. = 7-d - 6.9-””T 232

gap gr Sgap Cax

The volumetric efficiency is defined in equation 2.22 and can be evaluated to be
98.42%,see equation 2.33.

Qpep

’I]V_BEP = = 984-% 233

run
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2.4.4 Friction losses of the rotating disk

The friction losses of the wear- and cover-disk of the impeller are mainly depending on:

1) the Reynolds-number

2) the roughness of the disk

3) the roughness of the stationary casing

4) the axial gap between disk and housing

5) the geometrical design and the size of the impeller side chamber
6) the influence of the boundary layer

7) the leakage flow

8) the part-load recirculation

9) the impulse exchange

At the best efficiency point the precision of this approach to calculate the friction losses of
the rotating impeller is +/- 25 %. [4, p. 89]

The following calculation is an example and should show the approach to estimate the fric-
tion losses of the impeller disks.

- - rw

Sax
/ Rorr:
e,

Figure 2.3: Impeller and housing, friction losses [4, p. 136]

rgp

The friction losses of a rotating disk are defined in equation 2.34, whereas kg is the coef-
ficient of the friction, 6 is the angle shown in Figure 2.3, dy, the outer diameter of the disk
and d, the inner diameter of the disk.

5 5
k d d
RR 3| Y20 n
Poo = ” wol == 1= — 2.34
RR cos () PH20"% ( 5 J[ (dzo}}

The coefficient of friction at the wear disk for roughness of Ra=12.5 um is the curve drawn
as a full line; for Ra=6.3 pm the curve is drawn as a pointed line plotted against the axial
gap between the disk and the stationary casing, beginning at 0 mm and ending at 10 mm
(Figure 2.4).
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Coefficient of friction [-]

0 21073 41073 610 ° 810" > 0.01
Axial gap [m]
Figure 2.4: Coefficient of friction kgg

In the same way, the friction loss in the form of power loss is plotted against the gap be-
tween the disk and the stationary casing (Figure 2.5).

Friction losses [W]

0 2102 41073 610 ° 810~ 0.01

Axial gap [m]
Figure 2.5: power losses in case of friction of rotating disk Prr

In the considered case regarding production an axial gap at the back side of the impeller of
5 mm and at the front side (cover disk) an axial gap of about 7 mm will be realised. In this
case, the friction loss of different roughnesses is calculated by means of the equations 2.35

and 2.36.
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PRR_12.5_total = PRR_ps_12.5(3-mm) + PRR s5 12 5(7-mm) = 1372W  2.35

PRR_6.3 total = PRR ps _6.3(5:mm) + PRp o5 g 3(7-mm) = 1208W  2.36

The friction losses with a roughness of 12.5 um are 13.6% higher than the friction losses
with a roughness of 6.3 um. In order to achieve a better overall efficiency of the test rig
and to reach a higher precession of the geometrical form of manufactured parts, the accu-
rate surface of 6.3 um will be realised for all wetted parts of the pump.

2.4.5 Mechanical efficiency

The mechanical efficiency includes the losses related to the bearing unit, the sealing unit or
for example the losses in order to rotating oil inside the bearing unit. To meet the require-
ments by the customer, the mechanical losses have to be beneath the limit calculated in
equation 2.37.

PH20°9-HBEP QBEP
Pm_max = Pp- + PRR_6.3 total | = 984W 2.37

"lh_BEP "lv_BEP

e = 1 I:’P_Pm_max
m~= '"
P
P

=21% 2.38

The concept of the bearing unit, the sealing unit and other components, which are respon-
sible for friction losses, has to be as efficient as possible in order to have less friction
torque as shown in the equation below.

P

m_max
Mm max = ——— = 63:N-m 2.39

w
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2.5 Main dimension and meridional design

The main dimension and the meridional design of the impeller and the diffuser are a very
important information for the further optimisations in Ansys-CFX as well as for the gen-
eration of the general test rig design. The one-dimensional design of the impeller and the
diffuser provide the initial boundaries for ongoing numerical optimisations in Ansys CFX.
The concept of the test rig can be influenced by the meridional design of the impeller and
the diffuser, especially with reference to the sealing and bearing unit, which are very im-
portant for attaining the mechanical efficiency.

2.5.1 Impeller - meridional design

The outer diameter of the impeller has already been defined in 2.3.2 with equation 2.12.
The next step is, to define the meridional layout of the impeller according to the specific
speed which has been calculated in 2.7, ng=36.17 min™.

v 4

=
ng=22 n,=35 n,=80 n,=95-110 n,=220-350

Figure 2.6: Impeller design and specific speed [10, p. 29]

Figure 2.6 shows the meridional design of the impeller with reference to the specific speed
and the head coefficient. For the first layout a handmade drawing (Figure 2.7) helps to de-
fine the meridional design and to determine the geometrical measurements for further cal-
culations, see Figure 2.8.
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Flow direction

1 <_' [}

@d,

deo
(adl B

@d; A

Q Main axis

Figure 2.7: Meridional layout of the impeller

2.5.2 Diffusor - meridional design

The diffuser after the impeller has two very important tasks:

1) to convert kinetic energy into potential energy (e.g. static pressure) [4, p. 27]
2) to lead the flow to the next stage free of swirl

The aim is, to design a diffusor which manages these two tasks in a very efficient way.

The area of the inlet section of the diffusor depends on the outlet area of the impeller, and
the area of the outlet section of the diffusor has to be the same as the inlet area of the im-
peller because the diffusor has to be suitable for multistage application.

The length of the stage (impeller and diffusor) has to be lower than 130 % of the outer di-
ameter of the impeller. This is important for the design of the meridional layout of the dif-
fusor and also influences the diffusor length for the calculation. A second dimension which
has been limited with 130% of the outer impeller diameter is the outer diameter of the dif-
fusor. In general, these dimensions define the deflection directly after the inlet of the diffu-
sor.
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Figure 2.8: Diffusor and impeller with measurements (first section)

2.5.3 Number of blades

The number of blades of the runner has been selected very carefully, as it can influence the
behaviour of the pump. The following criteria have to be pointed out:

1) the pressure pulsations as of the interaction between impeller and diffusor has to be
avoided,;

2) a well-defined hydrodynamic blade load;

3) more than 8 blades are not recommended, as of the instability of the characteristic
curve (however pump turbines could have more than 8 blades)

4) less than 5 blades lead to an inhomogeneous deflection flow of the impeller at a de-
livery head of more than 100 m

Most of the radial and mixed-flow centrifugal pumps with a specific speed between 10 and
120 have five to seven blades on the impeller. [4, p. 345]

For the decision on the number of blades for the impeller, finally two criteria were defined:

1) the number of blades has to be between 5 and 8;
2) the pulsations of pressure have to be avoided within a wide range.
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In order to avoid the accuracy of pressure pulsations, parameter mj; (equation 2.40) must
not have the value m=0 and m=1 up to the third order, that is to say i=j=3.

Parameter m=0 causes intense pressure pulsations and fluctuations of the axial load, pa-
rameter m=1 induced oscillating uncompensated radial forces which lead to vibrations of
the housing.[4, p. 648]

mU = i~Zrun — j Zdlf 2.40

The evaluation of the parameter m for the number of blades at the runner beginning at 5
and ending at 8 in combination with the number of blades at the diffusor beginning at 4
and ending at 10 shows that only three combinations meet the requirements.

1) zn=6 and z4;=8
2) Zrun:6 and zdif:lO
3) zun=7 and z4i=9

If the parameter m=2 is chosen for the solution, the combination z,,,=7 and z4=9 has this
number only one time shown as beneath.

Myqi= [T2yn =12 =2 Migi= [1Zgn = 2:2g = 11 mygi= |12y = 32| = 20

Moqi= |22 = 12gi| =5 Moo= |2:Zrun—22qi| =4 Moz = 22y = 32| = 13

M3y = [3Zpyn— Tz =12 mgpi= [3zpyn— 22y =39 myz = |3z - B zg = 6
Finally, the number of blades for the impeller is 7 and for the diffusor it is 9.

2.5.4 Suction diameter

The cross section at the impeller inlet influences the mean velocity in this region and has
an important impact on the cavitation behaviour of the centrifugal pump. The customer has
exactly defined the cavitation behaviour at the best efficiency point with the so-called
“suction specific speed” ng. This suction specific speed is a characteristic number as al-
ready mentioned in chapter 1.4.3.

The cross-section at the inlet of the impeller is a circular ring with an inner diameter of 90
mm and an outer diameter which depends on the requirements regarding cavitation behav-
iour.

The following relation is applied to describe the cavitation behaviour with the meridional
velocity and relative velocity in connection to the factors A; and Ay. Factor A¢ IS used to
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consider the head losses of the inlet and is suggested to be A.=1.1 for an axial inflow. [4, p.
287].

Factor Ay IS used to include the decrease of pressure at the blades and is typically between
0.1 and 0.3 for the cavitation criteria 3% loss of delivery head and a swirl free inflow. [4,

p. 287]

2 2

C w
NPSH3 = g —m 4 X, — 241
29 29

This relation for NPSH3y, has to be plotted against the suction diameter, beginning at 175
mm and ending at 235 mm with different values of A,, (see Figure 2.9) to check the sensi-
bility with reference to the change of A,. AS Ay IS NOt known, a curve has to be found,
which has the minimum at the required NPSH3y, of 3.38 m for the best efficiency point.
This will be manageable with 4,=0.16193, which has the minimum at NPSH3,,=3.38m and
a suction diameter of about 218mm. Furthermore, the curve is rather flat at the lowest
point, which is the reason why the suction diameter can vary between 215 mm and 225
mm without a significant decrease of NPSH3.

R 0218 . leeeeeq
5 ™= - -
? \-._______‘ ----------------------- EE R e il nl i
— A -3 - e — 3-38
;‘ Tl
o | L L e N
§ o= aw=0.1 || T e e, meaia
----- Aw=0.2
...... Mwv=0.3
1 Aw=0.16193
—— NPSH 3
I I

O |
0175 018 0185 019 0185 0.2 0205 021 0215 0.22 0225 023 0.235

Suction diameter [m]
Figure 2.9: NPSHso, for different values of A,, against the suction diameter

For further calculations, a suction diameter of about 218 mm is defined with reference to
A—=1.1 and A=0.16193.
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2.5.5 Blade angles at inlet

For the blade design at the inlet of the impeller, the calculation of the blade angle at three
different circular surfaces, the inner surface “A”, the outer surface “C” and the middle sur-
face “B” was realised. The inner surface has the diameter d;_4=90 mm and the outer sur-
face has the diameter d; ¢=218 mm. The diameter of the middle surface divides the deliv-
ery flow rate into two partial flow rates Qun_p1 and Qrun_p2, Which have exactly the same
size (equation 2.42).

Q

_un 242

Qrun_p1 = Qrun_p2 =75

Due to this fact, the relation between Qun p1 and Qrn_p2, Shown in equation 2.43 , can give
the connection to the diameter of the middle circular surface in equation 2.44.

o . o .
di g —di A )""T _ (_d1_c ~digm 243
4 Cm1 = 4 Cm1 :
2 2
di A -d1 ¢

Furthermore, the blade angles for the different circular surfaces at the inlet of the impeller
without blades can be calculated and lead to the values shown in equation 2.45.

s N

| C
B»I A= atan 1m_A =13-°
- \ u1_A J
|/C \.
8y g = atan| B | _ 497.c
- 1B 2.45
¢ \
By o = atan| —M=C | _ 2g5.c
B \ u1_C J

The thickness of the blades at the inlet of the impeller is 4 mm, with an assumption of the
blade angle whereas the obstruction caused by the blades could be calculated for example
at streamline “A” in equation 2.46.

/ V1
| Zrun“®©1
T1_A =1

. ™dp asin(Bip A as)sin(Mrun_al)

=1.18 2.46

27



Dimensioning of the test rig

The final blade angle does not only depend on the obstruction caused by the blades, an
“incidence” also has to be considered. The “incidence” is the difference between the blade
angle and the flow angle including the obstruction of the blades. For the first layout, an
incidence has to be defined for streamline “A” i3 4=0°, for streamline “B” i;_a=-2° and for
streamline “A” i1 ¢=-5°. This assumption has to be adapted in the following CFD-
optimisation.

B1B_A : B'»I_A-i- I1_A = 15.26-°

B1B_C : ﬁ'»]_c + I1_C = 29.15.° 2.47

B1B_B = [3'1_B+ I1_B = 21.14.°

Figure 2.10 shows the velocity triangle at impeller inlet at plane A without pre-swirl as an
example for plane B and C.

Figure 2.10: Velocity triangle at impeller inlet plane A (free of swirl)

2.5.6 Opening impeller outlet

In combination with the opening of the impeller outlet and the number of blades, the blade
angle is responsible for attaining the required delivery head of the pump, in other words, to
achieve the expected head coefficient and a stable characteristic curve.[4, p. 347]

A prediction of these theoretical relations is not reliable, hence a calculation based on ex-
perience is used to forecast the width of the opening at the impeller outlet. Therefore, equa-
tion 2.48 (nQ,e=100) is used as follows:

.2 .3

 n [ n
9__ D.OB“ 9 ‘ + 0.0093“ 9 ‘ _35.mm 248
Ng.Ref \Nq.Ref \Nq.Ref

n

by := dpgyr| 0.017 + 0.262
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2.5.7 Blade angles at outlet

The blade angle at the outlet of the impeller is responsible for attaining the required deliv-
ery head of the pump. This angle often lies between 20° and 27° for impellers with a blade
number between 5 and 7 blades. The deviation angle is used to compensate the gap be-
tween the theoretical delivery head of the pump and the real delivery head. This deviation
angle must not be larger than 14° to avoid an inhomogeneous flow distribution. The de-
tailed calculation is shown in Appendix A. [4, p. 349]

L%ZB = 22.8°

The flow angle at the outlet of the impeller is the relation between the meridional velocity
at the outlet without the obstruction of the blades and the circumferential component of the
relative velocity. The circumferential component of the relative velocity is the difference
between the circumferential velocity and the circumferential component of the absolute
velocity, which is used in the “Euler-Equation” to define the theoretical delivery head of
the centrifugal pump as shown in the following equation 2.49.
Hp = é‘(uz'cuz— Ug-Cys) 2.49

For swirl free inflow into the impeller, c,;=0 m/s and the circumferential component of the
absolute velocity can be investigated in equation 2.50.

Hep -
th"9 m 2,50

The flow angle without obstruction of the blades is shown in equation 2.51, and the devia-
tion can be calculated as follows, see equation 2.52.

'/.C N

By = atan| = | = 13.6.° 251
'\.qu_/'

&= }325— ﬁz =9.2.° 2.52

The velocity triangle at the impeller outlet is shown in Figure 2.11 schematically.
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U
Figure 2.11: velocity triangle at impeller outlet

The main geometrical dimensions of the impeller are defined, and thus all information
about the hydraulic components is given to design the first concept of the test rig. For the
conception of the bearing and sealing unit more information will be needed, which is in-
vestigated in chapter 2.6.

2.6 Hydraulic load and pressure distribution

In this chapter, the pressure distribution behind and in front of the impeller is of interest, in
order to define the correct specification for the sealing unit. Also, the axial load in case of
the pressure distribution and other effects is very important information for the dimension-
ing of the bearing unit. The dimensions of and the concept for these units are directly in-
fluencing the overall concept of the test rig.

2.6.1 Increase of the static pressure at the impeller

For further calculations, the increase of pressure at the impeller is needed to investigate the
pressure distribution behind and in front of the impeller. This static pressure is the potential
component of the total pressure exactly after the impeller Hy, as already explained in chap-
ter 2.4.3. In equation 2.24, the reaction coefficient is used to estimate the static pressure
increase at the impeller. As of the already known geometry of the impeller and the blades,
the pressure difference can be calculated in the way as shown in equation 2.53.

| PH20O (2 2 2
APrun = P2_run = P1_run = "h_run’ 5 \U2 ~W2 FCe )= PH20'9'H'Rg 253

However, as the hydraulic efficiency of the impeller is not known, the calculation will be
on the safe side, with nn in=1. Thus, the pressure difference could be calculated beginning
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at Q/Qgep=0 going up to Q/Qpep=1.6 (equation 2.54), which is illustrated in Figure 2.12.
[4, p. 534]

PH2O ( 2 2 2
APrun_v(Q) = — ‘(_Uz ~Wo (@) +eq (Q) 2.54

The characteristic curve of the pressure difference is used to estimate the pressure at the
sealing unit and the axial load of the impeller at every operating point.

4.10°

3.5<10

5
\

3.10°
25.10° .

2<10

1.5<10

Static pressure [Pa]

110

M~ O 1

510
0

0 0.2 0.4 0.6 0.8 1 1.2 1.4 1.6

Relative delivery flow rate q [-]
Figure 2.12: Pressure increase at the impeller [Pa]

2.6.2 Pressure distribution - impeller side chamber

Based on the pressure difference investigated in chapter 2.6.1, the pressure distribution
behind the impeller in the side room could be calculated to get information about the pres-
sure difference at the sealing unit in reference to the ambient pressure. This is very impor-
tant information, which influences the decision on the final concept of the sealing unit in
general.

The absolute static pressure at the impeller outlet is the pressure difference at the impeller
(equation 2.53) plus the absolute static pressure at the inlet of the impeller see equation
2.55.

P2 run(Q) = P1_run(Q) + Apryp (Q) 2.55

According to the “Bernoulli-equation” between the surface of tank water and the impeller
inlet, the static pressure at the inlet of the impeller could be calculated. The final equation
is shown below whereas the head difference between the tank water surface and the axis of
the impeller Hyr is 1.5 m.
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Q H PH20 2 H Q
P1_run(Q) = Pyt + BwT9-PH20 - > Css ~ Mioss(Q) 2.56

However, for further calculations, only the operating point Qg is of interest, as the highest
static pressure is given at the impeller outlet. Therefore, the velocity in the suction pipe is
zero and the pressure in the water tank will be the same as the ambient pressure in usual
situation. The absolute pressure p1_run_o IS Shown in equation 2.57.

P1_run_0 = Pamb * BWT'9'PH20 2.57

The local pressure in the side chamber according to the diameter is defined in equation
2.58 for the operating point Qq. The pressure pcr is based on the centrifugal force caused
by the rotating fluid between the impeller and the housing.

P(d) = P2 run_o~ Pcr(d) 2.58

The rotating velocity depends on the diameter and is defined as half of the velocity of the
impeller at this diameter. However, the rotating coefficient is assumed to be krg=0.5. With
the final equation 2.59, the absolute pressure distribution can be illustrate as shown in Fig-
ure 2.13 for the operating point Qg with the highest Apun.

) e \ 2
Po(d) = pHoo- (WK '2‘1‘{-\2 =2 | }p
0 H20 \*""RR/ 2l\2) "\ 2 2 run_0 259
0.35
0.3 //
0.25 /
= 0.2
[b]
E /
g 0.15 f
- |
0.1 I
0.05 |
0 5 5 5 5 5 5
0 1410 2:10 3410 410 510 610

Pressure [Pa]

Figure 2.13: Pressure distribution at the impeller back side at Qo
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The maximum absolute pressure which has to be drained is at the operating point at the
sealing diameter of 45 mm as calculated in equation 2.60.

Pdiff_seal = Poldseal_r) ~ Pamp = 2.86-bar 2.60

This is the pressure difference at the sealing, when the system pressure is the same as the
ambient pressure. For measurements of the characteristic curve and also of the NPSH
curves, the system pressure has to be higher than the ambient pressure. This is necessary to
avoid undesired cavitation in the pump. Therefore, the pressure difference at the sealing
unit is much higher than the pressure difference in case of a pressure increase of the impel-
ler only. The maximum of the system pressure has to be defined as 2 bar over ambient
pressure (pwr=3 bar). Thus, the pressure difference at the sealing unit is defined at least
with a minimum of 2.86 bar and a maximum of 4.86 bar.

P1_run_0 = PwT * BWT'9'PH20 2.61

2.6.3 Axial load of impeller

In case of different pressure distributions at the wear and cover disk of the impeller, the
incentive force, the coupling force and the unbalanced load of the pump shaft have to be
investigated. The axial load is used for the dimensioning of the axial bearing unit and the
pump shaft. To reduce the axial load of the bearing unit, axial load compensation is ap-
plied. There are a large range of different methods to minimise and to avoid this axial load,
but all these methods have a negative impact an the efficiency of the pump. With regard to
the customers requirement, to reach a high overall efficiency of 87%, a very close look on
the energy losses is necessary, if axial load compensation is used.

For the investigation of the axial load of the impeller, the different components will be
investigated separately from each other (Figure 2.15).

First of all, it has to be defined that the positive direction of the force is against the direc-
tion of the flow in the suction pipe. The overall axial load is investigated in equation 2.62
and can be segregated into the pressure load at the wear disk Fyq4, the pressure load at the
cover disk F¢q, the incentive load, the coupling force and the unbalanced load of the pump
shaft as shown in Figure 2.15.

Fax(Q) = Fyg(Q) = Feq(Q) = F|(Q) + Fc + Fohat 2.62
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The pressure load at the wear disk F.q is the pressure distribution integrated over the pro-
jected area of the impeller backside. The outcome of the integration is equation 2.63,
which can be used to calculate the pressure load at any convenient point of operation. For
the pressure load at the cover disk, the same approach can be used and leads to equation
2.64.

2.63

‘_’}T. \

2 2 1 2, 2, 2 2!
Fwd(Q) 2 (d20 —dseal r )‘[Aprun_\f(a)_E’F’HZO’““J "Km ’(d20 ~dseal_r ﬂ

2.64

‘_Tr. \

2 2 1 2. 2(, 2 2!
Fea(Q) 4 (_d20 ~Agap_ s r _)’[Aprun_v(a)_E‘F’HZO'”J K{d2o ~Cgap_s_r ﬂ

The incentive load depends on the deflection of the fluid flow through the impeller, which
has an axial direction at the beginning and a radial direction €,=90° at the end.

FI(Q) = pH2o*Q-(eq_y(Q) - com_y(Q)-cos(ey)) 2.65

The force with regard to the clutch is Fc=0 N, and according to the pressure difference
between the pressure at the suction side directly at the impeller cup and the ambient pres-
sure with reference to the projected area ,the unbalanced force of the shaft. The pressure
P1_stat at the suction side could not be calculated accurately, as the installation of the suction
pipe was not defined at that moment. Hence, to be on the safe side, p;=0 bar (absolute) is
used in the corresponding equation 2.66.

d

2
Ny , Useal r ™
Fshatt = (Pamb— P1):

= 161N 2.66

Figure 2.14 shows the axial load against the relative flow rate of the test rig and each com-
ponent.
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Figure 2.14: Axial load of the impeller and components

The axial load at the point of best efficiency is 10 059 N, at Q=0 m3/s it is 14 429 N.
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Figure 2.15: Pressure distribution and axial forces at the impeller [4, p. 529]

35



Dimensioning of the test rig

2.6.4 Radial force

The radial force is needed for the dimensioning of the radial bearing unit and the pump
shaft with reference to the deflection and stiffness. The reason for a radial force is unbal-
anced pressure distribution at the impeller inlet and around the impeller outlet. This unbal-
anced pressure distribution is a consequence of non-rotationally symmetrical flow.[4, p.
543]

This non-rotationally symmetrical flow is caused by a non-rotationally symmetrical diffu-
sor for example a spiral housing. The diffusor used on this test rig is rotationally symmetri-
cal with nine blades, which are identical and have the same distance to each other. As of
this construction of the diffusor, no radial force can be expected, because the non-
symmetric pressure distribution offsets one another.

In order to be on the safe side, a radial force as it can be investigated for single spiral hous-
ings is assumed.

The calculation of this radial load is shown in detail in Appendix “A”. In Figure 2.16, the
radial force against the relative flow rate shows a minimum at the best efficiency point
which is the design point of the spiral housing and shows a maximum at Q=0 m?3/s.
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Figure 2.16: radial force of single spiral housing

The radial load at the best efficiency point is 169 N, at Q=0 m?3/s it is 2018 N.
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3 Construction

The fundamental information for the process of construction is the dimensional design, the
loads on the pump shaft and also the pressure load inside the pump and pipes. This infor-
mation is used to create the first layout including all the other important information in
order to fulfil the customer requirements. Therefore, a lot of layouts are needed to show all
the different solutions, in order to sort out the most convenient one. These layouts are
drawings of the meridional cross-section of the test rig and are mostly made by hand. After
that step, the 3D-CAD-model with all single parts and details has to be created, in order to
merge all the components. For the construction the 3D-CAD drawing the system ProEngi-
neer Wildfire 5.0 is used, which can be used for “top down design” and short analyses. The
generated 3D-CAD model is used to deviate all single parts as well as the assembling
drawings for the manufacturing. Finally, there a lot of modifications of some details as of
different manufacturing methods or disposability of outsourced items have to be realised.

3.1 Basic considerations

A lot of different important requirements have to be met, which in most of the cases have
an impact on the design and the construction. These requirements are shown in the follow-
ing list:

1. Meridional section according to ngq

Dimension of impeller and diffusor according to the hydraulic design
Placement of pressure sensor according to 1ISO 9906

Constructional consideration of the rotating speed of 1490 rpm

Minimum of mechanical losses, due to the guaranteed overall pump efficiency
Wear ring seal clearance according to API 610

Wear ring exchangeable to investigate the influence of the gap-sealings
Pressure resistance up to 2 bar relative system pressure to ensure cavitation free op-
eration in a wide range

9. Maximum stage length 1.3xd;

10. Shaft diameter at hub cap: 75 mm

11. Hub diameter at hub cap: 90 mm

12. For multi-stage useage

13. Placement of transient pressure sensor

14. Placement of torque sensor

O N Ok

These points are used for the evaluation of the different layouts in order to select the best
one for this test rig. During the course of this development, 9 different layouts were needed
to consider all above-named points.
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3.2 Concept finding

In this chapter the way of finding the final concept for the test rig is described. For this
purpose, all layout designs are illustrated with a short description of each. In the beginning,
Figure 3.1 is used to give an overview about the structure and the main assemblies of the
final test rig in order to facilitate understanding.

/ Housing of the torque sensor
% Flow direction

f—
/ Bending
_ Pressure pipe
),// Diffusor
Impeller

Swirl break

Engine \Q

Coupling /

2.Bearing unit

Torque sensor

1. Bearing and sealing unit

Acryl glass pipe

Figure 3.1: Overview of the test rig

The first layout is based on experiences made by the Institute of Hydraulic Fluid Machin-
ery as well as on the concepts of Dipl.Ing. Hopfgardner [2] and Dipl.Ing. Handl [1]. Each
of the following layouts is based on the preliminary layout and is an optimisation and often
also an extension of the previous one. The layouts are designed in the same chronological
order as shown below, and every layout design has been discussed at the Institute of Hy-
draulic Fluid Machinery.
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3.2.1 The first layout

The first layout in Figure 3.2 shows the principal structure of the bearing unit, the sealing
unit and the hydraulic components. The impeller consists of two parts, one is the wear disk
with blades and the other one is the cover disk. These two components are connected by
means of plug welds each blade. The same concept is used for the diffusor, where the inner
part has the blades and the outer part is connected with plug welds. At the suction side and
at the pressure side, a pipe made of steel is used to fix the pressure sensors. The bearing
unit consists of two tapper roller bearings, running in oil. To drain off the water pressure of
the pump, a slide ring sealing will be used, because this kind of sealing is the only one to
manage the maximum pressure difference of 4.86 bar. To proof the oil of the bearing unit,
two radial shaft seal rings can be used, because the pressure difference is not expected to
be high. The bending and the positioning of the torque sensor will follow the same concept
as Mr. Hopfgratner has used in his Master’s Thesis [2, p. Appendix B1]. To reduce the
axial load on the bearing unit, back blades at the impeller are applied, however these will
lower efficiency.
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Figure 3.2: Layout 1

3.2.2 The second layout

This layout is based on the concept of the first layout, however enlarged by cooling fins
and the leakage channel (Figure 3.3). The bearing unit, which is running in oil, and the
sealing unit are producing heat, which has to be transported from the inside to the wetted
surface of the diffusor. To increase efficiency of the forced convection at the inside of the
bearing unit, the oil-wetted surface has to be maximised by means of cooling fins to hold
the temperature on a constant level of about 70°C. The leakage channel enables the leakage
fluid flow from the slide ring sealing to pass the bearing unit to the inner duct of the pres-
sure pipe. Furthermore, protective sleeves are used as sliding surface for the radial shaft
sealing ring.
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Figure 3.3: Layout 2

The energy losses from the tapper roller bearings running in oil and the friction losses of
the slide ring sealing cannot be disregarded. In this case, the risk of failing to meet the re-
quirements of 87% overall efficiency is too high. The alternative concept, to minimize the
friction losses in the bearing and sealing unit, leads to the third layout.

3.2.3 The third layout

In the third layout, also tapper roller bearing are used, but not as in the layouts before run-
ning in oil, as they are now running in grease. This should result in less energy losses as it
was the case with the bearing unit running in oil. To avoid the leakage of grease from the
bearings, so-called “nilos rings” are used, since they provide fewer friction losses as radial
shaft sealing rings. The slide ring sealing is substituted by a radial shaft ring sealing, which
causes also less friction losses as the slide ring sealing. However, the difference in pres-
sure, which could be drained with this radial shaft ring sealing, is not as high as it is at the
slide ring sealing. The maximum pressure mainly depends on the rotating speed of the
pump shaft and on the diameter of the sealing lip (Figure 3.5).

Figure 3.4: Layout 3
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To give an example for the permitted pressure difference, a BABSL radial shaft seal ring
by “Simrit” at a rotation speed of 1500 rpm and a sealing lip diameter of 40 mm, allow for
a maximum permitted pressure of about 3 bar, see Figure 3.5. This is lower than the maxi-
mum pressure of 4.86 bar defined in chapter 2.6.2. In order to reduce the pressure at the
radial shaft seal ring, different methods can be used.

Furthermore, to reduce mechanical losses, which are measured with the torque sensor, it is
useful to keep the distance between impeller and torque sensor as small as possible. This
means, that the torque sensor is not positioned between the electric motor and the test
pump; the torque sensor will be positioned between the bending and the first bearing unit
after the impeller (see Figure 3.9). This will reduce the measured friction losses and the
overall efficiency will be higher. To realise this position of the torque sensor, the electrical
power supply for the torque sensor will lead through the stiffening between the outer and
the inner pipe at the pressure side of the pump.

10,5

Type BABSL
— ~— - Supported Simmerrings

Pressure [bar]

75

0
0 1000 2000 3000 4000 5000 4000 7000
Shaft speed [revs/min]

Figure 3.5: Permissible pressure type BABSL [11, p. 41]
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3.2.4 The fourth layout

In this layout, back vanes are used to reduce the pressure at the radial shaft seal ring, and as
a result of this to reduce the axial load of the impeller. The lower axial load on the bearing
unit allows for conventional deep groove ball bearings. They have the advantage to be
available at any time and to provide less friction losses than tapper roller bearings. Refer-
ring to the lower hydraulic efficiency of the pump in case of the back vanes, this layout
will not meet the overall efficiency requirements.

Figure 3.6:Layout 4

3.2.5 The fifth layout

The fifth layout uses the method based on a wear ring sealing at the back side of the impel-
ler and relief wells, see Figure 3.7. As an alternative solution to the roller and ball bearings,
in this layout a slide bearing unit will be used, which is running in oil. This slide bearing
unit will take up forces in both directions, radial and axial, and has the advantage to be
more efficient than the ball and the roller bearings. The axial force has to be rather low,
because there is not enough space for the axial slide bearing. With this method of axial
load compensation, the axial force could be reduced to a minimum in the design point.
Aside this design point, the axial force will grow, and the bearing unit is not able to take up
this axial load. As a result, this concept could not be used for the test rig.
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Figure 3.7: Layout 5

3.2.6 The sixth layout

The sixth concept is very similar to the third layout depicted in Figure 3.4. Here also a tap-
per roller bearings and a radial shaft seal ring are used. However, in this layout a second
radial shaft seal ring is used to protect the bearing unit from leakage flow, if the first radial
shaft sealing ring breaks. This leakage flow passes the bearing unit through the leakage
channel to the backside, where it is collected and drained to the outside. The pressure dif-
ference at the first radial shaft seal ring is 4.86 bar, which and is too high, as no axial load
compensation is used. To lower this difference in pressure at the radial shaft seal ring, the
pressure at the back side of this sealing should be the same as the system pressure (maxi-
mum 2 bar above the ambient pressure). This could be realised by connecting the leakage
flow channel with the water tank of the test rig. The difference in pressure at the radial
shaft seal ring is not higher than the pressure caused by the delivery head of the impeller.
The maximum delivery pressure at Q=0 m?3/s is 2.86 bar and is thus lower than the maxi-

mum allowed difference in pressure of 3 bar for the radial shaft seal ring in this applica-
tion.

In Figure 3.8, there are two lines, which have the same way, passing the bearing unit to the
radial shaft seal ring. Thus, the leakage could flow out of the test pump, and the same way
the system pressure of the water tank could get to the sealing unit.
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Figure 3.8: Layout 6

3.2.7 The seventh layout

The seventh layout consists of the sixth concept of the bearing and sealing unit and is ex-
tended by the concept of the torque sensor unit and the bending. Behind the bearing unit, a
straight pipe has to be used for positioning the pressure sensors. The distance between the
diffusor and the pressure sensors is two times the outer diameter of the pressure pipe. This
outer diameter has to be the same as the diameter of the suction pipe as of multi-stage us-
age. To reduce the measured friction losses, the torque sensor is positioned as near as pos-
sible to the impeller. As a result of this, the pump shaft has a large overhang, which could
have a negative impact on the running smoothness of the pump because of vibrations. The
second pump shaft is connecting the torque sensor and the coupling and has to be lead
through the bending to the outside of the pump. A second bearing and sealing unit will to
be needed for this shaft. The efficiency of this power train is not important, because this
power train does not influence the measured torque of the testing pump. This power train
has only the task to house the second pump shaft and to be proof. The efficiency of this
power train is not relevant for the overall efficiency of the test pump.

Figure 3.9: Layout 7
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3.2.8 The eighth layout

The eighth layout has the same concept as the seventh layout, however the torque sensor is
not placed between the bending and the bearing unit, it is positioned after the bending. The
advantage of this construction is, that the cables for the torque sensor have not been led
through the outer and inner pressure pipe. The disadvantage is, that a second deep groove
ball bearing is used for stabilising the rather long pump shaft in order to avoid vibrations
during operation. The torque sensor is located inside a housing which has to keep the left
and the right pump shaft in position to each other. This housing has to be air-proof because
the system pressure is present inside the whole pump. The second (left) pump shaft has two
deep groove ball bearings and a slide ring sealing. This slide ring sealing has to drain off
the system pressure inside the pump against the ambient pressure.

This construction has the great advantage, that it allows to use system pressure higher than
2 bar over the ambient pressure.

At the suction side, an acrylic glass pipe will be installed directly in front of the impeller
for cavitation analysis. This acrylic glass pipe is used to be able to see the blades of the
impeller during the NPSH-measurements in order to determine the NPSH;-value (cavita-
tion is visible the first time) and to take pictures with a high-speed camera for documenta-
tion purposes.

Figure 3.10: Layout 8
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3.2.9 The ninth layout

The ninth layout is the last one and is compliant with the final construction of this test
pump. The impeller and the diffusor have the same construction as in the layouts presented
before. At the suction side, an acrylic glass pipe is used, and at the pressure side a pipe
made of steel is used which has the same diameter as at the suction side. The inner pipe at
the pressure side has a diameter of 90 mm, which is the same diameter as the inner diame-
ter at the impeller inlet the hub diameter. This construction is used to enable a multi-stage
assembling of this pump in final production and is the main difference between the layout
eight and the layout nine. Therefore, the bearing unit has to be designed differently with
reference to the layouts before. The bearing unit is positioned to have space for the axial
and radial deep groove ball bearings and for the sealing unit, consisting of two radial shaft
seal rings. The leakage channel has the same position aside the bearing unit. However, the
leakage flow is not collected after passing the bearing unit, it flows inside of the inner pipe
back to the outlet which is positioned directly before the second radial ball bearing after
the bending (this is not shown in Figure 3.11). The pressure sensors at the pressure pipe
have a distance of twice the diameter of the pipe. The bearing unit is filled with grease and
in order to refill it, a grease fitting could be used, but it has to be replaced by a screw as
grease fitting is not water-proof. The torque sensor is positioned behind the bending; the
housing around the torque sensor is air-proof and is under system pressure. A grommet
could be used as airtight closure to lead the cable for the torque sensor through the hous-

ing.

e I I

Figure 3.11: Final layout 9
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The second pump shaft as well as its bearing and sealing unit follow the same construction
design as it is used in layout eight. The leakage flow could pass the bearing unit as show
with the dotted line and can leave the inside of the pump through a fitting to a tank made of
acrylic glass. This provides additional safety, for the case that the first radial shaft seal ring
breaks, which will then be visible immediately.

3.2.10 Pre-calculation

This final layout meets all construction requirements defined in the beginning of layout
finding. In a next step, it is necessary to check all components which are exposed to a spe-
cific load shown in the list below.

e Pump shaft

e Bearing unit

e Sealing unit

e Pump shaft - impeller connection

e Screw at the pump shaft impeller connection
e In general all screw connection

e Acrylic glass pipe

e Pressure pipe (steel)

Before a detailed 3D construction can be realised, a pre-calculation of the above-listed
components is necessary because the dimensions of different screws, the pump shaft, the
bearing unit, the sealing unit and etc. have to be known. As of the low “degree of diffi-
culty” of these calculations, they are not part of this Master's thesis. However, a detailed
stress analysis is provided in chapter 4.
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3.3 Detail engineering

The final layout describes the overall concept of the test rig, which is also the basis for the
3D model. In this case, ProEngineer-Wildfire 5.0 is used to build the 3D model as this
software offers two different methods of construction. The first method is the so-called
“Top-Down-Method” and the second is the “Bottom-Up-Method”. These methods are
used, in case where not only one part is used for the 3D model. The Top-Down-Method is
starting from a rough layout that has to be defined in advance, right down to a greater level
of detail. The first step of this method includes the transfer of the hand-drawn general
overview to software sketch. This sketch of the overview is assembly all sketches of the
single parts, which are used for the details of each component. It is called ““skeleton model”
and provides the basis for the 3D model. The great advantage of this method is, that in one
overall sketch all relevant relations between different parts can be defined and that parame-
ters can be easily implemented. If there is a change during the design process of an impor-
tant parameter which influences a large range of different parts, it can be done very easily
in the skeleton model and all parts will follow this parameter. In the Bottom-Up-Method,
each component is designed separately, and does not have a connection to the leading pa-
rameter and to other influencing parts. In this case, it is necessary to enter design changes
for each part separately, which means much more effort and is more error-prone. [12, p.
21]

3.3.1 Structure of the assembly model

The final layout asof chapter 3.2.9 is the basis for the skeleton model of the 3D model.
This layout has been separated into the different parts and is extended with further details.

i‘f—x
TN

Figure 3.12: Skeleton sketch of the test pump
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Figure 3.13: skeleton-sketch of the test rig

In Figure 3.12 (a detail of Figure 3.13), the meridional designs of the impeller, diffusor and
the bearing holder are shown. In Figure 3.13, the overall skeleton sketch of the whole test
rig is shown, with all important components having an influence. The single sketches
summarised in this overall sketch represent the basis for the single part design of each
component. The meridional design of the impeller and the diffusor are defined by the nu-
merical optimisation and are imported sketches. The design of all other sketches is free.

3.3.2 The 3D model

After the single part design and a large range of changes as of manufacturing, assembly
and cost aspects, the 3D assembly is generated automatically with reference to the skeleton
model. In Figure 3.14, the 3D model of the test rig is shown, beginning at the suction pipe
with acrylic glass windows and ending at the jaw clutch coupling for rotational energy
transport. The 3D model of the whole test rig is divided into different sub-assemblies
which also consist of different parts and components. These sub-assemblies are shown in
detail in Appendix C.

Figure 3.14 3D model of the test rig
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The cross-section through all components of the test rig is shown in Figure 3.15. A detailed

drawing of each area of this cross-section is shown in the overall assembly drawing in Ap-
pendix C.

Figure 3.15: Cross-section of the test rig

Pressure pipe Diffusor

Impeller Gapring

e

Bearing unit Swirl beak Acrylic glass pipe

Figure 3.16: Cross section detail
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3.3.3 Impeller

The impeller is made of aluminium and consists of two parts, on the one hand the wear
disk with all blades and on the other hand the cover disk with the boreholes for the plug
welds. The design of the impeller, especially the meridional design and the design of the
blades are a result taken from the numerical optimisation, which was realised by DI Stefan
Holler-Litzlhammer. The generated optimisation data were imported as Cartesian coordi-
nates into the design software ProE, which was used to design the impeller surface. After
manufacturing the different parts of the impeller, these were merged together by means of
welding. In order to ensure dimensional accuracy, the cover disk with the plug welds was
machined again to become concentric with the surface of the gap sealing.

Figure 3.17: Left: wear disk with blades, middle: cover disk, right: assembled impeller

The bore holes for the plug welds are designed as shown in Figure 3.18.

For all bore holes
of this typ.

Figure 3.18: Bore holes for plug weld

The construction details of the impeller are indicated in Appendix C.
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3.3.4 Diffusor

The diffusor has the same concept as the impeller, in other words, it also consists of two
parts and is made of aluminium. The inner part of the diffusor has to wear the nine blades,
is responsible for positioning the bearing unit and has to absorb the forces of the impeller.
The outer impeller has two flanges, at the pressure side to fasten the pressure pipe and at
the suction side to position the diffusor cover with the gap ring. The bore holes on the outer
part of the diffusor are used to merge the inner part with the plug welds. The design for
these bore holes is the same as shown in Figure 3.18. After merging these two parts to-
gether by welding, a fine finishing was necessary. To compensate the delay after the weld-
ing process a machining allowance was necessary to get finally the right measurements.

Figure 3.19: Left: outer diffusor, middle: inner diffusor, right: merged diffusor

3.3.5 Suction pipes

At the suction side of the pump, four different pipes with different tasks are used, see Fig-
ure 3.20.
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Figure 3.20: Suction side, pipes
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The component directly in front of the pump is very short and has the task to fasten the
swirl break. Different kinds of swirl breaks were tested, therefore the component has to be
mountable and removable very easily. The next component is the acrylic glass suction
pipe, which is used provide an insight into the inlet of the impeller for cavitation analysis.
The second pipe on the right hand-side is much longer than the acrylic glass pipe and has
windows made of acrylic glass, to make the swirl at the part load visible and allow for pic-
tures. Furthermore, the measuring points for static pressure measurements for the charac-
teristic curve of the pump are positioned in a distance of twice the suction pipe diameter
from the inlet of the pump. The first pipe on the right-hand side also has acrylic glass win-
dows which are used for the analysis of the pump pre-swirl. Along the entire suction pipe,
there are thirty positions for high dynamic pressure sensors, ten planes whereas each of the
planes is equipped with three sensors in a distance of one suction pipe diameter. The posi-
tions of all sensors used for the test rig are shown in chapter 3.3.9.

3.3.6 Bearing and sealing unit

The bearing support represents a central component, because it is the support for the radial
shaft seal rings, the radial deep groove ball bearing and the axial deep groove ball bearing,
and it defines the position between the diffusor and the impeller. Furthermore, it is respon-
sible for the leakage flow in case of a breakdown of the first radial shaft seal ring and can
consequently pass the bearing unit to the backside of the test pump to the inner pressure

pipe.

Figure 3.21: Bearing and sealing support

The first radial shaft seal ring has the task to drain the pressure difference in case of the
delivery head of the impeller.
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If this sealing breaks, the second radial shaft seal ring avoids for leakage to get into the
bearing unit. Hence, the leakage has to pass the bearing unit via the boreholes and slots.
These two radial shaft seal rings are running on an inner ring of a needle roller bearing as a
shaft protection jacket.

The bearing unit consists of two deep groove ball bearings. One, only operating in radial
direction, is a radial deep groove ball bearing, and the second one, operating in both axial
directions, is an axial deep groove ball bearing. Both bearings together represent the fixed
bearing unit of the pump shaft. To ensure low eccentricity of the impeller and to avoid an
influence of the gap clearance, the bearing unit has to be very stiff. Therefore, two tapper
roller bearings, as used in layouts 1, 2, 3, 6, 7 and 8, would be the best solution, as the ra-
dial clearance can be adjusted by a slotted round nut with a hook spanner. Due to the fact
the unbalanced axial force is too high, so that the expected lifetime of 200 hours would not
be reached with tapper roller bearings, this arrangement do not fulfil the requirement.

Bearing casing Second radial shaft seal ring

Drainage bore holes First radial shaft seal ring

Radial deep groove ball bearing Protection sleeve

Axial deep groove ball bearing

Figure 3.22: Bearing and sealing unit

3.3.7 Impeller fastening

For the torque transmission between the impeller and the pump shaft, two parallel keys are
used. The reason for two parallel keys is the unbalanced mass in case of only one parallel
key, which has to be sufficient with reference to the maximum allowable stress. The posi-
tion of these two keys has an offset of exactly 180°, and not 120° as usual. Behind the im-
peller a shim is used to influence the final position of the impeller by changing this shim,
see Figure 3.22. In front of the impeller, an impeller cap is used to transmit the axial force
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to the central socket head screw. This impeller cap is made of the same material as the
pump shaft.

3.3.8 Torque sensor housing and second bearing unit

The torque sensor housing has to meet different requirements. It has to be hermetically
sealed in order to hold the system pressure inside the test rig as a counter pressure for the
sealing unit at the pump side. Therefore, it is necessary to have an air-proof cable bushing
as shown in Figure 3.24. Furthermore, the torque sensor housing has to adjust the second
shaft (see Figure 3.23) exactly to the pump shaft in reference to the angular and axial off-
sets. For balancing offsets, the torque sensor is equipped with a curved teeth coupling at
both sides.

Torque sensor housing Coverfor cable bushing

Qilfilled

Slidering sealing

Coupling ~—
~ Bending
v == pressure pipe
_ ______________________________ e _ﬁ
Electric 1
motor

Deep groove ball bearings Secondshaft Torque sensor

Figure 3.23: Torque sensor housing and bearing unit

The second pump shaft has two deep groove ball bearings, the left one is the fixed bearing
and the right one is the floating bearing. These ball bearings are running in grease, as they
are thus producing less head than running in oil. The slide ring sealing is used for tighten-
ing the system pressure against the ambient pressure and is able to manage a pressure dif-
ference as far as 16 bar. The concept of the slide ring sealing is a unbalanced MG1/60-G60
by EagleBurgmann (see datasheet in Appendix B). In order to compensate the angular and
axial offsets between the electric motor and the second shaft, a jaw clutch by KTR is used.
This enables an interruption of the torque transmission from the electric motor to the test
pump without having to disassemble the motor, which is a great advantage as the adjust-
ment of the motor takes a lot of time and can thus become redundant.
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Torque sensor housing

Cables for torque sensor
Figure 3.24: Cable bushing

3.3.9 Measurement points at the test rig

All sensors used have to be exactly named and positioned, in order to be able to allocate
the measurement data to the position on the test rig. Two different pressure measurements
have to be made and installed. On the one hand, a static pressure measurement for the head
curve of the test pump, and on the other hand, a dynamic pressure measurement for vibra-
tion analysis needs to be set up.

The static pressure measurement has to stay installed all the time and has to be done at the
suction side in a distance of two suction pipe diameters away of the inlet, see Figure 3.25
at plane “p_ss”. The same way installation has to be made at the pressure side of the pump
also in a distance of two pressure pipe diameter away of the outlet of the pump, see Figure
3.25 at plane “p_ps”. At these two planes “p_ss” and “p_ps”, there are four pressure tap-
pings with an offset of 90° to each other.

> P_ps p_Ss
N | |
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Figure 3.25: Static pressure measurement

The design of these pressure tappings is defined by DIN EN ISO 9906:2013-03 and has to
be executed in the same way as shown in Figure 3.26.
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/>

1 vent
2 drain

3 connecting pipe to the pressure measuring ir
Figure 3.26: pressure tappings [13, p. 36]

These four pressure tappings are connected to a ring manifold, which leads the pressure to
the pressure sensor.

For the dynamic pressure measurements special sensors are used, which have to be posi-
tioned directly at the point, of interest and do not have to be connected to a manifold. The
reason for that is, to avoid influences as of the length of the measurement pipe and other
effects on the result. The distance between the measurement point and the sensor has to be
as short as possible, ideally it is installed as indicated in Figure 3.27.

Keller Serie M5
fransient pressure sensor

O-ring DIN 150 3601-@15x2

100 7001 (x30)

Figure 3.27: Installation of the dynamic pressure sensors

The pressure sensor “Kistler Serei M5 is mounted in a continuously adjustable part in
order be able to move the top of the sensor exactly to the surface of the internal wall of the
pipe, as shown in Figure 3.27. However, these pressure sensors are not just installed in the
suction and pressure pipe of the test rig, they are also installed in the space between the
impeller and the diffusor (vaneless space) and in the channels (between the blades) of the
diffusor.

The positions and the names of these dynamic pressure sensors are shown in Figure 3.28,
Figure 3.29 and Figure 3.30.
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Position of measurement planes with three sensors x“ each:

l2x| |4x| \sx\ \8x\ \10x\
| 1 ] ] |

ox|  [Bx] [1]

Position of three sonsors ,x“ on plane vy:
significant forplanes y* 1 to 10and D

Figure 3.30: Position at plane A (left), plane B (middle) and plane C (right)
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4 Stress analyses

In this chapter of the present Master Thesis, all single parts, which could cause failure in
case of an overload, are calculated to reach the lifetime needed to realise all necessary
measurements. Also, the deflection of the pump shaft, which has an influence on the clear-
ance of the gap sealing and the critical bending speed, which are important for the overload
of single parts and the running smoothness of the test rig, have to be calculated.

4.1 Forces and denominations

To realise the calculations of the bearing unit and the pump shaft, the reaction forces are
needed. Therefore, a simplified model of the pump shaft, the impeller and the bearing unit
is drawn to show and to define different forces and distances, see Figure 4.1. The distances
in this model are specified in the 3D model and can be looked up in Appendix C. The dis-
tances between the bearing points at the model are in reference to the middle of the bearing
unit and were given by measurements in the 3D model.

I, 1, I I,

P Fon_run
Fots g, q: . % Frad equ
sz W HHHHHIHHHH X
ty Fa rad Fa_rad
7

Figure 4.1: Forces at the pump shaft

The coordinate system will be defined as shown in Figure 4.1 and is valid for each of the
following calculations.

The weight of the impeller and the torque sensor are considered as point loads Fm_run (im-
peller) and Fy, s (torque sensor), and the pump shaft is divided into sections with different
diameters and length. The application point of the weight of the impeller and the torque
sensor is supposed to be on the safe side at the ends of the pump shaft. The weight of the
pump shaft is approximated with 36 kg, for the torque sensor with 10 kg and for the impel-
ler with 7.8 kg. The weight of each section is considered as a line load g; to g4, which is
calculated as the total weight of each section divided by its length. The geometrical model
of the pump shaft is shown in Figure 4.2 whereas the length and the diameter of each sec-
tion are defined. The different sections are simplifications and do not exactly reflect the
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real model. Thus, it is possible that a section with a certain length and diameter in the
model has more than one differing diameter at the real pump shaft. The simplifications are
used to summarise a large number of different but similar sections of the real pump shaft to
one section in the model in order to simplify the calculations.

I I i v
— ~ " < +Z
—— o TR A S, o |- |-—-T-4 - — -
L8 L8 L=} L8
Ty
. (o]
2 =
= “‘:'-. =
& = = g
o o o 5]
= £ £ & =
[=2 = = = Q
- ] ] ™ o
= 2 2 ¥ | E

Figure 4.2: Geometrical model of the pump shaft

4.2 Bearing lifetime

As mentioned in chapter 3.3.6, the maximum lifetime of the bearing unit has to be 200
hours, which was claimed by the Institute of Hydraulic Machinery and is based on experi-
ences. First of all, the reaction forces have to be investigated as the axial load, the radial
load and the weights of the components are already known.

4.2.1 Reaction forces

The equilibrium conditions lead to the following equations, the detailed calculation is
shown in Appendix A.

| [ I
\ 1 2 3
E.-MA= 0 0= —FB_rad-|2+ Fm_ts-(I2+l1)+q1-l1-[[2+ EJ+C|2-|2-E—{]3-|3-E 4.1
l4
+ (—Q4)']4‘[|3 * EJ - (Fm_run * Frad)'(l3+ |4)

1 1 ) I3
FB_rad(QBEP) = I Fn_ts (2 +14) + a1 -'1{'2 + 5) tagly o —azly S -
4
+ (—q4)"4'('3+ ;] = (Fm_run* Frad(QBeP)) (I3 +14)
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YFy=0 0=-Fa rad* Fm_run* Frad* Fm_ts = FB_rad - 4.2
FA_rad(QBEP) = Fm_run* Frad(QBEP) + Fm_ts ~ FB_rad(QBEP) -
+l-aq+lp-az+13-93+14a4
SF,=0  0=Fgy—Fa g 43

Fa_ax(@BEP) = Fax(QBEP)
Fg_ax = O-N

4.2.2 Load spectrum

The application conditions of the test rig are not constant during the whole operating time
because of measurement points, which have to be analysed very carefully, and other oper-
ating points, which are not of interest. The points of operation of high interest are at 0%
Qeep in reference to the shut off-head, the Qgep in reference to the best efficiency point and
the operation points at 70%, 100% and 130% of Qgep in reference to the NPSH3q, value.
The majority of the lifetime of the test rig will be used for measurements at these guaran-
teed points; the rest of the lifetime is used for measurements of the characteristic curve at a
constant distribution from 0% to 130% of Qgep. The axial and radial forces are calculated
as mentioned in chapter 2.6.3 and 2.6.4 for the different points of operation and lead to
14.429 N at 0% BEP, 12.288 N at 70% BEP, 10.059 N at 100% BEP, 7.044 N at 130%
BEP for axial load and 2.018 N at 0% BEP, 1.117 N at 70% BEP, 169 N at 100% BEP,
186 N at 130% BEP for radial load. Figure 4.3 displays the calculated axial and radial load
spectrum in reference to the guaranty points.

16000
0% Qg — — axial lopad  seesees radial load
011 —— _i
70% Qger
12000 +— == 1
100% Qggp
10000 [
z I
£ zo00
T 130% Qagp
< T S
5000
25% 25% 25% 25%
4000
0% Qage
2000 70% Qe
.......... 130%Ceer ... 100% Qe
0 . . . B L T CTa FYTPPPPTOTe et TR
0% 10% 20% 30% 40% 50% 60% 70% 80% 90% 100%

relative lifetimein [%]

Figure 4.3: Axial and radial load spectrum
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4.2.3 Load carrying capacity and lifetime

The geometrical dimensions of the bearings used are given by the pre-calculations and the
3D model. The data for the calculation of the load carrying capacity as well as the calcula-
tion of the maximum lifetime are shown in Table 4.1 and can be seen in Appendix B.[14]

In the non-rotating state of the test rig, the axial load is depending on the unbalanced shaft
load and is rather low, whereas the radial load is only depending on the weight of the pump
shaft, the torque sensor and the impeller. Therefore, the static load carrying capacity is not
calculated. To calculate the dynamic load carrying capacity and the shortest lifetime, the
equivalent dynamic load of each bearing in reference to the load spectrum is needed.

Table 4.1: Axial and radial deep groove ball bearing technical data[14]

Al: axial deep groove ball bearing 52210
basic dynamic load rating, axial 50 kN
basic static load rating, axial 106 kN
minimum load factor 0,07
limiting speed 4950 1/min
geometrical dimensions 40x78x39 dxDxB
A2: radial deep groove ball bearing 6010-2RSR
basic dynamic load rating, radial 22 kN
basic static load rating, radial 158 kN
limiting speed 5600 1/min
geometrical dimensions 50x80x16 dxDxB
B: radial deep groove ball bearing 6011-2RSR
basic dynamic load rating, radial 30 kN
basic static load rating, radial 212 kN
limiting speed 5000 1/min
geometrical dimensions 55x90x18 dxDxB

In order to consider the load variability represented by the load spectrum with constant
rotating speed, the equivalent load of each bearing is calculated as shown in equation 2.44
and equation 4.5 with gi=Ati/Tges and F; being the effective load. [15, p. 157]

P>.100% = 3 (tiiB) 4.4

4.5
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This equation is used to calculate the equivalent load of each bearing and is applied to
bearing unit Al in equation 4.6, only for axial load,

3
3 3
PA1 = qO%‘Fa_A1(QBEP'0) +q7O%'Fa_A‘I(QBEP'O-7) = 11589N
\3 3
+9100% Fa_A1(QBEP 1)+ 9130% Fa_A1(QBEP 13)
bearing unit A2 in equation 4.7 , only for radial load,
3
3 3
PA2 = qDOA)FI’_AQ(QBEPD) +C]7D(%Fr_A2(QBEPO7) = 1743N 4.7
3 3
+d100% Fr_A2(QBEP1)” +9130% Fr_A2(QBEP 1-3)
bearing unit B in equation 4.8, only for radial load.
P = F. a(Qpep0)° F, a(Qrgp0.7)° = 194N
B= [do% Fr_B(QBEP0)” +d70% Fr_B(QBEP-07)" - = 48

3 3
+9100% Fr_B(QBEP1)” + 9130% Fr_B(QBEP 1-3)
The exponent used for ball bearing units is 3 and the one for roller bearings it is 10/3. The

basic rating life is the time which will be reached by 90% of the bearings, and which is
calculated as shown in equations 4.9 to 4.11.

3
B (CamJ 10°

Laqh = - 898-h 4.9
PA1 ) Nshaft
N3
C 6
Laoh = ( PrAz} 19 _ 2o509.h 4.10
A2 ) Dshaft
N3
C 6
L :( FBJ 19 _s7077.h 411
Pa2 ) DNghatt

The axial deep groove ball bearing is the bearing with the lowest lifetime of about 750
hours. In order to consider more than the equivalent load, a calculation of the expanded
adjusted rating life is realised for bearing Al in Appendix A. This calculation is done for a
requisite reliability of 99% and a temperature of about 70° with typical contaminations,
and leads to a maximum lifetime of about 280 hours, which is satisfying.
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4.3 Pump shaft

The geometrical raw design of the pump shaft is defined in layout nine whereas the dimen-
sions of the diameter and the length are limited by the torque sensor a the one hand, and by
the impeller on the other hand whereas the diameter of the suction and the pressure pipe,
which influences the distance between the diffusor and the bending. The shaft diameter at
the impeller fastening and at the bearing section “A” seems to be critical because the bend-
ing torque and the normal internal force are rather high and additional a notch is weaken-
ing the cross section at this location, therefore it has to be analysed in detail. To do this, the
trend of the internal forces and torques against the length of the pump shaft have to be cal-
culated. The dead load of the torque sensor, the dead load and the radial load of the impel-
ler are approached as point load at the end of the pump shaft. The dead load of the pump
shaft itself is considered as line load, see chapter 4.1. As the pump shaft is very long, this
could lead to a low critical bending speed. It is very important to avoid an overcritical op-
erating point, because of high forces in case of resonance caused by the high density of the
fluid used. Therefore, an analysis of the critical bending speed is necessary to avoid an
overload of the pump shaft and other parts, and to avoid rough running. The radial and
axial load of the impeller used for further calculations is the load at Q=0 m?3/h. This is the
highest possible force within the whole range of operation points and is realised in oder to
be on the safe side during further calculations. The geometrical design of the pump shaft
has already been realised as 3D design and is shown below.
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Figure 4.4: Design details of the pump shaft
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4.3.1 Trends of internal forces

The first step is, to investigate the trends of the internal forces along the pump shaft in or-
der to find highly stressed points and to ensure failure safety. Another important informa-
tion is given by the deflection of the pump shaft. The deflection at the impeller influences
the clearance at the gap sealing which could affect the leakage losses and the impeller
could touch the gap ring in the worst case. Therefore, the pump shaft is divided into four
different sections as mentioned above, and the equations for the trend of the internal forces
are partially investigated as shown below for section two. All equations together are used
to calculate the trend of the axial and shear forces and the bending torque along the pump
shaft.

Z;

Q, (I4) P

o LT TN
P 1(;;1“1} | Q, (2:) N

Ty FB_rad

Figure 4.5: Section two of the pump shaft

Na(zg) = 0 412

Qa(FB raq-92-22-Q1 B) = Fg rag— 9222+ Qq B 413

22
May(M4_g-Fp raq-92-22-Qq B) = M1_B+J Qa(FB_rad-92-22-Q1_B) 922 414
0

The whole calculation is presented in Appendix A, the results are shown in Figure 4.6,
Figure 4.7 and Figure 4.8.
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Shear force [N]
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Figure 4.6: Axial force along the pump shaft
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Figure 4.7: Shear force along the pump shaft
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Figure 4.8: Bending torque along the pump shaft
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4.3.2 Stress verification

The calculation in chapter 4.3.1 shows, that the highest stressed section at the pump shaft is
between the position of bearing A and the impeller. In this chapter, the stresses within the
sections three and four (Figure 4.2) are going to be analysed in detail. The detailed calcula-
tion is presented in Appendix A, the results of this calculation are shown below. This part
of the pump shaft is divided into new sections drawn, as in Figure 4.9.
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Figure 4.9: Section three and four in detail

The following diagrams show the trend of the normal and shear stress within the sections
three and four. The deflection stress is alternating with the rotating speed of the pump shaft
because the direction of the weights and the radial load from impeller are assumed as un-
varied. The mean stress is the static part of the stress of each cross-section and the maxi-
mum stress is the sum of the static (mean stress) and the dynamic parts (deflection stress).
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Normal deflection stress [Pa
Normal mean stress [Pa] ‘ [Pa]

Maximum normal stress [Pa]
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Figure 4.10: Normal deflection stress, dynamic
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Figure 4.11: Normal mean stress, static
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Figure 4.12: Maximum normal stress
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Shear deflection stess [Pa]

Shear mean stress [Pa]

Maximum shear stress [Pa]
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Figure 4.13: Shear deflection stress
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Figure 4.14: Shear mean stress
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Figure 4.15: Maximum shear stress
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4.3.3 Creep resistance

Referring to a period of use of maximum 200 hours, the number of load cycles during this
time could be estimated to 1.8 10”. This is the reason why a creep resistance design of the
pump shaft is used, as it provides more than 10” load cycles see [16, p. 47]. Therefore, all
points at sections three and four of the pump shaft are going to be analysed, which seems
to be critical in reference to notches. Figure 4.16 shows the points, which are of interest for
this kind of analysis.
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Figure 4.16: Creep resistance, critical cross-sections
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Figure 4.17: Equivalent mean stress
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In Figure 4.17, the equivalent mean stress o,m along the pump shaft sections three and four
is displayed, which is used to calculate the deflection strength oa and ta with the help of
the Haigh-diagram. The deflection strength reduced by the kerfs factors leads to the nomi-
nal deflection strength ona and tya Which indicate the maximal stress allowed in reference
to the notches at each section. The minimum criterion to be creep resistance is that the
nominal deflection stress ona has to be higher than the equivalent deflection stress of each
notch, which finally leads to safety against fatigue failure as shown below.

Sq = ONA1 _ . S, - ONA2 _ , Sy = ONA3 _ Sy = ONA4 _ .

Ova_1 Ova_2 Ova_3 Ova_4

The detailed approach and calculation of this method are presented in Appendix A.

4.3.4 Deflection of the pump shaft

The deflection of the pump shaft is used for investigating the lowest critical bending speed
on the one hand, and on the other hand it is used for the specification of the coupling as
well as the definition of the lowest possible clearance at the gap sealing. Therefore, the
calculation of the deflection is also done piecewise for each of the sections one to four as
defined in chapter 4.3.1. First of all, the differential equations have to be defined for each
section. Equations 4.15 to 4.19 show the differential equations for section four.

Esteel lya " 4(24) = a4 415
Esteel lya W"4(24-C13) = 424+ C13 = ~Qy(24) 4.16

2

" 24
Esteel lya W'4(24-C13-C1a) = dgr—~+ Cqz:24+ Cqg = -My(24) 4.17

3
, z4 z4
Esteel lyaW4(24-C13:C14:C15) = dg =+ C13: =+ Cq424+ Cy5= -E-lyg0y

5 4.18

244 243 24
Esteel ly4'W4(24-C43-C14-C15.Cqg) = a5, +C13 5 +C14 5 +C1524+C1e

4.19

The differential equations for all sections lead to 16 equations with 16 unknown variables.
Therefore, 16 different boundary conditions are needed to solve this linear system of equa-
tions (equation 4.20).
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AC=b 4.20

1

C=A B 4.21

Table 4.2: Boundary conditions

M:(0)=0 Ms(ls)= M4(0) w;3(0)=0 Wi(l3)’= wa(0)’
M,(14)=0 wi(l1)=0 ws(l3)= w4(0) Q1(0)=-Fum_ss
M;(l1)= My(0) w,(0)=0 wi(l1)’= w»(0)’ Q1(0)=-Fm run*tFraa

Ma(l2)= Ms(0) wa(l2)=0 Wa(l2)’= w3(0)° Qs(ls)= Q4(0)

Table 4.2 shows the list of boundary conditions, which are inserted into the different dif-

ferential equations. The result is a 16x16-matrix “A”, in which all factors of the unknown
coefficients C; to Cy6 are included as well as a coefficient matrix “x” and a vector “B”, see

equation 4.22.

(31.1 aq 2 a4 16 HC1 ] (b1 1

c b
axq @22 a2.16 H 2 ‘=‘ 2 ‘ 492
\@16.1 2162 - 91616 ) (C16) (P16

This linear system of equations could be solved with the inverse matrix A, and the coeffi-
cients C; to Cy6 were calculated. The detailed calculation is shown in Appendix A, the
bending line equations are estimated in the equations 4.23 to 4.26 for each section.

p Z14 213 212

wy (24) = Ereet 1 f9-qq-o - +Cq = +Cp-—-+C321+Cy 4.23
wy (20) = T;I'ﬂ fq'qz'zzi:+C5;§+Ce.'§+c7szz+ca 4.24
w3 (23) = ﬁ;'ys qu3’§+¢9;§+010.'§+C11.’23+C12.} 4.25
wy (24) = ?;I"yi fq»q4‘22i4+C13_~%+C14;§+015;24“316} 4.26
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The assembled bending lines plotted against the pump shaft length are shown in Figure
4.18. The maximum deflection could be detected at the end of the pump shaft, at the impel-
ler inlet and accounts for w=-0.17 mm. This is similar to the position of the gap ring,
which lead to the fact that the maximum gap ring clearance has to be higher than this
maximum deflection, in order to avoid material contact in the gap ring. Therefore, the
minimum clearance of the gap ring has to be 0.2 mm. The deflection at the other side of the
pump shaft, at the coupling side, is 0.02 mm, it is much lower than at the impeller side, and
it is not within a critical dimension.

Deflection [m]

0.2 0.4 0.6 0.8 1 1.2 1.4 1.6

Length of the pump shatt [m]

Figure 4.18: Deflection of the pump shaft

4.3.5 Critical bending speed

It is very important to have information about the critical bending speed, in order to avoid
resonance vibrations and part failure in reference to overload. Furthermore, the critical
bending speed could influence the smoothness of running enormously, if it is too low. The
condition to avoid overload of single parts and to avoid vibrations in case of resonance is,
to have a higher critical bending speed as the rotating speed of the pump shaft, which is
actually 24.83 Hz (1490 rpm).

For the calculation of the lowest critical bending speed of a shaft with two bearings and
more different single masses, the Dunkerley method could be used, see equation [16, p.
339].

1 1 1 1

S = + + 4.27

M b 2 b 2 b 2
“erit “e0  Yet We2

However, first the natural frequency of the pump shaft without any single masses and the
frequency of each single mass, without the mass of the pump shaft, have to be calculated.
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Therefore, the deflections of each case are calculated separately. The mere deflection
caused by the mass of the pump shaft is 0.06 mm, by the mass of the torque sensor it is
0.009 mm and by the mass of the impeller it is 0.015 mm. The natural frequency for each
case is calculated in equation 4.28 for mass only, in equation 4.29 just for torque sensor
and in equation 4.30 just for impeller only.

Wep = 9 — 402-Hz 4.28
| W2 max_mass |

e = g = 1030-Hz 429
|W2_max_ts|

Wep = g — 786.Hz 430
| W2 max_run |

The critical speed investigated by means of the Dunkerly method is calculated in equation
4.31 and leads to a critical speed of about 20 300 rpm, which is much higher than 1490
rpm, the normal rotating speed.

crit 1 1 1 431

3 2 3 2 3 2
“e0  “et We2

The estimated lowest critical bending speed is expected to be 5% to 10% lower than it will
be in reality, see in [16, p. 339]. Furthermore, the rigidities of the bearings and also the
restraining effect of the fluid around the impeller are not included in this calculation. With
regard to these aspects, the critical bending speed seemed to be lower as calculated before,
but high enough to avoid failure and vibrations.

74



Stress analyses

4.4 Impeller

The impeller is mounted with a central socket head screw; for torque transmission two fit-
ting keys are used.

4.4.1 Fitting key

The force to transmit the torque between shaft and impeller has to be considered with an
application factor ka=1.25. This factor includes the typical conditions for power supply by
an electrical engine and can be looked up in [17]. By means of equation 4.32 the force of
each fitting key could be calculated with ny,=2 (two fitting keys) and a basic load rating of
about 75% (p,=0.75).

Mi-Kp -2
Frey = tA — 13038N 4.3
dshaft_run-Np Pp

The maximum stress at each component, the pump shaft and the impeller could calculated
as follows, and whereas it has to be lower than the maximum stress allowed for each com-
ponent.

Fre
: y N
Pshaft = 1o 33— 4.33
1 _run''t mm
Priim = ﬂ = 54.L 4.34
run - 1 5
2_run’'t mm

The maximum stress allowed for the pump shaft is 480 N/mm? and for the impeller 470
N/mm2,

4.4.2 Seating stress at impeller cap

The seating stress between impeller cap and washer is calculated as follows:

Pwasher = A =79 —7 4.35

The seating stress between the impeller cap and the impeller is calculated by equation 4.36.

F..(Qrep 0)k
Pecap = ax( BEP ) A_g N 4.36
A 2
r_cap mm
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4.4.3 Impeller mounting screw

For the impeller fastening a central socket head screw is used, which has to fix the impeller
in its position and has to transmit the unbalanced axial force of the impeller to the pump
shaft. A detailed analysis of this screw connection is needed in order to get information on
how high the tightening torque has to be. The maximum axial force during the operation is
calculated at the operating point Q=0 m3/h to 15160 N.

The function lines shown in Figure 4.19 describe the single parts affected when the screw
axial load of the pressure distribution behind the impeller is acting and when also the pre-
load force of the screw is acting. The following drawing shell illustrate all the single parts,
which have an effect on the screw connection.

NOTLD

— Function line of the screw
— = Function line of axial load

Figure 4.19: Function lines of the screw and the axial load

These single parts affecting the screw connection are shown in Figure 4.20 and have to be
considered in the calculation.
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Figure 4.20: Denomination of the different parts for calculation purpose

In the next step, all compliances of the parts one to eight and the screw are needed and
have to be summed up.

The compliances of all stretching parts (when the operating force acts) are summed up as
shown in 4.37.

-6 mMmm
dstress = 5p3 + 5p2 + 5p1 + dgcrew 6p8 = 1.95x 10 N 4.37

The compliances of all compressing parts (when the operating force acts) are summed up
as follows.

5 4=739x10 '.OM 4.38
N

compress = 9p7 + 9pg + Op5 + Oy

These compliances and a tightening moment of 180 Nm leads to the following diagram,
see Figure 4.21.
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Figure 4.21: Force and elongation

This diagram shows that the operating force leads to an additional force in the screw.
However, the maximum force during the operation is lower than the highest allowable
force of the screw. Furthermore, the operating force initiates a tension relief of the com-
pressed parts, but the pre-load force is high enough to avoid a gap.
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5 Measurement

The present chapter refers to the installation of the test rig, the measurement devices, the
measurements uncertainties, the measurement results and the completion of the require-
ments.

5.1 Installation

The Institute of Hydraulic Machinery has an existing pump and turbine test rig, which can
be adapt to different installations. Figure 5.1 shows the installation of the entire test rig
already adapted to the actual measurement task. The flow measurement device is perma-
nently installed and is used for both flow directions. The main pump is linked out and is
not used for this measurement.

S

Flow direction

Water tank

Flow straightener

/

Flow measurement
device

Flow straightener

Figure 5.1: Installation of the test rig

The water tank has a collector pipe at the top, which is used lead the air out of the system.
Therefore, the water has to flow through the whole water tank very slowly, in order to pro-
vide enough time for outgassing. In the actual installation, the water flows into the tank at
the left end and leaves the tank at the same end.
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g

Figure 5.2: test rig installation [3]

I S
;".“
———-

Figure 5.3: test rig installation [3]
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5.2 Measurement equipment

The measuring devices needed are defined by the measurement data needed for this task:
Q, H, Prech, NPSH3 and 1. The following list shows the necessary measurement data:

e Absolute pressure at suction side
e Difference pressure between suction and pressure side

e Torque
e Rotating speed
e Discharge

e Temperature of fluid

In order to manage these measurements, the devices presented in the following are neces-
sary.

5.2.1 Pressure measurement

As already mentioned in chapter 3.3.9, the design of the pressure measuring taps is accord-
ing to 1SO 9906. The positions of the pressure measurement taps are two times the diame-
ter of the pipe away from each flange. The static pressure tappings are disposed symmetri-
cally at each section and have an offset to each other of 90°. The offset in reference to the
vertical axis is 45°, in order to avoid measurement tapping at the highest position, were air
from the system might be collected and get into the measurements pipes. Each single
measuring tap is equipped with a valve and connected to a manifold. This allows for read-
ing out each single tap separately (Figure 5.4). The installation of the pressure measure-
ment pipes provides different valves, which can be used to flush pipes in order to avoid air
inside the measurement pipes (Figure 5.5).

In Figure 5.4, two differential pressure transmitters and one absolute pressure transmitter
are shown. The absolute pressure transmitter is used to measure the absolute pressure at the
suction side of the pump. This absolute pressure is later on needed to calculate the NPSH
values and has the specifications as shown in Table 5.1. The first pressure transmitter is
used for the measurement of the differential head between suction and pressure side of the
test pump. The specification of the differential pressure transmitter is shown in

Table 5.2. The second differential pressure transmitter is also used to measure the differen-
tial head of the pump, which is not used for measurement but for the control system of the
test rig.
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Table 5.1: Absolute pressure transmitter [2, p. 61]

Manufacturer Rosemount

Model/Type 3051 CA2
Serial no. 7079927 / 1197
Measuring range Pabs=0-10 bar

Output signal 4 -20 mA

Table 5.2: Differential pressure transmitter [2, p. 61]

Manufacturer Rosemount
Model/Type 3051 CD4
Serial no. 7886438 04/04
Measuring range Dp=+/-20 bar
Output signal 4-20 mA
Difference pressure sensors Manifold

4xto the taps
pressure side

Flushing water

Absolute pressure sensor 4xto the taps
suction side

Figure 5.4: Pressure measurement installation
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Figure 5.5: Different pressure sensors installed with flushing valves

5.2.2 Torque sensor

For the measurement of the torque and the rotating speed, a HBM T30 FNA/1kNm (Hot-
tinger Baldwin) torque and speed measurement flange is used. This measurement flange is
equipped with curved tooth couplings at both sides called “SBG-50 spezial”. These cou-
plings are used to compensate an axial and an angular offset of the pump shaft and the
power shaft (engine side). The torque sensor is mounted inside the pump housing and is
exposed to the same pressure as in the water tank.

Table 5.3: Torque and speed measurement device [2, p. 62]

Manufacturer HBM
Model/Type T30FNA
Serial no. G65993
Measuring range M=+/- 1000 Nm
Output signal (speed) 30 impulses p. rev.
Output signal (torque) 5-15 kHz

5.2.3 Temperature sensor

The water temperature is used for the calculation of the density with the “Herbst-Roeger-
Methode” and of the vapour pressure. The measurement is realiesed with a P100, which is
positioned in the water tank and has the specifications as shown in Table 5.4.

Table 5.4: Temperature sensor [2, p. 62]

Manufacturer Conatex
Accuracy class DIN EN 60751 Class B
Output signal 4-20 mA
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5.3 Measurement uncertainties

The measurement data registered during different measurements over a long time are used
to decide whether the pump meets the requirements or not. In order to be able to reproduce
these measurement data, the uncertainty of the measurements applied has to be as low as
possible.

The uncertainties of the measurements are divided into two different types, at the one hand
random uncertainties and on the other hand the systematic uncertainties. Furthermore, sys-
tematic uncertainties consist of known and of unknown uncertainties.

5.3.1 Systematic measurement uncertainty

The systematic measurement uncertainty es always leads to deviations to the same direc-
tion in reference to the true value. Reasons for a systematic uncertainty are the accuracy
class of the measurement equipment, the influence of the measurement object on the de-
vice and outer influences. On the one hand there are known uncertainties, which could be
compensated by mean of calibration, zero-adjustment, careful measurement of dimensions
and so on, and on the other hand there are unknown uncertainties. Unknown systematic
uncertainties have to be estimated and included in the result. According to 1SO 9906, the
permissible relative values are given in reference to the pump performance test acceptance
grade, see Table 5.5. [13, p. 17]

Table 5.5: Permissible systematic instrumental uncertainty, es [13, p. 18]

Maximum permissible systematic uncertainty

(at guarantee point)
Measured quantity Grade 1 Grades 2 and 3
%o %%
Rate of flow +1.5 +2 5
Differential head +=1.0 +2 5
Cutlet head =1.0 +2 5
Inlet head =1.0 +2 5
Suction head for NFSH testing +0,5% +1,.0
Driver power input +1.0 +2.0
Speed of rotation =0,35 +1.4
Torque +0.9 +2 0
a4  See Annex J for explanation.

5.3.2 Random measurement uncertainty

The random measurement uncertainty e, appears as a scatter of the measurements and
could be reduced by a higher number of measurements, assumed that the conditions are
unchanged. When the number of measurement data increases, the distribution to the meas-
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urements will approximate to a normalised distribution. Hence, the estimation of the ran-
dom measurement uncertainty could be done by statistical calculations, based on a confi-
dence level. [13, p. 14]

5.3.3 Overall measurement uncertainty

The overall measurement uncertainty could be calculated by a quadratic combination of the
systematic and random measurement uncertainty as shown in equation 5.1. The maximum
allowed value for the overall measurement uncertainty according to 1SO 9906 is shown in

Table 5.6. [13, p. 18]
f= [fp?+fg” 5.1

Table 5.6: Permissible values of overall uncertainty [13, p. 18]

Quantity Symbol Grade 1 Grades 2, 3
% %

Flow rate ep +2.0 35
Speed of rotation en 0,5 2.0
Torque er +1.4 =3.0
Pump total head err +1,5 3.5
Driver power input eFgr +1,5 3,5
F‘u_mp power input {compgte;l from ep 15 a5
torque and speed of rotation)

F’qmp power input {compu;e;l from op 90 40
driver power and motor efficiency)

To minimise the systematic uncertainties known, the measurement devices are calibrated in
regular time intervals and zero-adjusted before every usage. The unknown systematic un-
certainties are given by the manufacturer of the measurement device. Furthermore, to re-
duce the random measurement uncertainty, a large amount of measurements have to be
read out to calculate a representative mean value. To realise this, every measurement point
recorded is the mean value of all measurements which were read out at a defined time At
with a sampling rate of 1 kHz. For measurements of the characteristic curve of the pump,
the measurement time At=20 s leads to a mean value of a sample containing of 20.000 val-
ues. For measurements of NPSH, At=10 s because of the very instable operating points of
the test pump at a low the system pressure level, which leads to a sample size of 10.000
values.

5.4 Model test error consideration

For the determination of the measurement uncertainty the individual uncertainties of the
main parameters characterizing the hydraulic performance are considered. The results of
these considerations containing the systematic uncertainties are presented with the follow-
ing subchapters.
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5.4.1 Flowrate

e Calibration of volumetric tank fa +/- 0.04%
e Error in density of water fy +/- 0.02%
e Errorintime fe +/- 0.13%
e Calibration result of the inductive flowmeter fq +/- 0.30%

The overall systematic flowrate uncertainty is to be calculated by summing up the squared
individual uncertainties and taking the square root of this sum. This leads to an uncertainty
of +/- 0.331% (equation 5.2) for the flowrate measurement which is far below the allowed
value of 1.5% stated in the ISO 9906 [13] standard.

fas= (fa Ty +1o +1g" = 0.331% 5.2
5.4.2 Net Head
¢ Rotary piston manometer - Calibration certificate fa +/- 0.03%
e Calibration result of the pressure transducer fy +/- 0.10%

The overall systematic head uncertainty is to be calculated by summing up the squared
individual uncertainties and taking the square root of this sum. This leads to an uncertainty
of +/- 0.104% (equation 5.3) for the net head measurement which is far below the allowed
value of 1.0% stated in the 1ISO 9906 [13] standard.

fyg = [fa” + fp° = 0.104% 5.3

5.4.3 Torque
e Length of lever arm f.  +/-0.10%
e Calibration of check weights f, +/-0.01%
e Calibration result of the torque measuring flange fc +/-0.50%

The overall systematic torque uncertainty is to be calculated by summing up the squared
individual uncertainties and taking the square root of this sum. This leads to an uncertainty
of +/- 0.51% (equation 5.4) for the torque measurement which is below well the allowed
value of 0.9% stated in the 1ISO 9906 [13] standard.

frs = [fa + 1y +fc = 0.51% 5.4
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5.4.4 Speed

According to the calibration of the speed signal of the torque measuring flange the maxi-
mum relative error accounts for f,s=+/-0.05%.

5.4.5 Efficiency

According to the definition of the hydraulic efficiency the systematic uncertainty of the
efficiency is composed of the individual errors of flowrate “Q”, head “H”, torque “T” and
speed “n”.

2 2 2 2
fs = JTas” +fHs  + 15 + s = 0.619% 5.5

The random uncertainty (based on the determined repeatability) is calculated according to
ISO 9906 clause 4.3.3.1[13]. For a number of 20 measurement readings (n = 20, see chap-
ter 5.3.3) the value of the Student’s t-distribution accounts for t=2.09. According to the
evaluated measurement results the random uncertainty f,z accounts for maximum +/-
0.15%. Therefore the total uncertainty of the measured efficiency is calculated as shown in
equation 5.6.

2 2
f"l'|t0t = f,].IS +f..|.IR = 0.637% 5.6

The resulting total efficiency uncertainty of 0.637% is far below the allowed value of 2.9%
stated in the 1SO 9906 [13] standard.
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5.5 Hydraulic acceptance

Referring to the requirements shown in Table 1.1, there are requirements with explicitly
defined acceptances and some requirements with acceptances according to standard 1SO
9906. The acceptance tolerance for the delivery head and the discharge is defined accord-
ing to 1ISO 9906-grade 1B, see in Table 5.7.

Table 5.7: Pump test acceptance grades and corresponding tolerances[13, p. 20]

Grade 1 2 3
At 10 % 16 % 18 % Guarantee
Ay 6 % 10 % 14 % reqguirement
Acceptance grade 1U 1E 1B 2B 2U 3B
0 +10 % =5 % =8 % +16 % =0 %

- - Mandatory
™ +6 % +3 % +5 % +10 % +7 %
] +10 % +4 % +8 % +16 % +8 % )

- - Optional

T 0 % | 3% 5% 7 %
NOTE wix = Q, H, P, n) stands for the tolerance of the indicated quantity.

All relevant hydraulic requirements and acceptance tolerances have been given by the cus-

tomer see Table 5.8.

Table 5.8: Hydraulic requirements and acceptance tolerances

specifiation unit target value acceptance tolerance
Specific speed m3/min, m 280 -10 10
Q_design m3/h 430 -5% 5%

H @ Q_design m 34,5 -3% 3%
overall efficiency % 87% -1,50% -
shutt off ratio % 124% -4% 4%
NSS @ 70%Q_design |m?*/min, m 1400 0% -
NSS @ 100%Q_design |m3*/min, m 1600 0% -
NSS @ 130%Q_design |m3/min, m 1400 0% -

These acceptance tolerances are depicted in the diagram which is shown in Figure 5.6. The
acceptance of pump flow and head will be obtained, if one of these values or both values
are found within the accepted tolerance. Furthermore, the shut-off head must be within the
accepted tolerance and the NPSHj3 values must be lower than the points defined in Figure

5.6.

88




Measurement

Q[m¥h]
0 50 100 150 200 250 300 50 400 450 500 550 500
50,00 . . L . . . . 1a
47,50 | | 9,5
45 00 ,I n-curve example | N
42,50 b s
40,00 5
37,50 £l 7.5
S &
35 00 | . -
..... b _,,‘ _j‘:‘-m\_\ 7 =
32,50 = LS 5,5 :
H-curve sxample }/ i
3000 urve examp : R
E s 2 £
T o =
25,00 Eom
22,50 a5 E
0.00 4 o
5
17,50 =2 ERE-
.............................
15,00 B =z
ing point
12 &
12,50 ftt off head 2,5
10,00 1 - 2
7,50 £ s
5,00 H 1
250 H 0,5
an T T T 0
o000 0010 0020 0030 O040 0050 0050 0070 O0BO 00% 0100 0110 0120 0130 0140 0150 0180 0,170
Q[m¥s]

Figure 5.6: Target value and acceptance tolerances

Furthermore, the best overall efficiency must be at least 85% and the range of the flowrate
of the best efficiency point is depending on the current characteristic curve and must be
within an nq range of 280+/-10 rpm.

In Figure 5.6 the example head is within the acceptance tolerance of flowrate and head the
intersection of the head curve and the lower and upper limit curve give the acceptance
range of the best efficiency point. The highest efficiency has to be within this tolerance
range and must not be at least 85%. The example in Figure 5.6 is used to show the ap-
proach of acceptance control and meets the requirements in the actual case.
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5.6 Requirements fulfilment

5.6.1 Measurement data analysis

The measurement points are mean values which are documented with the software Lab-
VIEW by National Instruments. The analysis of the measurement data is already done with
this software, according to 1ISO 9906. The measurement data and the results of the analysis
could be exported to Microsoft Excel®, where further evaluations, corrections and com-
parisons with other measurement results could be realised. Fluctuations with great ampli-
tude have to be taken into account, which is also done in Microsoft Excel® per hand. The
permissible amplitude of the fluctuations allowed is shown as a percentage value of the
measured quantity in Table 5.9.

Table 5.9: Permissible amplitude of fluctuations [13, p. 16]

Permissible amplitude of fluctuations

Measured quantity Grade 1 Grade 2 Grade 3

% % %
Rate of flow +2 +3 +6
Differential head +3 +4 =10
Outlet head +2 +3 +6
Inlet head +2 +3 +6
Input power +2 +3 +6
Speed of rotation +0.5 +1 +2
Torgue +2 +3 +6
Temperature 03°C 03°C 03°C

If there is an error in the measurement of the pump inlet head, which can occur to the par-
tial flow due to pre-swirl, it should be detected and corrected as recommended in ISO
9906, see Figure 5.7.

H

Q 2
Key
1 real value
2 value of Hy affected by pre-swirl
a  Onset of pre-swirl.

Figure 5.7: Correction of the inlet total head [13, p. 35]
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5.6.2 Measurements results

To get an overview on the hydraulic performance of this test pump, with some modified
parts, various modifications are performed as shown in the list below:

o Different gap clearances

¢ Modified hub cap

o Different versions of swirl break

e Balancing holes for axial load compensation

The influence of different gap clearances is shown in Figure 5.8 whereas no significant
change of the head curve could be detected. However, with a higher gap clearance the head
curve is a little bit lower than with a small gap width.
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Graz University of Technology Institut for Hydraulic Fluidmachinery date of measurement: 84.-23.82.2815

Figure 5.8: Influence of different gap clearances [3]

The modified hub cap is used to simulate the influence on the pump performance caused
by the rotating shaft between the stages in multistage configuration (see Figure 5.9). This
modification increases the intensity of the pre-swirl and lowers the head curve in part load
in case of a higher measured pressure at the suction side. The effect of this pre-swirl is only
visible in part load, with a flowrate of more than 40% of the best efficiency point no sig-
nificant influence could be detected as shown in Figure 5.10.
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Figure 5.9: long hub cap [3]

With a pre-swirl in the suction pipe at part load, which influences the measured pressure at
the suction side, the shut-off head could not be reached. In order to reduce the effect of the
pre-swirl, different versions of swirl break configurations were realised and measured. The
different configurations are shown in detail in Figure 5.11 and in Appendix C.
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Figure 5.10: Measurement of different swirl break versions and long hub cap [3]

As shown in Figure 5.10, the effects to the head curve in reference to the different swirl
break configurations are the same and lead to a higher shut-off head, however small differ-
ences between the configurations are visible. The final swirl break version 05, which is
used for acceptance measurements, is positioned in front of the pump inlet to enable
mounting also in case of a bell mouth.
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Figure 5.11: Overview of different swirl break configurations

For applications in a multi-stage configuration, axial load compensation is necessary. To
realise this in a very simple way, modifications of the impeller and the bearing holder were
done after the acceptance measurements. Therefore, balancing holes were realised in the

impeller and a gap sealing at the backside of the impeller was installed. The detailed con-
struction is shown in Appendix C, and the measurement results are shown in Figure 5.12.
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Figure 5.12: Measurement data of final modifications
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5.6.3 Measurement acceptance

The measurement results of the final arrangement shown in the diagrams are depicted in

different representations. On the one hand, the acceptance tolerances are drawn, and on the

other hand the measurements of the pump are given.
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Figure 5.14: Measurements results; Q-H-NPSH3
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6 Summary and recommendations

Finally, the hydraulic measurements had been finished without any failure of the test rig.
The measurement of the test pump shows, that the requirements of the customer were met.
The best efficiency point was met exactly and the NPSH3 values were much lower than
claimed, also the shut-off head was within the acceptable tolerance.

Referring to the correlation between CFD results and measurement data makes it visible
that a verification of the CFD calculation by means of a test rig is necessary, as a CFD
simulation is not able to describe the real flow conditions satisfactorily.

It would also be useful to do further research work with different axial load compensation
methods, because in later applications, this pump will be used in multi-stage arrangements
and in equal cases it is necessary to minimise the axial load of the impeller.

This type of pump will be used in multi-stage configurations with a long power train for
applications in deep reservoirs. The long pump shaft influences the rotor dynamical behav-
iour of the pump and could lead to low natural frequencies. This fact may lead to low life-
times of the bearing units of this kind of long pump shaft. In order to avoid the problem, it
takes a lot of engineering work based on vibration measurements, which was also done on
the test rig in Graz.

It also has to be mentioned that it was quite useful to gather the project team with members
who have various professional skills, as it was done in this case. The project team con-
sisted of a project leader, one person that did the CFD calculations, another one that was
responsible for manufacturing, one that realised the construction and one member with
experiences in measurements.

This Master's Thesis documents the development process of a test rig and can be used as a
technical support for future constructions with applications similar to this one.
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