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Abstract

In this work power train test beds are discussed regarding modelling, simulation,
and control. The key objective is to increase the performance of the considered test
systems via new control approaches. More precisely, the tracking of the references
for the relevant mechanical quantities rotational speed and torque shall be enhanced.
This control task is complicated by the natural coupling of speed and torque control
loops; i.e. a change in testing torque affects rotational speeds and a change in
rotational speeds has an effect on the measured torques. Furthermore, due to
potentially low internal damping in the mechanical structure, special focus has to
be placed on the damping of resonant torque oscillations.

The availability of accurate mathematical models describing the test bed dynamics
is inevitable in the controller design work-flow. Since power train test systems are
mechanically diverse, a modular modelling approach is used. In a first step, the
modelling task is reduced to mathematically describing the test bed components
such as electric drives, mechanical shafts, or adapter gearboxes and the power
train elements to be tested such as clutches, transmissions, and differential gears.
The final task is then to combine these models for various system components
to finally get a mathematical model describing the dynamics of the entire test
bed. Numerical simulations of the test systems are complicated by the presence of
friction elements that can lead to a reduction of the system’s dynamic dimension.
While an existing simulation strategy can be applied to handle simple systems of
that type, for systems with a potential reduction of dynamic dimension by more
than one, such as the lossy limited-slip differential gear, an appropriate simulation
strategy is proposed in this work. Thereby, a numerically efficient simulation of the
power train test beds to control is possible. This is successfully demonstrated on
the basis of three different test systems.

Control performance is increased by the use of a controller designed according to
the decoupling and feedback linearisation method. Then, decoupling the control
loops for rotational speed and testing torque and vibration damping can be achieved
in one combined controller design process. The superiority of the new controller
compared to conventional test bed controllers is demonstrated by simulation studies
and by experiments on commercial test beds.






Zusammenfassung

In dieser Arbeit werden Antriebsstrangpriifstande ganzheitlich betrachtet, wobei
das grundsétzliche Ziel eine Verbesserung dieser Priifstinde durch regelungstech-
nische Mafsnahmen ist. Entscheidend sind in diesem Zusammenhang Regelgiite,
Regelbandbreite und Robustheit der Regelkreise fiir Drehzahl sowie Drehmoment.
Am Antriebsstrangpriifstand wird die Regelung dadurch erschwert, dass diese
beiden grundlegenden Regelgrofien gekoppelt sind und deswegen Anderungen des
Priifdrehmomentes die Drehzahlregelung stéren und Anderungen der Drehzahlen
das gemessene Drehmoment beeinflussen. Ein weiteres kritisches Problem stellen
Resonanzerscheinungen im mechanischen Priifstandsaufbau dar.

Zum Entwurf und Test neuer Regelungsstrategien werden mathematische Modelle,
welche die Priifstande in ausreichendem Ausmafi beschreiben, benétigt. Da es An-
triebsstrangpriifstinde in verschiedensten Auspragungen gibt, wird eine modulare
Modellbildung durchgefiihrt. Dazu werden zuerst Komponenten, die in einem
typischen Priifaufbau vorhanden sind, wie elektrische Maschinen, Verbindungswel-
len oder Anpassgetriebe und mogliche Priiflinge wie Differentiale und Getriebe
durch Differentialgleichungen beschrieben. Diese Teilmodelle werden dann dem
aktuellen Priifaufbau entsprechend kombiniert. Die numerische Simulation der
Priifstinde wird durch die Tatsache, dass einige dieser Teilmodelle Haftreibung
beinhalten und sich daher die Systemordnung dndern kann, erschwert. Fiir einfache
Probleme dieser Art existiert eine Simulationstrategie, die dieses Verhalten korrekt
wiedergeben kann, fiir Systeme bei denen sich die Systemordnung um mehr als
Eins dndern kann, wie zum Beispiel das verlustbehaftet Sperrdifferential, wird in
dieser Arbeit ein Losungsansatz vorgeschlagen. Damit ist eine effiziente Simulation
der Priifstinde moglich, dies wird anhand von drei Beispielen demonstriert.

Zur Verbesserung der Regelqualitdt wird auf das Verfahren der Entkopplung und
Linearisierung durch Zustandsriickfithrung zurtickgegriffen. Dieses ermoglicht es,
die Entkopplung der Regelkreise fiir Drehmoment und Drehzahl und die Damp-
fung von Resonanzerscheinungen in einem gemeinsamen Reglerentwurfsprozess
zu erreichen. Die Verbesserungen, die durch die Erweiterung der Regelung reali-
siert werden kdnnen, werden anhand umfangreicher Simulationsstudien und durch
Experimente auf kommerziellen Antriebsstrangpriifstinden belegt.
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Chapter 1

Introduction

1.1 Motivation

In recent years, the importance of test rigs has significantly risen in various in-
dustries. Having the possibility to perform tests under well-defined, reproducible
conditions has become a necessity in product development as well as in quality man-
agement processes. For this reason, it is not surprising that also in the automotive
industry test beds have become an essential tool. This holds for the vehicle develop-
ment process [1] as well as for quality assurance by end-of-line testing [2]. Vehicle
developers are facing great challenges such as reducing emissions, automated
driving, or the electrification of the power train. To succeed in finding solutions for
those problems is highly dependent on the availability of adequate test systems.
But as the demands regarding vehicle development and the complexity of new
power train systems are increasing, the test beds have to enhance too. While early
testing solutions were primarily used for stationary testing, highly dynamic test beds
are demanded nowadays to be able to provide realistic testing also in transient
situations [3, 4]. Especially the electrification of the power train is a great challenge
in automotive testing. Inserting electric motors in the power train often significantly
increases the amount of testing required as these new power train configurations are
more complex. Furthermore, typically rotational speeds and torque dynamics are
higher causing new difficulties for test bed design and control. Another challenge
is the increasing number of driver assistance systems related to automated driving.
Therefore, with the progress in vehicle development and power train design also
the test beds have to evolve. To be able to perform the desired realistic testing, the
test systems have to be capable of emulating highly dynamic loads that are close
to real world driving situations [5]. Many of the challenges in doing so can be
addressed by modern control engineering techniques.

The advantages of using sophisticated test systems are numerous: as already men-
tioned, tests are reproducible, testing conditions can easily be altered, tests can be
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performed in a safe environment, and various components can be tested individu-
ally. This last point makes them important for the so-called front-loading strategy in
the development process. Thereby, the strategy of moving (‘loading’) large quantit-
ies of development work in the early stages (‘“front’) of the product development
process is denoted, see e.g. [6]. This allows the number of prototype test vehicles
to be reduced and development time to be shortened since a parallel development
of the car’s components is possible. If adequate test systems are available, these
automotive components can be tested individually while the vehicle’s remaining
power train is emulated by software and electric drives so that the testing conditions
are close to the loads arising in typical driving manoeuvres. If in this way problems
can be identified and resolved early, potentially lots of money and development
time can be saved.

1.2 Objectives and Contributions

Among the wide variety of test systems used in the automotive industry, this
thesis focuses on so-called power train test beds. These test beds are used to test the
vehicle’s full power train or only some power train components. In the automotive
context the term power train commonly describes those vehicle components that
generate the mechanical power and deliver it to the road surface. This traditionally
includes the engine, clutch, transmission, drive shaft, differential gear, side shafts,
and wheels [7]. In modern hybrid vehicles also the batteries, inverters, and electric
drives have to be considered. Commonly, testing only the internal combustion
engine (ICE) is done on so-called engine test beds and is thus excluded here [8].
In general, except for some basic considerations in the next chapter, power train
testing configurations including an ICE will not be further discussed; consequently,
the subject of this work is actually testing the driveline, which typically includes all
parts between the engine and the wheels [7].

The aim of this work is to increase the performance of the considered test systems
and to extend their range of application via new approaches regarding control.
More precisely, the tracking of references for the relevant mechanical quantities
rotational speed’ and torque shall be enhanced. As the availability of these test
beds for controller testing is often limited and applying a new control strategy
directly on the plant is risky, simulation is an essential tool. Therefore, a special
focus is placed on deriving mathematical models covering the entire test system
that can be used for numerical simulation. An important requirement for these
models is that they can be parametrised with reasonable effort, but nonetheless

tAlthough according to the International System of Units the angular movement of a body is
specified by its angular velocity w given in rad/s, among practitioners rotational speed # given in
revolutions per minute (rpm) is widely used instead.
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capture all the details important for assessing new controllers. One particular goal
is that a modelling framework is developed that can be applied to different types of
power train test systems (see e.g. Figure 2.2). As their mechanical structure strongly
depends on the power train configuration to be tested, finding a mathematical
model that can cover every relevant testing situation is probably impossible. To be
able to handle this mechanical diversity, a modular modelling approach is applied.
At first, a library consisting of compact mathematical models for the components
typically required for testing such as electric drive systems, mechanical shafts, and
adapter gearboxes is presented. This library also contains models for the power
train components to be tested such as clutches, differential gears, or transmissions.
All these models are developed in particular for test bed simulation; therefore, they
are partially different than publicly available models for other purposes. By the
use of this model library, a mathematical model for the entire test system can be
easily put together by combining these individual models. This modelling approach
significantly reduces the modelling effort as many of the individual sub-models
can be reused when another test system has to be modelled.

When the test bed behaviour shall be analysed, usually numerical simulations are
performed. These are complicated by the physical nature of many power train
components. Their working principle is often based on using Coulomb and static
friction to first synchronise and finally lock together rotating bodies. One typical
example is the clutch. A system showing this behaviour is called a variable dynamic
dimension system (VDDS) because the system order is reduced when some bodies
are forced to the same angular velocity. To handle this situation correctly and
computationally efficient, a special simulation strategy is required. One approach
traditionally used to simulate VDDSs is often referred to as force-balancing; this
idea was proposed by Karnopp in 1985 [g]. The basic principle is that when two
bodies are locked together, friction is calculated to exactly maintain this sticking
situation. When more than two bodies that can lock together are involved, this
basic concept must be extended. Strategies that can handle these problems as well
can be found in literature, see e.g. [10]. However, with these approaches friction is
calculated physically incorrect in some situations. For this reason, this work presents
a friction simulation approach for systems with a maximum order reduction of
two that can solve the friction calculation problem correctly. This algorithm can
then be used to simulate a lossy limited-slip differential or a simplified dual-clutch
transmission (DCT) model. Additionally, it is outlined how the friction calculation
scheme can be extended for systems with even more friction elements.

Based on these mathematical models and the efficient friction simulation strategy,
numerical simulations of test beds can be performed to identify the control related
problems. It is shown that, although the phrase power train test bed covers a wide
range of different testing solutions, the aspects relevant for control are very similar.
The basic challenge is in general to control the electric drives typically used to test
the unit under test (UUT). Control has to make sure that the reference signals for
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testing rotational speed and testing torque are adequately tracked. As test beds
are multivariable dynamic systems, these mechanical quantities are always coupled.
This makes an independent control of rotational speed and torque difficult, see
e.g. [11, 12]. With the conventional control strategy based on individually designed
tracking controllers for rotational speed and torque, this coupling often negatively
affects control performance, in particular if the test-run contains fast changes of
testing torque or testing rotational speed. Furthermore, due to potentially low
internal damping in the mechanical structure, special focus has to be placed on the
damping of resonant torque oscillations. These two problems shall be resolved by the
use of improved control strategies. Important requirements regarding control are
that controllers can be executed in real-time, that they are robust with respect to a
modification of the mechanical test set-up, and that they can be parametrised by
practitioners who are no experts in control engineering.

To overcome both mentioned problems, a multivariable control approach is applied.
This control concept is based on input-output decoupling and feedback linear-
isation. Before the controller can be determined, a suitable plant model must be
identified. Therefore, a way to reduce the rather detailed models used for simulation
is shown. These physically motivated simplifications are used to develop signific-
antly simpler models for differential gear test systems and for transmission test
beds. The decoupling controllers are then determined based on these mathematical
models. To enable test bed operators to continue to use their preferred controllers,
the control problem is solved in two steps. In the first stage, decoupling the control
loops and vibration damping is ensured. It is shown that both of these goals can be
achieved within one combined controller design process. The resulting decoupling
and damping network is only based on system states that are measured; therefore,
no state observe is required. This ensures that the number of tuning parameters
is kept small. These decoupling controllers for two and three machine testing
configurations are one main contribution of this work. In a second stage, feedback
controllers for rotational speed and torque are added. Since the control loops are
decoupled and torsional vibrations are already sufficiently damped, designing
the feedback controllers is easier compared to the conventional control approach.
Simulation studies and experimental results indicate that control performance can
be significantly improved with the proposed multivariable control concept.

One drawback of the multivariable control strategy is that handling actuator con-
straints such as limited electromagnetic torque becomes more complicated. For
this reason, a reference shaping pre-filter according to the reference governor ap-
proach is added. Reference profiles that are too demanding are then corrected
and constraint violations can be avoided. Since solving the optimisation problem
within the reference governor algorithm is problematic regarding real-time exe-
cution, a reduced pre-filter is presented as well. This structure does not rely on
any prediction into the future and is consequently computationally significantly
simpler. Furthermore, instead of solving a global optimisation problem, a sequential
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reference calculation scheme is used. Nevertheless, for the discussed test system
the results are very close to the optimisation based approach.

1.3 Structure of this Work

This document is organised as follows: In Chapter 2 an overview of available
power train test systems is given. Different testing strategies are presented and
various common testing configurations with varying scope of testing are shown.
Furthermore, the control concept often used in industrial practice is briefly ex-
plained and problems related to this type of control are visualised by a numerical
simulation. The chapter is closed by a short description of sensors and actuators
normally available on these test beds. In Chapter 3 various modelling aspects are
discussed. Following a modular modelling approach, at first mathematical models
describing the dynamics of individual test bed components are presented. This
model library covers typical test bed components such as electric drives, mech-
anical shafts, and adapter gearboxes as well as the power train elements to be
tested such as differential gears or transmissions. Finally, these sub-models are
combined to model three exemplary real-world testing configurations: two test
systems for differential gears and a test bed for automatic transmissions (ATs). At
the beginning of Chapter 4 simulation issues caused by friction models involving
Coulomb and static friction are discussed. As these friction models can accurately
describe many phenomena occurring in the power train, they are widely-used for
power train modelling. Therefore, suitable simulation strategies for these special
dynamic systems are presented. Then the results of simulation studies based on
the developed friction calculation approach are presented. These simulations start
with an analysis of various transmission models with different complexity, and are
concluded by a verification of the simulation models for the test systems discussed
in Chapter 3 via comparison with experimental data. The control of power train
test beds is discussed in Chapter 5. At the beginning of this chapter the detailed
mathematical models used for simulation are reduced to cover only the most es-
sential test bed dynamics. By the use of these dynamic systems, controllers based
on input-output decoupling and feedback linearisation are determined for two
and three machine testing configurations. Furthermore, feedback controllers for
rotational speed and torque are discussed and tested in numerical simulations. In
Chapter 6 some measurement data are given, which show the performance of the
proposed modifications regarding control for selected commercial power train test
systems. Finally, the admissible operating range of a test bed for differential gears is
discussed in Chapter 7. To avoid that the operational limits of the electric drives are
exceeded, a pre-filter following the reference governor approach is proposed. This
chapter is concluded by the presentation of a reduced reference governor structure
that is executable in real-time.






Chapter 2

Power Train Test Beds

2.1 State of the Art

There are various test systems available to test the power train or driveline of
a vehicle [13]. Traditionally, roller chassis dynamometers (see e.g. Figure 2.1a)
were applied to test the entire vehicle; those are still used for quantifying exhaust
emissions and fuel consumption according to standardised driving cycles [14].
Additionally, as on these test systems the tyres are really rotating, an assessment
of noise emissions is possible. However, due to the heavy rotating rollers, the
dynamics achievable with these test beds is rather limited.

(a) Roller chassis dynamometer, © KS En- (b) KS R2R full vehicle Road to Rig test bed,
gineers. © KS Engineers.

Figure 2.1: Full vehicle test systems.

Therefore, a new generation of test systems was developed (see e.g. Figure 2.1b);
instead of using rollers the electric drives are attached directly to the driveline
[5, 15, 16]. To do so, either special test wheels are used or the electric motors
are directly connected to the side shafts. This testing concept brings two main
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advantages compared to a roller chassis dynamometer: lower inertias introduce
the possibility to increase the dynamics to be able to perform more realistic tests
and additionally, this type of testing solution offers the chance to test not the entire
vehicle but just some components and to emulate the remaining parts by software.
These advantages are coming with the different mechanical set-up; to be able to
tully utilise them, sophisticated control strategies are required [5, 16].

Increased dynamic capabilities are especially important to provide realistic testing
for all road conditions and driving manoeuvres. The test systems have to cover the
range from dry to icy road, have to handle interventions from driver assistance
systems such as anti-lock braking system (ABS), acceleration skid control (ASR),
or electronic stability program (ESP) and also have to be able to manage misuse
tests such as sidestepping the clutch or turning with hand brake on. These dynamic
requirements are a challenge in the design of controllers for the electric machines
used to emulate the road loads. Therefore, in addition to powerful hardware,
sophisticated controllers for rotational speed and torque are desperately needed.
The more realistic the tests performed on the power train test beds are, the more
they can be used in the vehicle development process, for instance for electronic
control unit (ECU) application on the test bed, see e.g. [3, 4, 17-19].

The second important advantage, scalability of the scope of test, is mostly challen-
ging for the overall test bed control system as ‘missing” vehicle components might
have to be emulated by software. Thus, appropriate models for these emulated
components are needed. This component based testing is getting more important in
the vehicle design process since development and testing of various components can
be performed parallel. Possible applications would be testing the power train while
the vehicle chassis is not yet available or testing a transmission while the remaining
power train components are still in development. In Figure 2.2 various settings for
power train test systems are shown exemplarily. Figure 2.2a and Figure 2.2b present
testing scenarios for the complete driveline, while in Figure 2.2c and Figure 2.2d
just single components are tested. In Figure 2.2a the testing of the power train of a
four-wheel drive (4WD) vehicle is shown; one can see that electric load machines
are attached to all four side shafts to emulate the road loads. The input drive
could be the ICE or an additional electric drive. In Figure 2.2b a similar situation is
presented; since the UUT is now a driveline for a two-wheel drive (2WD) vehicle,
just two electric load machines are required. In Figure 2.2c a testing scenario for
a transmission is presented; here typically electric drives are used as input and
load machine. Finally, in Figure 2.2d a test system for a differential is shown where
electric drives are again used as input and load machines. Figure 2.2 is presenting
just a selection of the most popular testing scenarios; in general, any driveline
component, thus also a single clutch or shaft, or any meaningful combination of
those elements can be tested. Not shown, but sometimes also applied are additional
up- or downspeed gearboxes to be able to deliver the desired testing conditions
regarding rotational speed and torque with given electric drives.
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Figure 2.2: Overview of different test bed configurations for power train testing.

Since including the ICE in the tests has many drawbacks such as the necessary
supply with fuel, cooling water, and charge air and the effort to handle exhaust
gases and heat, the ICE is often replaced by an electric drive [20]. For this reason,
testing scenarios including an ICE will not be discussed any further in this work.
Exemplarily, a test set-up where the ICE is replaced by an electric drive and
consequently just the driveline is tested is shown in Figure 2.3.

) ==

Figure 2.3: KS R2R power train test bed with electric input drive, © KS Engineers.

Although according to Figure 2.2 there are many different variants of power train
test systems, the control related aspects are similar. Basically, the electric drives
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are always operated either in speed or torque control mode where torque control
could be with respect to the measured shaft torque or with respect to the machine’s
electromagnetic torque. Complexity regarding control is strongly related to the
amount of simulation demanded; the more models must be included, the more
the complexity rises. If the driveline shall be tested in a most realistic test set-up
according to Figure 2.4, at least models for the ICE, wheels and tyres, and the
vehicle dynamics are required. If just the transmission shall be tested using this
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Figure 2.4: KS R2R model based control concept, © KS Engineers.

Road to Rig (R2R) strategy, the complexity may be increased even further as then
additional models for the differentials and various mechanical shafts are needed.
On the other hand, a power train test bed may also be manually operated where
references for torque and rotational speed are given directly. These references could
either be defined by standardised testing procedures or by measurements carried
out on the test track. This wide variety of different testing strategies and test bed
operation modes requires to restrict the scope of this work to some particular
problems. For this reason, in this thesis the focus is placed on improving speed
and torque control. This task may seem to be simpler and thus less significant than
the model based testing strategies previously explained, but eventually all these
different testing modes are based on reliable underlying speed and torque control.
Therefore, improving these basic control modes might have a positive impact on
other more advanced testing strategies as well.

Although power train test beds are a very common tool in the automotive industry,
there is not much research work available dealing with the speed and torque
control on these test beds. [11] and [12] are some of the few publications on
designing and controlling power train test systems. In both works multivariable
control strategies were proposed to reduce the coupling of the controlled variables,
which is negatively affecting the control loops. But the authors discussed rather
special problem settings. The control strategy often applied in practice is to use
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proportional-integral-derivative (PID) controllers to control each electric drive
individually. Typically, first the speed control loops are closed, then the torque
controllers can be designed to reach acceptable closed-loop dynamics [21]. With this
strategy the control performance might be satisfying in steady-state, but rotational
speed and torque are still coupled in dynamic operation.

The state of the art regarding test bed control shall be explained on the basis of
the test set-up for differential gears as presented in Figure 2.2d and in Figure 2.5
in more detail. On a test bed for axle differential gears often a torque reference
and two references for rotational speeds are given. The torque reference T,,r may
be specified for the differential gear’s input or for the total output torque. The
references for rotational speeds are mostly given for the differential gear’s outputs,
either directly as total speeds for both individual outputs, or as the mean rotational
speed in combination with the desired difference in rotational speeds. As these
signals can always easily be converted to total rotational speeds, henceforth it will
be assumed that these total references n,,.r. and n3 s are given. Each electric
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Figure 2.5: Conventional control of a test system for differential gears.

drive is equipped with an encoder to measure the rotational speeds ni, ny, and
n3. Frequently also a torque sensor is available to measure the shaft torques Tr1,
Tty, and Ty3 directly at the electric motor. These measurement systems are further
discussed in Section 2.3. The actuators from a control engineering point of view
are the electric drives where typically the desired electromagnetic air-gap torques
Tagrref. Tagaref., and Tyes 0. are used as control inputs. In Section 2.2 the electric
machines usually employed for automotive testing are briefly described.

As previously mentioned, a classic electric drive system can be operated in either
speed or torque control mode; since there are two speed references and one torque
reference, running two drives in speed control mode and the third one in torque
control mode is a reasonable choice. Figure 2.5a presents the setting that is widely-
used: the input drive is torque controlled to track the given torque reference while
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the remaining drives are speed controlled to track the given rotational speed set-
points. As the rotational speeds of a differential’s input and outputs are algebraically
joint, an alternative setting such as operating M2 in torque control mode and M1
in speed control mode is also possible, but rarely used. Often, practitioners use
proportional-integral (PI) feedback controllers since parameter tuning is relatively
simple and vanishing steady-state tracking error can be achieved. Figure 2.5b shows
the corresponding controller block diagram; this control approach is obviously
based on single-input single-output (SISO) models: the control loops are designed
separated from each other and every air-gap torque is just related to one control
loop. This implies that each controller cannot consider the control actions executed
by the other controllers. Because of the mechanical test bed set-up the controlled
variables rotational speed and torque are coupled; thus, the control loops are
coupled as well. With the SISO controller setting often satisfying speed control
performance can be achieved while controlling the testing torque is typically rather
difficult. This can be seen in Figure 2.6 where simulation results of the testing
situation shown in Figure 2.5a are presented. It can be seen that the speed control
performance is rather good; even the fast change of testing torque at t = 4s causes
only some minor speed tracking error. In the testing torque though the coupling of
the control loops is more obvious; while the rotational speed is changed the testing
torque is not kept at its reference value.

Additionally, within this conventional approach the torsional flexibility of the
mechanical system and thus resonance phenomena are not considered in the
controller design. As the control actions are based on their associated individual
tracking errors only, reasonable vibration damping is hard to achieve. This is also
demonstrated in Figure 2.6; whenever the shaft torques vary, either because of
a change of testing torque or because of a change in rotational speed, torsional
vibrations are excited, which negatively affect the torque control performance.

2.2 Actuators

From a control engineering point of view the electric drives are the actuators
on these test beds, the input drives delivering the testing torque as well as the
dynamometers representing the loads. In the majority of cases, these are either
induction machines (IMs) with squirrel cage rotor or permanent magnet synchronous
machines (PMSMs). Both types have their individual advantages and disadvantages
and the appropriate drives have to be selected according to the testing objectives.
For the use in automotive testing applications precise torque and speed control is
essential; therefore, an inverter system typically based on insulated gate bipolar
transistors (IGBTs) is required. Generally, full four-quadrant operation is desired, i.e.
torque can be absorbed and delivered for clockwise and anticlockwise rotation and
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Figure 2.6: Results of a numerical simulation of a test system for axle differentials with the
conventional control concept.

consequently the energy flow can be from the grid to the drive system and vice versa.
With field-oriented control (FOC) and direct torque control (DTC) there are two
well-established control strategies for three-phase motors available making sure that
the electric machine’s supply voltage is chosen such that the desired electromagnetic
torque is produced. Both motor types provide their rated torque, possibly even
more if the inverter offers overload capacity, for varying rotational speed beginning
at standstill. But due to limited DC-voltage in the inverter, the disposable torque
has to be reduced above some rotational speed (field weakening).

Passive dynamometers such as eddy current brakes, water brakes, or friction
dynamometers are normally not used for power train testing and are therefore not
considered any further [13]. Other actuators that might be used on a power train
test bed such as actuators for throttle, brakes, and gear shifting or conditioning

systems are not considered either since they are not relevant for speed and torque
control.

2.2.1 Induction Machine

IMs, especially those with squirrel cage rotor, are widely used in industry nowadays.
Also for automotive testing applications asynchronous machines play an important
role. Figure 2.7a shows a simplified cross section of a typical IM. In the stator three
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separate coils form the three-phase stator windings. The rotor is separated from
the stator by the air-gap. For squirrel cage motors the rotor slots are just filled with
conductive bars that are short circuited at front and rear forming a cage [22, 23].
In Figure 2.7b a exemplary IM used for power train testing is shown. The IM’s

Stator
Stator
conductors

(a) Induction machine, cross section [22]. (b) Induction machine, Vascat.

Figure 2.7: Induction machine.

advantages compared to PMSMs are numerous: The motor itself is cheaper as no
permanent magnets are needed and as there are more suppliers on the market.
Additionally, for a given torque specification typically a smaller inverter is sufficient.
These two facts make the overall drive system consisting of motor and inverter
significantly cheaper. Furthermore, they are more robust because there are no
permanent magnets involved that could be demagnetised due to over current or
over temperature. There are also advantages regarding safety and misuse as e.g.
there is no induced voltage at the motor terminals when the machine is rotating
while the inverter is switched off and a switch off in the field weakening region is
uncritical [13].

2.2.2 Permanent Magnet Synchronous Machine

For automotive testing solutions PMSMs are the alternative to IMs. As shown in
Figure 2.8a, their stator design is similar to the IM’s stator, the rotor however is
different. Here permanent magnets are part of the rotor to generate the magnetic
rotor flux [22, 23]. In Figure 2.8b a exemplary PMSM used for automotive testing
is presented. The different rotor design is responsible for the PMSM’s biggest
advantage: a significantly smaller rotor inertia. A smaller rotor inertia allows to
perform more dynamic testing as faster changes of rotational speed are possible.
But instead of modifying the rotor design, the machine’s effective moment of inertia
can be reduced by sophisticated machine controllers too [2, 15]. This technological
advance makes it possible to use IMs for applications, where initially PMSMs were
needed. Furthermore, PMSMs can be designed to be more compact, which makes it
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Figure 2.8: Permanent magnet synchronous machine.

easier to place them on the test bed. Finally, their air-gap torque accuracy is higher
since the electromagnetic torque depends on inductances, while the IM’s torque is
highly dependent on the rotor resistance, which will change with temperature.

2.3 Sensors

In automotive testing the measurement of various physical quantities is required.
The two probably most important quantities are rotational speed and torque as these
define the mechanical loads. The accuracy with which both torque and rotational
speed are measured is fundamental to all the other derived measurements made in
the test cell. On a power train test bed these measurements are typically directly
related to the electric drives. Each electric motor is equipped with a torque flange to
measure the shaft torque and with an incremental encoder to measure its rotational
speed. Other methods for measuring these quantities will not be discussed further,
see e.g. [8].

2.3.1 Torque Measuring Flange

The torque delivered or absorbed by the ICE and/or the electric drives is the most
important physical quantity on an automotive test bed. Therefore, high-precision
torque measurement systems are required. Those have to be capable of metering the
torque for stationary conditions as well as in highly dynamic situations. On modern
power train test systems torque measurement flanges represent the state of the
art [8, 13]. These allow to perform in-line measurement, i.e. the torque measuring
device is part of the drive shaft, see Figure 2.9b. For this reason, the shaft torque
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is measured directly and no corrections under transient conditions are necessary.
A torque transducer as shown in Figure 2.9a consists of a rotor, which is bolted
directly to the flange of the electric motor, and an antenna (stator). In the rotor the
torsion caused by torque is measured by strain gauges; this information is then
transmitted to the stator where the torque is determined by using digital signal
processing.

(a) Torque measuring flange HBM T12 [24]. (b) Torque sensor with covering attached to
electric drive.

Figure 2.9: Torque measuring flange.

Knowing the shaft torques is obviously important for shaft torque control, but
precise torque metering is also required for many model based testing strategies as
e.g. road load simulation (RLS) or R2R testing [5]. As some of these applications
are sensitive regarding delays in the torque control loop, it is important that the
torque measuring device is connected to the control system via a fast interface.
Additionally, filtering in the torque flange should be reduced to a minimum.

2.3.2 Rotary Encoder

Rotational speed is typically measured by rotary encoders using either optical
scanning or an inductive scanning principle. Both methods are contact-free and
thus free of wear. The optical scanning principle using graduations applied to a
glass carrier and photosensitive detectors, which is widely-used in automotive
testing, is depicted in Figure 2.10a. Since optical encoders are very sensitive to dust,
they have to be capsuled, see e.g. Figure 2.10b. Two basic measurement methods
are available: absolute measuring and incremental measuring. The absolute encoder
provides the rotor position immediately upon switch on; as each distinct shaft
angle has its unique digital code, no reference mark is required to determine the
absolute position. An incremental encoder has no absolute code but a periodic
grating structure; therefore, it provides cyclical output signals (pulses) only when
the encoder shaft is rotated. These pulses can either be used for relative positioning,
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then the pulses just have to be counted or for gathering rotational speed information
by evaluating the frequency of the signal. To be able to determine the direction of
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Figure 2.10: Optical rotary encoder.

(b) Capsuled rotary encoder, Heidenhain

rotation too, often two output channels normally labelled ‘A" and ‘B” with a phase

shift of 90° are available. Depending on the direction of rotation one signal is lagging

the other in phase. To increase the encoder’s resolution, instead of square waves two
sine waves (sine and cosine) can be generated, these can then be highly interpolated.

This is particularly beneficial at low rotational speeds. As in the incremental encoder
actually the relative position is measured, calculating the rotational speed resembles
a differentiation with respect to time. Thus, measurement noise is amplified and
frequently an additional low-pass filter is applied before this signal can be used for

control.






Chapter 3

Plant Modelling

The availability of mathematical models of dynamic systems is inevitable in the
controller design work-flow for two fundamental reasons: Firstly, based on math-
ematical models an analysis of the plant to be controlled is possible. Information
about the plant’s dynamic behaviour as well as steady-state observations can serve
as a basis for controller design. Secondly, having appropriate plant models allows
the utilisation of numerical simulation. This is essential in the field of test bed
control since controller testing can be done in a safe environment without any
risk to the test bed hardware. Furthermore, simulation allows to perform misuse
experiments or experiments exceeding some operational limits that could poten-
tially damage the test bed. Additionally, power train test beds are in general quite
expensive equipment and therefore cannot be permanently occupied for controller
development. For these reasons, intensely testing control concepts in simulation
until finally a working controller is available is common. Then ideally just some
verifying experiments on the test bed are necessary.

However, a mathematical model can never describe every detail of a plant’s beha-
viour. Usually, a trade-off between model accuracy and limiting factors such as
model complexity, modelling effort, numerical efficiency, and parametrisation effort
is inevitable. Very often different purposes require models with different complexity.
For controller design mostly models covering the essential plant behaviour are
sufficient. Otherwise, the mathematical effort required in the controller design
procedure could be excessive. However, for simulation purposes very detailed
models covering many more aspects are desired to make the simulation results
close to reality.

Modelling and simulation of power train test beds is not excessively studied in
literature. For this reason, there is no established modelling procedure available.
However, in the field of engine testing many works dealing with modelling aspects
were published, see e.g. [26—32] and the references therein. Typically, mechanical
systems with distributed parameters are reduced to lumped systems consisting

19
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of concentrated elements such as moments of inertias and inertia-free torsionally
flexible shafts. In most of these works the torsional dynamics of the test systems
were modelled as a two-mass oscillator with linear shaft characteristics. Sporadically,
three-mass oscillators providing an additional eigenfrequency were used as well.
Another similar class of problems are servo-drive systems, which are also well
studied in literature, see e.g. [33—37]. These systems frequently contain torsionally
flexible couplings and are often modelled as two or three-mass oscillators too. For
these problems regularly a single modelling process giving a certain system model
is sufficient. A modification of the mechanical set-up such as a change of engine
to be tested, dynamometer, or shaft usually only requires to adapt some system
parameters.

Typical power train test systems however are mechanically much more complex
and diverse, see e.g. Figure 2.2; therefore, another modelling approach must be
used. In [38] a modular modelling strategy was applied to model an automatic
transmission (AT); every single system component was modelled individually, then
these sub-models were combined to get a mathematical model for the overall system.
This idea shall be adapted and applied for power train test bed modelling. Using
this modular approach has the advantage that a modification of the test set-up
does not require a completely new modelling process, but just an exchange or a
rearrangement of the basic sub-models. Consequently, before models for specific
power train test systems are presented, compact mathematical models based on
differentials equations for the individual components shall be derived.

If the modelling task is reduced to mathematically describing the test bed com-
ponents such as electric drives, mechanical shafts, or adapter gearboxes and the
power train elements to be tested such as clutches, transmissions, and differential
gears, much more literature is available. Especially vehicle power trains are stud-
ied excessively due to their importance for vehicle development. Modelling and
simulation strategies for the entire power train are discussed in many publications,
see e.g. [38—41]. But also reduced models for single power train components such
as clutches, transmissions, and differentials are available, see [10, 42—45]. These
models were all initially developed for a certain purpose; since the requirements
for test bed simulation are different, modifications will be necessary before they
can be used to build up a ‘model library’. The final task is then to combine the
models for various system components to ultimately get a mathematical model
describing the dynamics of the entire test system. As these mathematical models
shall be used for simulation and controller design only, no constraints regarding
real-time execution have to be considered. Among the variety of different modelling
strategies, grey box models are widely used [46]. These are based on differential
equations derived from the fundamental laws of nature, with parameters that often
have to be identified by the use of experimental data. Black box models derived
purely from measurement data are typically not desired as with every change of
the test bed set-up an entirely new modelling process is required.
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3.1 Overview

In Figure 3.1 and Figure 3.2 two representative test systems for testing differential
gears respectively transmissions are presented. These show the system components
that have to be considered in the modelling process. The majority of these compon-
ents are mechanical, the drive systems including the inverters are electrical and the
controllers are digital systems. In general, two different problem set-ups regarding
modelling and control are conceivable: In Figure 3.1 a test bed equipped with KS
R2R frequency converters is shown. This inverter was developed for highly dynamic
drive applications. Here the real-time control system is responsible for controlling
the inverter output voltages as well as for superimposed control tasks. The outputs
of this control system are directly the switching commands for the semiconductor
stage; these signals are determined by using FOC. This system architecture offers
the possibility to modify the machine controllers if necessary. Additionally, time
delays caused by external inverter interfaces and bus communication are elimin-
ated because inverter control and superimposed speed or torque control loops
are executed on one processor system. From a modelling point of view exactly
knowing the inverter control structure including all relevant system and controller
parameters is beneficial as it allows to perform more detailed simulations.

Differential
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Figure 3.1: Test system for differentials with KS R2R frequency converters and adapter
gearboxes to increase testing torque [47].

The alternative approach is shown in Figure 3.2, here conventional inverter systems
are used. These are typically operated via a fieldbus interface. This interface allows
to select either speed control or torque control operation mode, and to set references
for the controlled variable as well as to receive feedback information such as
rotational speed. However, this bus communication frequently introduces some
time lag. Every further superimposed controller has to be implemented on an



22 CHAPTER 3 PLANT MODELLING

additional real-time system. These inverters are problematic for modelling and
simulation since the control algorithms are not publicly available.
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Figure 3.2: Test system for transmissions with conventional inverter system.

The mechanical system typically consists of the power train configuration to be
tested and some test bed components required for testing. These are the rotor iner-
tias of the electric machines, flanges, shafts, possibly up- or downspeed gearboxes,
and in-line torque measurement devices. In the following sections, mathematical
models for all these test bed components and some power train elements that could
potentially be tested are derived.

Since these mathematical models shall be used for numerical simulation, simulation
relevant aspects have to be considered in the modelling process. Some power
train components that must be modelled and simulated are a so-called variable
dynamic dimension system (VDDS) because the dynamic dimension of the system
can change over time[42]. Handling this system behaviour correctly in numerical
simulation is tricky; in Chapter 4 this problem will be further analysed and an
adequate simulation strategy will be presented. But this simulation strategy relies
on a suitable structure of the mathematical model; therefore, in the modelling
process a special focus has to be placed on the potential change of the system’s
dynamic dimension.

3.2 Drive System

Modelling the electric drives has to cover the entire drive system consisting of the
electric motor and the inverter. Consequently, the motor control strategy applied
is a relevant factor. Considering the inverter’s control strategy is particularly im-
portant if the demands regarding dynamics are high or when the drive system is
operated close to its limits. For less challenging applications often simpler models
are sufficient. For control the response of the air-gap torque T,¢ to the demanded
torque reference Ty s, is most relevant. The KS R2R frequency converter uses
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field-oriented control (FOC) to control the electric machine. The basic ideas re-
garding FOC are summarised in Appendix A. FOC was proposed by Hasse [48]
and Blaschke [49] respectively to operate three-phase machines with high dynamic
performance, see also [23, 50]. The torque control loop within FOC is shown in
Figure 3.3 for the control of an IM. Assuming that the rotor flux ¥y, is kept con-

Current limit isq controller Voltage limit isy plant
Tng/ref. iSq,ref. > V iSq,rBf, PI Usg,cont, Tﬁ u5q> IM iSq > Tag T”i
calculation % a a J‘ estimation
N . iSq uSq,cmnp. T T N
T‘Ym T isd,ref. Usg Yra

Figure 3.3: FOC for IMs, torque control loop.

stant by additional control loops, see also Appendix A, the task of torque control
is actually based on controlling the current is; since the electromagnetic torque is
given by
3 Ly .
Tag = EPL_RTRdlSq/ (3-1)

where p, Ly, and L, are machine parameters. Only for handling limitations regard-
ing voltage and current, the flux control path has to be considered as well; for more
details see Appendix A. The air-gap torque Tj¢ is not a direct measurement but
estimated within the inverter control software according to

R 3 Ling .
Tag = EPL_Z‘FRdlSq/ (3-2)

based on the estimated rotor flux ¥, and the measured stator current. Since the
rotor flux is usually changed rather slowly, the dynamics of the torque control loop
are essentially given by the dynamics of the current control loop for is,.

To identify this relationship, the electric machine can be disconnected from the
remaining test set-up and accelerated to a certain rotational speed. Then, step
response experiments of the air-gap torque T, are performed. In Figure 3.4 step
responses for two different rotational speeds are presented. Both curves show some
delay; this dead time originates from the digital implementation of FOC including
the actuation of the semiconductor stage and measurement of phase currents. The
torque dynamics obviously depend on the rotational speed; this is due to the limited
inverter output voltage. At low rotational speed the induced voltage is low, thus
more inverter capacity is left for changing the stator current component is;. At
higher rotational speed less voltage reserve is left to change the stator current. This

*As shown in [51] and [52], the rotor time constant must be known to estimate the electromag-
netic air-gap torque correctly. Since the rotor resistance varies with changing rotor temperature, also
the rotor time constant changes. Therefore, the rotor resistance is typically adapted during operation
to provide correct torque estimates.
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can be seen in Figure 3.4: at 1500 rpm the voltage limit is permanently reached
during the change in air-gap torque; therefore, the torque slope is nearly constant.
For this reason, simplified models e.g. containing dead-time and first-order low-
pass behaviour as used in [26] are not always capable of adequately describing the
air-gap torque dynamics.
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Figure 3.4: Step response of the electromagnetic air-gap torque estimate T, at different
rotational speeds.

Consequently, within the simulation studies presented in this work the drive system
is modelled in more detail whenever KS R2R frequency converters are used. For the
IM the fundamental wave model given by System (A.16) with current-dependent
mutual inductance and with the electromagnetic torque T, as system output is
used. FOC is modelled as it is realised on the digital signal processor system, see
Figure A.2. To reduce simulation time, the switching within the KS R2R frequency
converter’s semiconductor stage is neglected. Instead, the inverter is modelled
as a continuous system; however, the current dependent non-linearity and dead
time introduced by the switching timing of the semiconductors are considered
nevertheless, see also [53].

The mechanical subsystem is essentially the rotary dynamics of the machine’s
rotor with moment of inertia I, rotating at angular velocity w. In Figure 3.5a the
system structure with the relevant quantities is shown; the rotor can obviously be
accelerated by its own air-gap torque T,¢ and by the shaft torque Ts coming from
the rest of the mechanical system. The mathematical model can be derived from
Newton’s differential equation of motion:

dw

Ima = Tag =T (3'3)

In fact, the fundamental wave model used for modelling the IM cannot cover
every detail regarding the machine’s air-gap torque T,q; additionally, the air-gap
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(a) Electric drive, rotor dynamics. (b) Rotational dynamics model structure.

Figure 3.5: Rotational dynamics modelling.

torque T, may periodically deviate from its mean value due to imperfections in the
inverter system and in the motor windings, see e.g. [54]. For simulation purposes
these torque harmonics are considered as well.

3.3 Mechanical Shaft

Shafts are part of the mechanical system and connect various components by
transmitting torque. Depending on the material used and the dimensions of the
shafts, these interconnections can be assumed to be torsionally stiff or flexible, see
also [38]. When mechanically complex test beds are modelled, often just some shafts
are assumed to be flexible while the remaining connections are treated as rigid for
simplicity. For rigid connections the relevant rotating bodies can be modelled as one
combined moment of inertia. If two bodies are coupled via an elastic connection,
both have to be treated separately, i.e. modelled by their individual moment of
inertia. Additionally, the connecting element has to be modelled. Frequently, the
mechanical shaft is modelled as inertia-free; its moment of inertia is then added
to the two components the shaft is connecting. In Figure 3.6 a typical modelling
approach for a cardan shaft is exemplarily presented. The two ends of the shaft
are rotating at rotational speeds w; and w; with angular positions ¢; and ¢,
respectively. The shaft itself is represented by a Kelvin-Voigt model with the
torsional stiffness parameter ¢; given in Nm/rad and the damping coefficient d;
given in Nms/rad [55].

(Pl , W1 (PZI wy w1 TS
P1, w1 P2, w2 O G - 7| flexible [
ds
(a) Cardan shaft. (b) Simplified shaft model. (c) Shaft model structure.

Figure 3.6: Torsionally flexible shaft modelling.
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The shaft torque T; can then be calculated according to

Ty = ds (w1 — w2) +¢s (@1 — @2)

Ts = ds (w1 — W) + cs / (w1 — wy) dt, (G-4)
where the shaft parameters ¢; and ds can even be arbitrary functions of angular
positions or velocities. In automotive test systems usually linear shafts are pre-
ferred; therefore, constant shaft parameters are often assumed, see also [26, 56].
If additionally backlash must be considered, Equation (3.4) is not sufficient and
approaches presented in [57-60] can be used instead. In [57] different models for
systems with gear play are presented, but those models converge when the shaft’s
internal damping tends to zero. As on power train test beds usually only shafts
with low internal damping are used, more complex models are needless and the
classical ‘dead-zone model’

ds (w1 — waz) +cs <(P1—(P2—%) if g1 — gy > %

T, =40 if |1 — o] < %, (35)

ds (w1 — wy) + ¢s <(P1_(P2+%> if§01—¢2§—%

where 6, is the backlash gap, will be used in the following simulations. If this
angle is set to zero, Equation (3.5) converges to Equation (3.4). When cardan
shafts are used, angle-dependent transmission errors can potentially occur if the
cardan joints are not aligned straightly, see e.g. [61]. With double cardan shafts
as shown in Figure 3.6a and typically used on test beds at least velocity errors
can be avoided; however, oscillating torques may still be present when the shaft
rotates [62]. Therefore, vanishing bending angles and for this reason straightly
aligned cardan joints are desired. If this is the case, any angle-dependent torque
transmission error can be neglected.

Often, it is unnecessary to model every mechanical shaft by its individual para-
meters and some shafts can be combined and modelled as one equivalent shaft.
As shown in Appendix B, a serial connection of k torsionally flexible shafts with
individual parameters c;; and dg; for i = 1,2,...,k can be approximated by one

shaft with parameters ¢; and 575 determined according to

_ 1
&= — - (3-6)
ittt
respectively
.2 2 5
ds = CTSdsl + CTSdSZ +eeet CTSdSk' (37)
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3.4 Adapter Gearbox

Power train test systems are typically used to test a wide variety of UUTs demanding
different levels of testing torque and testing rotational speed. Since the operating
ranges of the electric machines are fixed, additional adapter gearboxes are often
used to be able to provide the required testing conditions. These can either be
upspeed gearboxes to increase the rotational speed range or downspeed gearboxes
to increase the feasible testing torque. This latter situation is presented in Figure 3.1.
In Figure 3.7a a simplified gearbox model with the quantities relevant for modelling
is shown. The gearbox input is associated with angular velocity wg;,; and torque

Topi, Wb
Wab Topi Webi
I £ =N Gearbox [—>
2 dyna-
T yna- |,
4 Tgbo g—bg> mics |
lgh
(a) Simplified gearbox model. (b) Gearbox model structure.

Figure 3.7: Adapter gearbox modelling.

Tgpi while wgy, and Ty, belong to the gearbox output. I; and I, are the moments
of inertia of input gear respectively output gear. The transmission ratio i, is given
by

_ Wabi

1oy, =
Wabo

gb . (38)

The system dynamics can then be determined either corresponding to the gearbox
input

Tbo
dwgbl- _ dwgbo _ Tgbi - 1'?7 (3.9)
de ¢ ad Db 39
1T 5

or corresponding to the gearbox output

dwgbo _ idwgbi _ Tgbiigb - Tgbo. (3.10)
dt igb dt Illéb + 12
———
::Igbo

Loy is the moment of inertia of the gearbox related to the gearbox input while I,
is related to the gearbox output. The dynamic gearbox model shown in Figure 3.7b
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can be based on either Equation (3.9) or Equation (3.10). This dynamic model was
derived under the assumption of ideal gears. For simulation sometimes effects
caused by non-ideal gears must be considered too, see e.g. [63, 64]. This transmission
error is often composed of gear play and orders. Orders are in general periodic
torque disturbances at rotating frequency or its multiples caused by inhomogeneities
of rotating elements. Within gearboxes frequently orders related to the number of
gear teeth arise. As their frequency varies with rotational speed, they can excite
eigenfrequencies of the multi-mass mechanical system. For this reason, they are
operationally critical and thus included in the simulation models.

3.5 Clutch

Friction elements such as the clutch are used to engage and disengage the trans-
mission of mechanical power in the vehicle’s driveline, see also [7, 62, 65]. In a car
with classic manual transmission the clutch is located between the engine and the
gearbox input and is required for vehicle start and gear shifts. In addition to this
obvious purpose, friction elements are used within various types of transmissions.
In manual transmissions as well as in most automatic transmissions gear shifts are
achieved by unlocking some gears and locking some other gears. This process can
also be interpreted as engaging and disengaging a clutch. Therefore, an appropriate
dynamic clutch model is essential for power train simulations. In Figure 3.8a a
simplified illustration showing the relevant quantities for modelling is presented.
T.; and T, are input and output torque while I; and I, are the moments of inertia
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(a) Simplified clutch model. (b) Clutch model structure.

Figure 3.8: Friction clutch modelling.

of the two clutch elements that can be locked. w,; and w, are the angular velocities
of the clutch disks. The clutch torque T, is responsible for engaging and disengaging
the clutch: if T, is zero, both clutch disks move without any connection; if T is
high enough, the two clutch elements are forced to the same rotational speed. The
system dynamics can be obtained by applying the law of conservation of angular
momentum to both rotating bodies:

dwci

— T T, (3.112)
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= T.— Tep (3.11b)

The clutch torque T, is typically a function of the difference in angular velocities of
the two clutch disks, e.g. according to the Stribeck friction model as suggested for
wet clutches in [45] and [66]

|wci —@eo ‘

T, = Ue Tc,c + (Tc,s - Tc,c) e Yo 4+ kc,v ’wci - wco| sgn (wci - CUco) ’ (3-12)

where T¢ s is the maximum torque that can be transmitted by the locked clutch, T;
is the Coulomb friction torque, k. is the viscous friction coefficient, and w, is
the sliding speed coefficient [67]. u. € [0,1] is the clutch actuation signal. However,
according to [65], for a dry clutch often the simpler model

T, = ,ucTc,chn (wci - wco) (3-13)

is sufficient. A simulation strategy for the dynamic clutch model capable of handling
both engaged and disengaged clutch correctly is given in Section 4.2.1.

3.6 Differential Gear

A differential is a particular type of gear set that is widely used in automotive
applications. Due to the differential, the two driven wheels of a 2WD vehicle can
rotate at different speeds as they follow different ways around a corner. These axle
differentials usually split the torque symmetrically to both driven wheels. In addition
to the axle differentials, a conventional 4WD vehicle also requires a centre differential
for distributing the engine torque to the front and rear axle. Often, more than fifty
percent of the available torque is required at the rear axle; for this reason, these
differentials may offer asymmetric torque splitting.

In a conventional open differential the torque distribution is constant, even if the
angular velocities of the two output shafts differ. The drawback of this functionality
is that if just little torque can be transmitted by one wheel, e.g. due to an icy patch
or dynamic cornering, the torque at the other wheel is reduced too. To overcome
this problem, limited-slip differentials are used. These limited-slip differentials can
either be simply mechanical (passive) or electronically controlled (active). Both
types are usually based on clutches or other friction elements to alter the torque
distribution if the angular velocities of the output axles differ. This friction reduces
the torque at the faster wheel and increases the torque at the slower wheel. For
additional information on differentials see e.g. [7, 62, 68, 69].

As differentials play an important role in vehicle dynamics, accurate mathematical
models are desired. In literature often kinematic models covering only the stationary
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system behaviour are used, see e.g. [68] and [70]. If transient phenomena are import-
ant as well, dynamic models are necessary. In [66] various dynamic mathematical
models for differentials are discussed by the use of bond graphs. However, losses
were completely neglected and the models are limited to symmetric stationary
torque splitting. Therefore, dynamic models for two types of lossy limited-slip
differentials with asymmetric torque splitting are derived in the following sections.
These results were already published in [71].

3.6.1 Type A: Bevel Gear Differential

Differential gears are often built as a bevel gear set, especially if a torque distribution
of 1:1 to both output axles is desired. But by using an asymmetric mechanical
structure as shown in Figure 3.9, also other torque distributions are possible. The

Figure 3.9: Asymmetric bevel gear differential [71].

input shaft with attached bevel gear Ij rotates at angular velocity wy; and transmits
the input torque Ty; from engine and gearbox to the differential cage; since the
radius of the ring gear r. is usually greater than the radius of the drive gear ry,
the angular velocity is reduced while the torque is increased. The differential cage
I and with it the differential bevel pinion I3 are rotating about the A-B axis at
angular velocity w,, dragging the two other bevel gears and the output shafts I; and
I, with them. These output gears are affected by the differential’s output torques
Tio1 and T49p. When the vehicle moves straight, the two output axles rotate at the
same speed and the differential bevel pinion I3 does not rotate about its own axis.
If the angular velocities wy,1 and wy,, differ, the differential bevel pinion I3 rotates
about its own axis (Jwsp| > 0) while there is no change in torque distribution for
the open differential. Limited-slip functionality can be added by introducing the
friction torque Ty to slow down the rotation of the bevel gear I3. Mechanically
there are many different ways of providing this slip-limiting friction torque, see
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e.g. [68], but these mechanical considerations are just secondary for modelling. The
second friction torque Tj;; accounts for all losses in the differential gear. Commercial
differential gears may include more differential bevel pinions, but for simplicity
modelling is done for a system with only one of these as shown in Figure 3.9.

To keep the mathematical model clear and simple, ideal gears with infinite torsional
stiffness and negligible backlash are assumed. Then the algebraic constraints

roWdi = TeWe (3.14a)
r1Wye1 = MWe + r3wszp (3.14b)
r2Wyop = TaWe — 13W3p (3-14¢)

have to be fulfilled. ; and r; are the radii of the output gears while r3 is the radius
of the differential bevel pinion I3. The dynamics of the differential gear shown in
Figure 3.9 can be described by the following set of differential equations

Iy d;di = Ty — Ty — roko (3.15a)
I dcgiﬂ =r1F1 — Tyo1 (3.15b)
I dcslioz =128 — Tyo2 (3.150)

3% =r3b —r3F — Ty (3.15d)

Tc% =rchp—rF —nk, (3.15€)

where I, is the overall moment of inertia for rotation about the A-B axis including
differential cage and bevel pinion I3. The force Fy acts between ring gear and drive
gear, F; between differential bevel pinion and the left bevel gear, and F, between
differential bevel pinion and the right bevel gear. By the use of the Algebraic
constraints (3.14), the number of state variables can be reduced and the forces F,
Fy, and F, can be determined. This results in the following differential equations
for the input shaft’s angular velocity

dwdi 5] 7’% 1’% . 73 73
D = T —T L=24+DbL2+1L)—1i;T L— —1—
T ig (Tyi dl) ( 1@ + 2r%+ 3 141 gs1 2r2 1r1
2 2 2 2 (3'16)
r T T T
—igTgo1 | b= + h—+ 13 | —igTgoo | 1>+ —>+ 13
d*do 3 172 0 r2 r1t2

and for the angular velocity of the differential bevel pinion I3

dw . r r
% — iy (Tyi — Tar) (I i - I1i) — Ty (Ig+ L + 1)

D.—32
a ) (3.17)

r3 r3 r3 r3 r3 r3
- T L=+L=24+0L= T L—=+LH=2+L=
dal(dr1+ 2r1+ 2r2>+ doz(dr2+ 1r1+ 1r2
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with
L2 Ir? r 3\ 2
D.= 1 1—23 + 2—23 +L|+hDk (—3 + —3> + L3+ D13, (3.18)
re rs 1

where i := 7¢/r, is the torque transmission ratio from drive shaft to differential
cage and I, := I + i3]y is representing the overall moment of inertia of input shaft
and differential cage.

The relevant angular velocities of the output axles can be calculated from the two
state variables by using the Algebraic constraints (3.14):

Wy | T3

Wio1 = 7 + aw?,b (3.192)
Wy T3

W2 = 7 - Zw?’b (3.19b)

Of special interest is the stationary torque distribution depending on the dimensions
of the bevel gears. By setting the system dynamics to zero (steady state), the torques
at the output shafts can be computed if input torque Ty;, slip-limiting torque T,
and loss torque Tj; are known

1

Tio1 = ig (Tgi — Tar) — voTusl (3.20a)
1+
——
=n
) .
Thon = ig (Tgi — Tar) + voTus (3.20b)
1+
——
=72
where
=2 (3.21)
’)/0 . s (1”1 T 1’2) . .

If the friction torques Ty, and Ty are zero too, the ratio of output torques is equal
to the ratio of bevel gear radii (Tuw1/T;, = 1/r,). By using the two constants 7y and
72 defined in Equation (3.20), the angular velocity of the differential input can be
determined if the angular velocities of the two output shafts are given

wgi = 1g (V1Wae1 + Y2W4e2) - (3-22)

Due to the asymmetric torque splitting, the differential cage’s angular velocity is not
equal to the average angular velocity of the two output shafts. This is an important
difference to the symmetric differential.
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3.6.2 Type B: Epicyclic Differential

Another common type of differentials are epicyclic differentials based on a planetary
gear set as shown in Figure 3.10, see also [43, 62, 68]. Here the drive shaft is
connected to the planet carrier I, and the two output shafts are connected to ring
gear I, and sun gear ;. Due to different radii of sun gear r; and ring gear r,,
the input torque Tj; is asymmetrically transmitted to the two output axles. These
output axles are affected by the differential’s output torques Tj;,; and Tj,p. If the
angular velocities wg,1 and wy,y of ring respectively sun gear match the angular
velocity of the planet carrier wy;, the angular velocity w3, of the planet gears I,
with radius 7, is zero. Otherwise, the planets rotate and the planetary gear set
behaves like a common open differential keeping the output torque ratio constant
at the nominal value independently of the angular velocities of the output axles.
Limited-slip functionality can be included by adding friction between sun and ring
gear to slow down the increase of differential angular velocities. An alternative
approach for modelling is to assume that the slip-limiting friction torque T slows
down the rotation of the planet gears. Then a friction torque of Tusi/n, affects each
of the 1, individual planets. An additional friction torque Tj; is used to account for
all the losses in the differential gear.

Figure 3.10: Epicyclic differential [71].

As before ideal gears are assumed and the following algebraic constraints can be
formulated:

I1Wie1 = TrWeqi + 1pwsp (3.23a)
TsWaoy = TsWi — TpW3p (3-23b)

The dynamics of the mechanical system shown in Figure 3.10 can be described by
the following set of differential equations:

~ da)di
I
€ dr

= Tgi — Ty — nptrFr — nptsks (3.24a)
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dw

I diﬂ = nprrbr — Tgn (3.24b)
dw

I dioz = nptsks — Ty (3-24¢)
dw3p Td 1

I. stands for the overall moment of inertia of planet carrier and attached planet
gears while 1, is the number of planet gears. The differential equation for the
planet gears (3.24d) must be considered only once because due to the mechanical
structure, all the planets are forced to rotate at the same angular velocity ws,. The
force F; acts at the intersection of sun gear and planet gears and F, between planet
gears and ring gear. By utilising the Algebraic constraints (3.23), the forces F; and
F, can be determined and the number of state variables can be reduced. These steps
lead to the following pair of differential equations for the planet carrier’s angular
velocity

dwy; r?, r%, - rp
D=7 = (Tai = Tar) (g + I +1p | = Tast (Ir + L+ )
rs rs Vs
—Tyr | L2+ L +T, | —Tyo [ L2 + L+ 1T,
dol \ Tspa TSy T do2 \ 2 Ty T

and for the angular velocity of the planet gears

dw3 r r -
DC P = (sz le) (Is_p - Ir—p) - Tdsl (Ic + Ir + 15)
dt Ts Ty (3.26)
p p 3
- Tdol Ic + Is s + Is r + Tdo2 Ic ‘|‘ Ir r + Ir s
with
2 2 2

De=T (02 + 1.2+ ) +0n (24 2) 410+ 1T, G2

r2 2P e Ts P P

where Tp := nyl, is the overall moment of inertia of the n, rotating planet gears
I.
p

The relevant angular velocities of the two output axles can be calculated based on
the Algebraic constraints (3.23) from the two state variables:

.
p

Wio1 = Wai + = Wap (3.28a)
r

.
p

Whop = Wtj — ~Wap (3-28b)
S
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As for the bevel gear differential, the stationary torques at the output shafts can be
determined by setting the system dynamics to zero

Ty

Tao1 = (Tai — Tar) — voTust (3.29a)
rs + 1y
——
=7
,
Tao = ——— (Tai — Tar) + Yo Tus (3.29b)
s + 1y
——
=72
where
0 Tp (rr‘{’rs)' ’

If the friction torques Ty, and Ty; are zero too, the ratio of output torques is equal
to the ratio of ring and sun gear radii (Tw1/T,, = 77/r;). This formula shows that
a differential of that type cannot have symmetric torque splitting (y; = 2) since
the diameter of the ring gear must always be greater than the sun gear’s diameter.
With <1 and 1, as defined in Equation (3.29) the angular velocity of planet carrier
and input shaft can be determined if the angular velocities of the output shafts are
given

Wai = NWho1 + V2Wio2- (3.31)

3.6.3 Summary

Both types of differential gears can be described by two differential equations:
Equation (3.16) and Equation (3.17) for the bevel gear type and Equation (3.25) and
Equation (3.26) for the planetary gear type. Each set of differential equations can
also be formulated using a common vector-matrix-notation

d wdi} (bll b1z b13) i (kn k12> [le}
— = Tao1| — , .
dt {wg byr by bos Td01 ko1 kaz ) | Tasi (3:32)
do2
where wj3 stands for the angular velocity of the differential bevel pinion w3, for the

bevel gear differential or for the angular velocity of the planets w3, for the epicyclic
differential. The angular velocities of the output axles can then be determined

according to

Waor| _ (€11 €121} |Wai

[wdoj (021 sz) {ws} ' (333)
The resulting model structure is shown in Figure 3.11: based on the system inputs
Tii, Th01, and Ty, the system outputs wy;, wy1, and wy,p are determined.
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Figure 3.11: Differential gear model structure.

Until now the friction torques Ty and Ty have just been introduced to consider
losses and limited-slip functionality in general, but nearly no information has been
given how these torques have to be chosen. The friction torque T; was introduced
to account for losses in the differential gear; thus assuming that it depends on
the angular velocity of the input shaft wy; is obvious. Available experimental data
showed that in addition to wy; the input torque Tj; should be considered too:

Ta(wai) = (Tao + karr | Tai]) sgn (wai) + Koy (3-34)

The coefficients Ty, kg7, and kg, can be identified from experimental data. The
friction torque Ty, provides for limited-slip functionality and should therefore
depend on the angular velocity w3, of the differential bevel pinion for the bevel
gear set and on the angular velocity ws, of the planets for epicyclic differential.
Since both of these angular velocities were labelled w3, a general dependence on
this state variable can be formulated. The maximum locking friction may consist of
a constant torque Tj,9 depending just on the sign of w3, another portion depending
on the input torque Ty and the sign of w3, and a third linear part depending on
the angular velocity w3 only (see also [68])

Tys1(ws) = (Tysio + kasi | Tai]) sgn (w3) + kasiwws. (3-35)

These friction coefficients are determined by the differential’s mechanical structure
and especially the ratio of load dependent and load independent friction torque
is important for the limited-slip differential’s influence on vehicle dynamics. The
torque offset’s dependency on input torque and angular velocity w3 does not have
to be necessarily linear, but often this assumption leads to satisfying results. If
Equation (3.35) is not sufficient, a non-linear dependency on w3 may be included
by adding the term kg1, | Tai| fw (w3) to Equation (3.35).

Using the state variables chosen in Section 3.6.1 and Section 3.6.2 has proven to
be beneficial as then the friction torque Ty just depends on wy; while the friction
torque T;5; depends on w3 only. This is comfortable for simulation, as will be seen
in Section 4.2.2 where a simulation strategy for the dynamic differential model,
capable of handling both friction torques and potential reductions of dynamic
dimension correctly, is given.
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3.7 Transmission

In almost all vehicles driven by an ICE a gearbox is part of the power train, only
electric vehicles may get along without a transmission. The problems related to the
working principle of the ICE such as no torque production at zero speed, a narrow
speed range for maximum power, and the efficiency very much depending on its
operating point make the gearbox and eventually a clutch necessary. Its key role is
to transmit the mechanical power from the engine to the driven wheels in every
possible situation as e.g. at low as well as at high speed, in reverse, or when starting
from rest [7, 69, 72]. In consequence, the transmission’s main task is to change the
ratio of engine and wheel speed to operate the engine at the rotational speeds it
is supposed to. Often the engine crankshaft rotates faster than the differential’s
input shaft; therefore, in many driving situations rotational speed is reduced by the
gearbox while the torque is increased. Additionally, disconnecting the engine from
the rest of the driveline when the car is at standstill with engine running must be
possible; this may be realised within the gearbox or by an additional clutch.

Over the years many different transmission types have been presented; while
early ones were mainly manually actuated, nowadays more and more automated
gearboxes are used. In the field of automotive testing the automated transmission
is probably more relevant than the manual one as it is more complex and therefore
more testing is required. From a test bed modelling point of view the gearbox
is the most complex part of the driveline. The wide variety of different types
and concepts makes this task even more challenging. For this reason, simplified
transmission models that can easily be adapted depending on the gearbox that
shall be modelled are highly appreciated. To be able to assess possible drawbacks
of these modelling simplifications, a more detailed model will be derived for one
exemplary transmission (automatic transmission) that can then be compared in
simulations to the simplified models. For more details on gearboxes see e.g. [43, 62,

68, 69, 73-75].

3.7.1 Automatic Transmission

An automated transmission frees the driver from shifting the gears manually;
instead, the gear shifts are actuated automatically. Common types of automated
transmissions are the classic automatic transmission (AT), the dual-clutch trans-
mission (DCT), and the continuously variable transmission (CVT); the latter two
shall not be considered any further in this work. The term automatic transmission is
usually used to refer to a combination of a torque converter with a subsequent gear
set based on epicyclic gears [7, 69]. The torque converter is a hydrokinetic device
that is used to transfer the torque generated by the engine to the gear sets and
consequently replaces the friction clutch. A subsequent combination of planetary
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gear sets, clutches, and brakes is forming the gear train responsible for providing
the different gear ratios. The clutches and brakes required to change the gear ratio
are actuated by a hydraulic system and controlled by an ECU. This structure allows
to to perform gear shifts without power interruption (powershifts) [72].

Over time manufacturers presented different automatic transmissions based on
various combinations of gear sets and friction elements resulting in a different num-
ber of gears, see e.g. [76—79]. As an example, a nine-speed automatic transmission
recently presented by Daimler is shown in Figure 3.12 and will be further discussed.
In addition to the torque converter, this transmission is based on four planetary

A Ly

Converter c
LT =
'_JTET | 0|
B EE
4 Planetary gear sets — s 2 — — -

Figure 3.12: 9G-Tronic automatic transmission [76].

gear sets. Three clutches (D, E, F) and three brakes (A, B, C) are used to change
the gear ratio. As can be seen from Table 3.1, in every gear but neutral (N) three
friction elements are engaged while the remaining clutches respectively brakes
are disengaged. When the gear is changed, an engaged friction element must be
disengaged while another previously disengaged element is engaged. This means
that in addition to gear shifts to neighbouring gears, as e.g. from first to second
gear, also direct multiple gear shifts, as e.g. from third to first gear, are possible. To
provide gear shifts without power interruption, so-called overlapping gear shifts
are performed. Here the new friction element starts to engage before the old one is
completely disengaged resulting in slipping in both friction elements for a short
time interval.

Furthermore, in Table 3.1 the total gear ratios are summarised; these can be calcu-
lated based on the individual gear ratios of the single epicyclic gear sets

Qi = ? for i€ {1,234}, (3-36)
si
where r,; is the ring gear radius and r;; is the sun gear radius of the planetary gear

set i.

The typical modelling approach for ATs is to derive mathematical models for torque
converter and gear train individually and then combine these two sub-models, see

e.g. [38, 41, 43, 70].
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Table 3.1: Shifting table Daimler 9G-Tronic.

Gear x Br}aske C D Ch]lEtCh Gear ratio
R X X X —splte)l 493
X X 0.000
1 X X X mie)is) - 5505
2 X X 1+gs 3.333
3 X X Ul 2315
s X X X s 1.661
5 X X 7 1.211
6 X X 1 1.000
7 X X X wﬁﬁ 0.865
8 X X X e 0.717
9 X X X Toleetoon 0601

Torque Converter Model

The torque converter is a fluid coupling that is used to transfer mechanical power
from the engine to the input of the subsequent gear set. It typically consists of
three principal elements: the pump’s impeller which is driven by the engine, the
turbine which drives the gear set, and the stator that is placed between impeller and
turbine, see Figure 3.13. The key characteristic of a torque converter is that it allows
the ICE to run faster than the subsequent gear set. This implies that the turbine
runs slower than the impeller and leads to a multiplication of the engine torque.
This is possible because of the stator and is particularly beneficial when starting
from rest. Another important advantage is the damping of engine torque pulsations.
The detailed operational principle can be found in [69] and [74]. Because of losses
associated with the working principle of the torque converter (slip is necessary
for torque transmission), an additional lock-up clutch is used to temporarily link
impeller and turbine mechanically. This allows to avoid the torque converter slip
and thus power losses.

In literature many models for torque converters were proposed, see e.g. [38, 41, 43,
70, 80]. For simplicity, often static models based on stationary maps are used to
model the torque converter’s behaviour. These maps are functions of the ratio of
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Figure 3.13: Torque converter cross section [74].

turbine speed w; and pump speed wy,

Wt

V= (3-37)

@p
The torque converter’s most important characteristic is the ratio of turbine torque
Tt and pump torque T

T}
p
which is, as can be seen in Figure 3.14, dependent on the speed ratio v. The pump
3 300
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Figure 3.14: Exemplary characteristic torque converter maps.
torque absorbed by the impeller is typically modelled as
2
w
p
Tp = (w_) Tpe (v), (3.39)
pc

where wy is a constant reference angular velocity and Tj is the pump torque
at this rotational speed, see also [41]. Figure 3.14 shows this pump curve for a
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reference speed of 2000 rpm; the pump torque obviously depends on the speed
ratio v too. To finalise the model for the torque converter, the lock-up clutch has
to be considered as well. For that purpose the model of a friction clutch already
given in Section 3.5 can be used, and only the pump and turbine torque have to be
added; this is shown in Figure 3.15. For this system the differential equations for

Tc
> wp
T Clutch
1
(,L)p Wt _>{‘?*—> dyna_
T T; Ty mics wr
T T
S 2 T, |
T, hydrokin.
T li
(a) Simplified torque converter model. p_{cOUping |

(b) Torque converter model structure.

Figure 3.15: Torque converter modelling.

pump speed w)

dw,
and turbine speed w;
dwt
It? = TC —+ Tt — T2 (341)

can then easily be determined. I; and I, are the moments of inertia of turbine
respectively impeller. T; is the friction torque generated by the lock-up clutch. T;
is the input torque typically coming from the ICE and T is the torque converter’s
output torque. Pump torque T, and turbine torque T; can be determined according
to Equation (3.39) and Equation (3.38) respectively. The simulation problem can
then easily be reduced to the clutch simulation problem with modified input and
output torque.

Gear Set Model

In Figure 3.16 the gear set of the 9gG-tronic automatic transmission is shown in more
detail. It essentially consists of planetary gear sets, clutches, brakes, and connections
linking these elements. ‘R’, ‘C’, and ‘S’ denote ring gear, planet carrier, and sun gear
of the epicyclic gear set. Due to the complexity of the gearbox, it is time-consuming
to determine a mathematical model describing the dynamics of the entire system.
If the moments of inertia of the epicyclic gears are considered and the mechanical
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Figure 3.16: 9gG-Tronic gear set.

connections within the gear set are assumed to be torsionally rigid, a mathematical

model of the form

dx
i Ax+ Bu — KTy, (3.42)

has to be determined. The state vector x contains the relevant angular velocities,
A is the dynamic matrix, the input vector u contains the gear set’s input torque
and output torque, B is the input matrix, Ty, is a vector containing the torques
of the six friction elements (clutches and brakes), and K is a matrix determining
how these friction torques are taking effect. This approach is used in [40], but for
a significantly simpler gearbox layout and by the use of some simplifications. In
addition to the modelling issues, this approach is also problematic for simulation as
the transmission model given by Equation (3.42) is a VDDS and a special simulation
strategy would be required.

However, if the internal connections within the gear set are assumed to be at least
slightly torsionally flexible, several less complex sub-models can be used instead
of one global mathematical model. These sub-models are the planetary gear sets,
clutches, and brakes. These are modelled as dynamic systems with torques as input
variables and angular velocities as system outputs. The required connections can
then be realised via shaft models; these have angular velocities as system inputs and
torques as outputs, see Section 3.3. One further advantage of this strategy is that if
another gearbox layout has to be modelled, not an entire new modelling process is
necessary since just some components have to be modified or exchanged.

Modular Transmission Modelling Approach

This alternative approach based on modelling the individual transmission com-
ponents independently and then linking them together was previously used in e.g.
[81] and [38]. This concept shall be briefly explained on the basis of the mechanical
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system shown in Figure 3.17. This system consists of a clutch and two further

Ty, wy Wei  Weo Tp, w>
/ Ici Ico \
Shaft 1 T. Shaft 2
(stiff) (flexible)

Figure 3.17: Modular modelling approach, exemplary modelling problem.

rotating bodies with inertias I; and I. These three components are linked via
two mechanical shafts. While shaft 1 connecting clutch and body I; is assumed
to be torsionally stiff, shaft 2 connecting clutch and body I is flexible with stiff-
ness parameter cs and internal damping dg,. Consequently, the set of differential
equations

dw dw,;
(Il + Icz) d_tl = (Il Icz) Tﬂ =T - T¢
dw
Ico dtco - Tc TsZ
de
IZF =T+ T (3-43)
d
d
2 -
with shaft torque
Tso = dsp (Weo — w2) + Cs2 (Peo — P2) (3-44)

describes the system dynamics. Because of the torsionally stiff shaft, the two bodies
with inertias I; and I; must have the same angular velocity; w; and w,; are therefore
identical.

If shaft 1 is also assumed to be torsionally flexible with parameters c; and d;;, the
system shown in Figure 3.18 results. Then the differential equations

Ty, wy Wei  Weo T, wy

(D

Figure 3.18: Modular modelling approach, idea.
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dw
h =T - Ta
dw,;
Ici?a = 1s1 _Tc
Tci
dw
Ico dtco - Tc _ T52
e (3-45)
dw
Izd—t2 =T+ Ty
do . dgco .
dt Ccls dt co
% = wy fork € {1,2}
with shaft torques
T = ds1 (W1 — Wei) + Cs1 (@1 — @) (3.46a)
Tso =dg (wco - WZ) + Cs2 (roo - §02) (3.46b)

describe the system dynamics. Since the number of differential equations and
consequently the system order is increased, this approach seems to be more complex.
However, as presented in Figure 3.19, now the mechanical system can be composed
of sub-models that were already identified before. The clutch model was determined
in Section 3.5; input and output torque for the clutch model are outputs signals
of the shaft models that were discussed in Section 3.3 and labelled T,; and T, in
System (3.45). The two rotating bodies can be described as was the rotor inertia in
Section 3.2; the interactions with the rest of the mechanical system are again given
by the shaft torques Ts; and Ts; defined in Equation (3.46). The shaft torques can
easily be determined based on the angular velocity of the rotating bodies.

L N o
Rot. dy- | W1 N ci Ty
T namics ~ T.: Clutch >
: S:;rfrtﬁig L e dyna- Shaft dy- Rot. dy- |w>
L) T mics Weo N namics | T,y T namics

Figure 3.19: Modular modelling approach, result.

These two different modelling approaches resulting in the dynamic systems de-
scribed by Equations (3.43) respectively Equations (3.45) were implemented within
the Matlab®/Simulink® software environment. Then a numerical simulation using
a variable step size solver (‘ode45’) with the system parameters given in Table 3.2
was performed.
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Table 3.2: Mechanical system parameters for exemplary modular modelling problem.

Parameter Value Unit
L 1.0 kg m?
I 2.0 kg m?
L, Ieo 0.1 kg m?
Cs1 500 kN m /rad
Cs2 5 kN m/rad
dsq 10 Nms/rad
dsp 3 Nms/rad

The results of this simulation are presented in Figure 3.20. The system inputs Tj

400
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=
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I n, mod. | |

Rot. speed error ¢, (rpm)

Time ¢ (s)

Figure 3.20: Modular modelling approach, comparison of simulation results with the ori-
ginal model and results obtained by the use of the modular approach.

and T, were set to 100N m from t = 0.2s to t = 0.75s; otherwise these torques
were zero. Since the clutch was disengaged at the beginning of the simulation,
the two inertias are accelerated to different rotational speeds. At t = 0.5s the
clutch was engaged by increasing the torque T, to 200 N m. Thereby the two clutch
disks are synchronised. In the upper plot of Figure 3.20 the rotational speed
of body I; calculated according to Equations (3.43) is given in blue while the
rotational speed of body I is given in black. The results for the modular modelling
approach are given in red and green respectively. In the second plot the difference
in rotational speeds due to the different mathematical models is shown. As cs; was



46 CHAPTER 3 PLANT MODELLING

chosen big enough, both simulations yield similar results. The additional flexible
coupling increases the dynamic dimension of the system and leads to a second
eigenfrequency; this can be seen in the error signal of the rotational speed 1, but as
it is sufficiently damped, this oscillation decays fast. The lower plot shows that the
tirst eigenmode is slightly different too, but this discrepancy is negligible compared
to other modelling and parameter uncertainties typically complicating numerical
simulations of transmission systems.

This modular modelling and simulation approach clearly has drawbacks such as an
increase in dynamic dimension, potentially the need for a small simulation step size
because of high torsional stiffness parameters, and the required choice of additional
shaft parameters, see also [81] and [38]. However, variable step size solvers and
powerful processor systems overcome the numerical simulation problems and the
choice of shaft parameters is often uncritical. The benefit is a significant reduction
of modelling effort; therefore, this approach shall be used to model the internals
of the gear stage within the AT. A model for a friction clutch was presented in
Section 3.5; this model can also be used to model a brake. Torsionally flexible
mechanical connections and suitable models were discussed in Section 3.3. The
model for the planetary gear set can be based on the results from Section 3.6.2
where the epicyclic differential gear was discussed.

Planetary Gear Set

In Section 3.6.2 a mathematical model for a differential based on the planetary
gear set was derived. This set of equations can also be used to model the planetary
gear set within the AT; just the slip-limiting torque Ty, has to be set to zero. If for
simplicity additionally losses are neglected (T, = 0), the differential equations for
the angular velocity of the planet carrier

~ Isr%, I,,r%, Isr%, Irr%,
dt D,
(3-47)

and for the angular velocity of the planet gears

7

dwpp oy (ISTZ B Ir%) Ty @;_p + I3 + 14—’:) — Tsp (Tcrr—p + L2+ Ir%)
dt D,

(3:48)
with

Yy s

(T oo\ v T
DC — IC Irr_z + Isr_z + Ip + IYIS I + I + Irlp + Islp (3.49)
r S
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can be used to model the dynamics of the planetary gear set. The angular velocities
of sun gear wsy and ring gear wy,, are

Wrp = Wep + —’:wpp (3.50a)

Wsp = Wep — r—pwpp. (3.50b)
S

This set of equations describes the dynamics of the planetary gear set; the resulting
model structure is presented in Figure 3.21. T¢, and wp are torque and angular
velocity related to the planet carrier, Ty, and wy, belong to the ring gear while
Tsp and ws), are related to the sun gear. In contrast to Section 3.6.2 where positive
torques applied to sun and ring gear were acting in a way that those gears were
slowed down, here positive torques T, and T}, act accelerative.

Tcp Wep
—> —>
T Planetary
w
rp gear set p
dyna-

Tsp mics | wsp
—_— —

Figure 3.21: Planetary gear set model structure.

Finally, a model for the automatic transmission’s gear set as shown in Figure 3.16
can be obtained by combining models for planetary gear sets, clutches, brakes,
and flexible shafts. The results of numerical simulations based on this model
are presented in Section 4.3. Together with the model for the torque converter a
mathematical model for the AT can be formed.

3.7.2 Simplified Models

As the mathematical model for the automatic transmission’s gear set depicted in
Figure 3.16 is rather complex and requires many system parameters to be known
or identified, often simplified models are demanded as well. These cannot cover
all the details, but provide an easy to use and simple alternative. In addition to
the AT, these models should also be suitable for numerical simulations of other
transmission types. Therefore, the torque converter uniquely used in ATs shall not
be considered. When the complete automatic transmission system is to be simulated,
the torque converter model only has to be added to the simplified transmission

models presented below as for a manual transmission an additional friction clutch
might be added.
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In Figure 3.22a a very simple gearbox model, which essentially consists of a clutch
and a gear ratio, is presented. The gear stage and the clutch disks are assumed to
be inertia-free; the transmission’s moment of inertia is represented by the input
inertia Io;; and output inertia Igp,. igp is the transmission ratio of the gear stage

i
Zgb O
gbi
T. Trans- [—>
T, mission
“gbi ' dyna- Wabo
Tg bo mics [—>

(b) Simplified gearbox model

(a) Simplified gearbox model, approach 1. structure, approach 1.

Figure 3.22: Simplified gearbox modelling, approach L.

while T is the clutch torque. Tgp,; and Ty, are input and output torque, wgy,; and
wepo are the angular velocities of gearbox input and output. Since there are no
flexible couplings within the mechanical system, a second order dynamic system is
sufficient to model the dynamics:

dwgbi

Iopi—g,— = Toni — Tc (3.51a)
dw b .

Igbo% = lgpTc — Topo (3.51b)

As in Section 3.5, the clutch torque T is a function of the relative angular velocity
of the clutch disks

T.=T¢ (wgbi - igbwgbo) . (3-52)

The resulting model structure is shown in Figure 3.22b; besides the input and output
torque also the clutch torque T; and the transmission ratio iy, are system inputs.
A gear shift can be realised by disengaging the clutch, changing the transmission
ratio from its initial value to the transmission ratio related to the next gear, and
finally engaging the clutch again.

The shifting table for the AT presented in Section 3.7.1 however shows that a
typical gear shift involves two friction elements. These two elements are essential
for gear shifts without power interruption. Since the above model is based on just
one friction clutch, its use is limited to modelling manual transmissions where
gear shifts are non-overlapping. Therefore, in Figure 3.23a a second simplified
gearbox model with two friction clutches and two gear stages capable of handling
overlapping gear shifts is presented [82]. This system resembles a DCT, but can
also be used to model the gear set within the AT. The transmission gears and the
clutch disks are assumed to be inertia-free for modelling; the moment of inertia of
the transmission is represented by the input inertia Io;; and by the output inertia
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Figure 3.23: Simplified gearbox modelling, approach II.

Lopo- Tgpi and Ty, are input respectively output torque while wg,; and wgy, are the
angular velocities of gearbox input and output. Since there are no flexible couplings
within the mechanical system, as before, two state variables are sufficient to model

the dynamics:

dwgbi

Lopi—g— = Tgvi = Ter — Tz (3-53a)
dwgbo . .

Igbo? = lgp1Te1 +igpaTer — Tgpo (3-53b)

As in Section 3.5, the clutch torques T;; and T, are functions of the relative velocities
of the clutch disks

Tcl = Tcl (wgbi - igblwgbo) (3-543)
T =To (wgbi - igbZngo) . (3.54b)

igp1 and igy are the two transmission ratios involved in the gear shift: one is the
current gear ratio while the other is the gear ratio after the gear shift. The resulting
model structure is shown in Figure 3.23b. As in Figure 3.22b, input and output
torque are system inputs; additionally, the two clutch torques can be specified. The
transmission ratios ig1 and iy can be classified as system inputs as well, but these
must be fixed before the gear shift.

These models with different complexity shall be assessed by the use of numerical
simulations, these results are presented in Chapter 4. The simulation strategies
required for correctly handling engaged and disengaged clutches are presented
before the simulation results in Section 4.2.1 and Section 4.2.2.
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3.8 Case Study I: Test System for Differential Gears

The modular modelling strategy based on combining various subsystems that were
discussed earlier in this chapter is demonstrated on the basis of three different test
bed configurations. The first example is a test system for differentials equipped
with three IMs as presented in Figure 3.24. This test bed can be used to test a wide

Differential

______________ Electric Electric |5
D C motor 2 motor 3 Q-
IGBT IGBT
stage 2 = stage 3
4 [ il I T L
\ 2 2N 7

Referencg’ Real-time
i control

Figure 3.24: Test system for differentials with KS R2R frequency converters.

variety of differential gears, which can be axle or centre differentials, passive or
electronically controlled, and possibly slip-limiting. Typically, three electric drives
are needed to perform the required tests: machine M1 provides the testing torque to
emulate the vehicle’s combustion engine and transmission while machines M2 and
M3 are used to generate the mechanical loads. The electric drives and the UUT are
coupled via double cardan shafts. Each of the three IMs is equipped with a torque
flange to measure the shaft torque and with an incremental encoder to measure the
machine’s rotational speed. A real-time control system is used to perform speed
and torque control as well as to control the electric drives via FOC.

In Figure 3.25 the structure of the model used for numerical simulations of the test
bed discussed in this section is shown in a graphical representation. The modular
system structure is obvious. In addition to the model for the limited-slip differential,
the mechanical system consists of several blocks for describing rotational dynamics
interconnected by shaft models. As mentioned earlier, the mechanical shafts are
assumed to be inertia-free; therefore, their moments of inertia have to be added to
the other inertias in the system. The cardan shaft models are characterised by their
torsional elasticities cg1, cs2, cs3 and their internal dampings ds1, dsp, ds3. According
to Section 3.3, also a backlash gap can be specified for each shaft if necessary. The
cardan shafts” backlash gaps 01, 0512, and 03 include also the gear play in the
UUT. The IMs are represented in the mechanical system by their rotor inertias I,
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Figure 3.25: Test system for differentials, model structure.

I, and Iy3. A combination of an elastic coupling with elasticity cf; and damping
dsy and an inertia I¢; is used to model the torsional dynamics of the torque sensor
attached to machine Mz. The torsional flexibility within the torque measuring flange
is directly related to its measuring principle based on the twist of a torsion element
as described in Section 2.3.1. These torque flange modelling components also have
to be included for the drives M2 and M3 with their individual parameters Iy, ¢y,
dgr and Ig3, cr3, d g3 respectively. These parameters are not necessarily identical as
different torque transducers and various further adapter flanges might be used. Due
to these additional torsional dynamics, three extra eigenfrequencies are introduced
within the mechanical system.

The UUT could be any type of differential; to be able to finally compare measure-
ment data and simulation results, a specific differential gear must be chosen for
modelling and simulation. Because of the modular modelling approach, a change
of the UUT would only require to modify the differential’s system model. Since
the UUT considered here is a symmetric limited-slip bevel gear axle differential,
Equation (3.16) and Equation (3.17) can be used to model its dynamics. Due to the
symmetric structure, the number of system parameters can be reduced as I} = I,
and 71 = rp hold. As shown in Appendix C, then the more compact Differential
equations (C.13) and (C.14) can be used to model the differential’s dynamics and
only the two moments of inertia I;; and I3, need to be known. These can be identi-
tied by the use of experiments on the test bed. Even the ratio 73/r, is not required
to be known since it is only a scaling parameter for the slip limiting torque Tj.
The differential under test considered here showed a dependency of the locking
friction torque Ty5 on the angular position of the differential bevel pinion; as a
consequence, Equation (3.35) was altered by adding a dependency on the integral of
the differential bevel pinion’s angular velocity ws. Furthermore, the locking friction
torque’s dependency on w3 was not exactly linear; for this reason, the non-linear
component f,,, mentioned in Section 3.6.3 for modelling T, was a linear function
of angular velocity for small w3 and constant otherwise (saturation function). The
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differential gear considered here is a passive system; therefore, its behaviour cannot
be changed during the test-runs.

Since the test bed shown Figure 3.24 is equipped with the KS R2R frequency
converter, the electrical subsystems can be modelled in great detail. The IMs
are modelled using the fundamental wave model given by System (A.16) where
the system outputs are the air-gap torques Tpe1, Thgo, and Tpe3 and the phase
currents needed for control. FOC is represented by the discrete time control scheme
presented in Figure A.2. The control system is completed by superordinate discrete
time PI controllers for rotational speed and torque as shown in Figure 2.5b.

In Appendix C the differential equations describing the dynamics of the mechanical
system shown in Figure 3.25 are summarised. The complete mathematical system
model including the IMs and FOC cannot be specified as parts of the inverter
control functionality are confidential.

3.9 Case Study llI: Test System for Differential Gears
with Adapter Gearboxes

The second modelling and simulation example is the test system that was presented
in Figure 3.1 in Section 3.1. This test bed closely resembles the testing solution for
differentials presented in Figure 3.24 that was previously discussed; the essential
difference are three downspeed gearboxes. These are used to increase the torque
by reducing the rotational speed to reach the required testing conditions (total
load torque up to 60 kN m). The adapter gearbox was already modelled before in
Section 3.4; consequently, these new additional gearbox models only have to be
included in the model structure presented before in Figure 3.25. This leads to the
final model as shown in Figure 3.26.

The new gearboxes are characterised by their transmission ratios igp1, igp2, and
igp3 and by their moments of inertia Igp1, lopn, and Igps. As seen in Section 3.4, the
moments of inertia of the gearboxes can be specified for the high- or the low-speed
side; here the parameters for the high-speed side are given. Double cardan shafts
are used to couple the gearboxes to the rest of the mechanical system; these can be
modelled using elastic shaft models with their individual parameters for elasticity
and internal damping.? Since again KS R2R frequency converters are used, the
remaining model structure does not have to be changed, only system parameters
must be adjusted. This holds for the UUT as well; although here a rear axle truck

2Since all backlash phenomena are assumed to be covered by the backlash gaps specified for
the cardan shafts connecting gear boxes and differential, no backlash gap needs to be given for the
remaining shafts.
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Figure 3.26: Test system for differentials with adapter gearboxes to increase testing torque,
model structure.

differential designed for much higher torques is tested, the same model as before
can be used.

3.10 Case Study lll: Test System for Transmissions

The final modelling example is a test system for transmissions as presented in
Figure 3.2 in Section 3.1. Here just two electric machines are needed to perform
the testing. The input drive M1 provides the testing torque while the output drive
M2 is again used to generate the mechanical loads that would come from the road
in a real world driving experiment. The UUT could be any type of transmission,
automatic as well as manually actuated. In this modelling and simulation example,
a testing scenario for an AT is assumed. A graphical representation of the resulting
system model used for simulation is presented in Figure 3.27. The model structure
is similar to the two examples previously presented. Both IMs are represented in
the mechanical system by their individual rotor inertias I,,,; and I,;». The torque
measuring flanges are again modelled as a combination of the moment of inertias
If; and Iy, and their internal elastic couplings with parameters cfy, dfy and ¢y, d
respectively. The mechanical connections to the UUT are modelled as torsionally
flexible shafts with parameters cs1, ds1, 01 and csp, dsp, Oppp. Since instead of the KS
R2R inverter a conventional inverter system is used in this application, a detailed
modelling of inverter and IM as before is not possible. The inverter’s internal control
algorithms are unknown; therefore, a simplified model containing dead-time and
tirst-order low-pass dynamics as discussed in Section 3.2 is used. As common for
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Figure 3.27: Test system for transmissions, model structure.

these testing situations, the input drive is operated in torque control mode while
the load drive is speed controlled.

In contrast to the differential gear, the AT changes its behaviour over time as e.g.
gear shifts occur. On the test bed the transmission actuation required to perform a
gear shift is carried out by a superimposed test bed control system. For simulation
the simplified gearbox model presented in Figure 3.23 in combination with the
torque converter model from Section 3.7.1 is used; these are capable of describing
the transmission system for stationary gear and for gear shifts. The actuation signal
for the torque converter model is the lock-up clutch torque while the gearbox model
requires the two clutch torques and transmission ratios to be known.

3.11 Parameter ldentification

The simulation models presented previously are rather complex, this directly
results in a high number of system parameters. These parameters have to be
identified before simulation. The parameters required to simulate the IMs are
typically identified during the test bed commissioning process. The parameters
used within FOC are user-defined and therefore known as well. The mechanical
system parameters such as inertias, torsional shaft stiffness, and internal damping
can be gathered from various sources: The inertias of the electric machines are
frequently known from the motor data sheets or from the test bed commissioning
process. The torque measuring flanges” parameters are usually given in the data
sheet. Parameters for shafts and adapter flanges can often be determined based on
their geometric dimensions and given material properties.

After using all this information typically some uncertainty remains. To finally
tune the parameters of the mechanical system, it is usually inevitable to analyse
measurement data from the test bed. As the mechanical system mostly shows
low internal damping, torsional vibrations due to resonance phenomena are a
permanent problem on these test systems. Therefore, correctly simulating these
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torsional vibrations is essential. To be able to match the torsional vibration modes
within the simulation model to the critical frequencies of the test bed, suitable
experiments have to be performed. Two different types of experiments and identi-
fication procedures have proven to be practical. One possible approach is to apply
a chirp signal to one or more actuators and to analyse the torques measured by the
torque sensors; this strategy was also used in [26], but for a significantly simpler
system. This experiment was performed on a test bed for differentials as shown in
Figure 3.24. The reference for the air-gap torque of the input drive M1 was chosen
as

t
Toq ref. () = 500N 'm + 100 N msin (27( / fexc(r)dr) (3.55)
0

with f,yc increasing linearly over time from 0 Hz to 1000 Hz in 100s. The 500 N m
torque offset is practical to avoid parasitic phenomena caused by gear play. In
Figure 3.28 a characteristic system response is shown. The sign of the measured
torques Ty, and Ty3 was changed for clarity. This plot is dominated by a low
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Figure 3.28: Experimental system identification for a test bed for differential gears with
chirp signal, torques measured at the electric drives.

frequency resonance peak visible in the torque measured at the input and the
output drives. Additional higher resonances occur partially in all measurement
signals or only at the input or only at the output drives. This frequency response can
be used to finally tune the system parameters by comparing measurement data and
simulation results. Additionally, the number of relevant resonance peaks determines
the number of flexible shaft couplings required in the mechanical system model.
Another popular method for the identification of relevant resonant frequencies,
and for analysing rotating mechanical systems in general is the use of Campbell
diagrams, see e.g. [83-85]. Instead of using chirp signals this method is often based
on rotational speed ramps.



56 CHAPTER 3 PLANT MODELLING

3.12 Torsional Vibration Analysis

Since torsional vibrations are critical on power train test systems, a modal analysis
for the test bed for differential gears shown in Figure 3.24 is performed. The non-
linear differential equations describing the mechanics of the test bed are given
in Appendix C. It is shown that by the use of some simplifications, linear time-
invariant (LTI) system models can be derived. This results in a model describing
the test bed with a locking differential as UUT and another model for a test bed
with an open differential without any slip-limiting functionality as UUT. These
linear system models can be used to calculate the modal analysis. By computing
the eigenvalues of the dynamic matrix the eigenfrequencies of the system are de-
termined; the eigenvectors give information about the vibrational behaviour at those
eigenfrequencies [55, 86]. Since the system is modelled by a set of first-order dif-
ferential equations with angular velocities and angular positions as state variables,
each eigenvector contains the information of the modal form twice: The eigenvector
components for angular velocity are equal to the eigenvector components for an-
gular position times the corresponding eigenvalue. The results of a numerically
calculated modal analysis for the test bed with a locking differential are depicted
in Figure 3.29.3 The rotating bodies are labelled with their individual moment of
inertia according to Figure 3.25. As stated in Appendix C, the differential gear is
characterised by its overall moment of inertia I;; relating to the input shaft. In each
sub-plot a single eigenmode is discussed by depicting the elements of the relevant
eigenvector qualitatively. In Figure 3.29a the rigid body mode is shown; here all the
inertias rotate in phase. Due to the transmission ratio of the differential gear, the
eigenvector elements related to the differential’s outputs are smaller. In Figure 3.29b
the first non-zero eigenmode is shown; here the two output drives clearly oscillate
against each other. This can be identified by the opposite sign of the eigenvector
entries relevant for load drive M2 respectively load drive M3. The eigenmode at
21.9 Hz depicted in Figure 3.29c is often problematic, here the input drive oscillates
against the two load drives. The next eigenmode shown in Figure 3.29d is char-
acterised by the fact that the UUT oscillates against the three electric drives. The
eigenmodes related to the torque measuring flanges are presented in Figure 3.29e,
Figure 3.29f, and Figure 3.29g. These oscillation modes strongly affect the torque
measurement signals.

The results of a numerically calculated modal analysis for the test bed with an
open differential are depicted in Figure 3.30. These plots show some similarities
with the results discussed above; however, some aspects are different. Since here

3For the modal analysis a characteristic parameter set for this type of test bed was used, see
Table C.1. As internal shaft damping coefficients are typically low, negligible damping was assumed
for the modal analysis. Then eigenmodes are called ‘real” and the bodies move in a way that they all
reach their maximum or minimum positions at the same point in time [86]. This allows a simple
two-dimensional visualisation.
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the differential’s output axles can have different angular velocities, an extra degree
of freedom is introduced. For a convenient visualisation this extra system state
is not shown directly. Instead, the behaviour of the two output axles labelled 1;,;
and Iy, is analysed. Rigid body modes are presented in Figure 3.30a; contrary
to above no unique modal form exists for this problem setting. Because of the
open differential’s behaviour, the angular velocities of the two output axles can
be arbitrary as long as their average speed matches the angular velocity of the
differential’s input scaled by the inverse of transmission ratio iy. In Figure 3.30b
the eigenmode where the input drive oscillates against the load drives is shown.
The eigenmode presented in Figure 3.30d is characterised by the fact that the
UUT oscillates against the electric drives. These two figures are very similar to
Figure 3.29c and Figure 3.29d. This implies that these two oscillation modes are
hardly affected by the type of differential gear that is tested. The eigenmodes
related to the torque sensors are presented in Figure 3.30e, Figure 3.30f, and
Figure 3.30g; these are again similar to the torque flange related oscillation modes
from Figure 3.29. Only the eigenfrequencies are slightly different. In Figure 3.30c an
eigenmode that is new compared to Figure 3.29 is shown. This new oscillation mode
is characterised by strong torsional vibrations of the two outputs of the differential
gear against each other, which is due to the behaviour of the open differential gear.
This mode cannot occur with the locking differential discussed above. As shown
in Figure 3.29b, with an locking differential the load drives would rather oscillate
against each other.

The torsional vibration modes shown in Figure 3.29 and Figure 3.30 are characteristic
for the power train test beds discussed in this work. Also other realistic parameter
settings lead to similar results. The fact that most oscillation modes are nearly
independent on the type of differential gear that is tested allows to design universal
controllers for varying UUTs. Even different testing topologies typically show these
phenomena with electric drives oscillating against each other or the UUT oscillating
against some electric drives.
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Figure 3.29: Modal analysis of a test bed for differential gears with a locking differential as
UUT.
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Figure 3.30: Modal analysis of a test bed for differential gears with an open differential as
UUT.






Chapter 4

Simulation

The numerical simulations of power train test systems that are needed during
the controller design process are based on the mathematical models presented
in Chapter 3. These simulations are done using the Matlab® /Simulink® software
environment. Consequently, the differential equations describing the test bed com-
ponents that were derived in Chapter 3 must be implemented. However, since some
of the discussed mechanical systems contain friction elements, a direct implement-
ation is not advisable. Due to static and Coulomb friction torques, the dynamic
dimension of these systems can change over time. In literature a system with this
property is called a variable dynamic dimension system (VDDS) [42]. A typical example
is the clutch; if the clutch torque is zero, the two clutch disks rotate independently
from each other. As two moments of inertia rotate at their individual angular
velocities, the system order is obviously two. If the clutch torque is increased, the
difference in angular velocities will decrease, but because the angular velocities are
still different, the system order remains two. When the clutch is finally completely
engaged, the two clutch disks are forced to the same angular velocity; therefore,
the system order is now reduced to one. For simulation this means that the angular
velocities of the two clutch disks have to be kept identical for the engaged clutch.
An alternative interpretation is that the differential angular velocity of the clutch
disks must be vanishing. This has to be guaranteed by an appropriate simulation
strategy, which will be discussed in this chapter. Since zeroing a state variable is
easier to achieve than to force two system states to identical values, this strategy
is pursued henceforth. As a consequence, the actually free choice of system states
should be in a way so that the potentially vanishing differential velocities are chosen
as state variables. This phenomenon of reduced system order is directly related to
the friction model used. Some rather popular friction models are discussed in the
following section.

61
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4.1 Friction Models

There are many friction models available in literature, see e.g. [67, 87—89], each with
certain advantages and disadvantages. Which one of these models is used usually
depends on the purpose of the friction modelling. A very important criterion
is that observed friction phenomena can be accurately described with as little
computational resources as possible. Since friction is based on complex physical
mechanisms, most friction models have to be simplifications to make simulation
and especially identification of friction parameters practically doable.

The available friction models can be divided into static and dynamic models depend-
ing on the presence of frictional memory to include dynamics between angular
velocity and friction torque. This work will focus on static models for friction
because of their simplicity. Figure 4.1 shows some fundamental static models for
friction based on Coulomb friction T, ., viscous friction Ty, ,, and static friction Ty, s.
This figure also includes the Stribeck model to describe the Stribeck effect. Coulomb
friction tends to bring the relative speed of two surfaces to zero, static friction then
keeps them at zero relative speed. Due to these properties, those phenomena are
widely used in automotive mechanical systems to synchronise rotating bodies.

Tfr A Tfr A
Tfr,c*— Tf‘r,c’ SR
w w
(a) Coulomb friction model. (b) Coulomb and viscous friction model.
Tfr A
Trrot
Tjr,c*

Sy

S /

(c) Coulomb, viscous, and static friction (d) Coulomb and viscous friction with Stri-
model. beck effect.

Figure 4.1: Overview of different static models for friction.

In every model shown in Figure 4.1 the friction torque Ty, is a static function of the
angular velocity w between the two relevant contact surfaces. The friction models
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shown in Figure 4.1 are called discontinuous friction models because they include a
discontinuity at w = 0. At zero velocity the friction torque cannot be described as a
function of velocity only; instead, the resulting friction torque must be equal to the
sum of external torques, with an upper and lower bound given by the static friction
torque Ty, s.

In Section 3.5 the clutch torque was modelled as

|wei—eweol

TC - ‘Z/lc |:TC,C + (TC/S - Tc,c) e_ we,s + kC,U

Wej — wcol sgn (wci - wco) ; (4.1)

this is a static model for friction including the Stribeck effect as shown in Figure 4.1d.
This calculation formula for the effective clutch torque T; is obviously only valid
for w.; # w¢, while

TC:

Text. if ‘Text“ S Tc,s
, (4.2)

Tcssgn (Text.) otherwise
where T,y is the sum of external torques, holds for w.; = weo.

The friction torques defined in Section 3.6.3 to model loss torque Ty and slip-
limiting torque Ty, for the differential gear are also in accordance with the static
models for friction given in Figure 4.1. Both of them are composed of Coulomb
friction Ty, . and viscous friction Ty, ,

Ta(wgi) = (Tao + karr | Tai|) sgn (wai) + karwwy (4.3)
[\ ~~ v | ERQ———
Tfr,c Tfl’,v
Tasi(ws) = (Tysi0 + kasit | Tail) sgn (ws3) + Kasiows - (4-4)
L
Tfr,c Tfr,v

As for the clutch torque, here the sticking situation would have to be considered
separately too; consequently, these formulas are only simplified representations and
the alternative definition for the vanishing signum function is implicitly assumed.
Equations (4.3) and (4.4) illustrate that the state variables chosen in the modelling
process in Section 3.6.1 and Section 3.6.2 are convenient because each friction
torque depends on just one state variable instead of a linear combination of both
states. Because of the dependence on the differential’s input torque Tj;, the graphs
presented in Figure 4.1 are not sufficient to show every friction dependency, but
just the dependency on the angular velocities is critical for simulation aspects.
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4.2 Numerical Simulation of Variable Dynamic
Dimension Systems

The discontinuity at zero velocity shown in Figure 4.1 may lead to serious numerical
problems in simulation. If friction is modelled by using a switching function as
the signum function, there cannot be real sticking because once a state variable is
near zero there is switching between positive and negative maximum static friction
torque [87]. This leads to chattering which requires small simulation time steps. As
a consequence, the simulation of systems including static and Coulomb friction
requires some additional considerations; since only the discontinuity at zero velocity
causes these simulation issues, viscous friction is typically not problematic.

To overcome these difficulties, the friction models can be altered by replacing
the discontinuity at zero velocity by a continuous function with finite slope, see
e.g. [88]. Choosing this slope too steep however may lead to stiff systems of
differential equations requiring again a small integration step size, which might slow
down the simulation dramatically. Additionally, there will never be real sticking
because there is non-zero velocity even if the external torques are permanently
less than the maximum static friction torque Ty, s, especially if the slope of the
curve approximating the discontinuity is not steep enough. An alternative approach
for dealing with a VDDS is the concept of hybrid systems [go] where all possible
sub-models with different system order are determined and a switching logic is
used to commute between these sub-models. This strategy can be used for systems
with rather small complexity such as the clutch [91] where only two system models
for disengaged respectively engaged clutch are required. When the system becomes
more complex and contains more friction elements, the number of sub-models
required rises potentially exponentially and the correct handling of the transitions
from one sub-model to another gets extensive [44, 75, 92, 93].

To resolve these simulation problems, in 1985 Karnopp proposed a force-balance
model for one-dimensional problems using a small velocity window [g]. Outside
this velocity window the moving body is assumed to be slipping and the friction
torque or force can be an arbitrary function of velocity. Inside the velocity window
the body is sticking and the friction force is determined to compensate the external
forces; this keeps the body’s velocity at a small constant value somewhere inside the
velocity window. If the external forces are greater than the maximum static friction
force, the sticking phase is left and the slipping state arises. In [94] Tariku and Rogers
proposed a slightly modified concept using sign changes of sliding velocity instead
of the small velocity window as criterion for the detection of sticking. The basic
idea of force-balancing was initially presented for one-dimensional problems. This
is briefly recapitulated in the next section before an extension to two-dimensional
problems is presented.
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4.2.1 One Element Affected by Coulomb or Static Friction

In this section problems of the form

dx

= Ax+ Bu— KTy (x1) 45)
are analysed with special focus on friction simulation. The N-dimensional vector
x = [x1,%2,...,xn]" is the state vector, A € RN*N is the dynamic matrix, the

m system inputs are given by the input vector u while B € RN*™ is the input
matrix. The friction torque T¢,; = Tfrq (x1) is a function of the system state x1 only,
the vector k = [ky1, ko1, .. ., kNl]T determines the friction torque’s influence on the
system dynamics. The simulation problem is completed by the definition of the
friction torque Tf,; depending on xq

tra(x1) ifxp #0
Trn(x1) = { i , (4.6)
Tfrl,s if X1 — 0
with
trr(xq) >0if x; >0
u (4.7)

tfrl(x1) < 0if x1 <O0.

t1(x1) represents the friction torque for sliding while Ty, ; stands for the max-
imum static friction torque. If a dynamic system is not given in the form of Sys-
tem (4.5), as e.g. Tr,1 also depends on other system states, a regular state trans-
formation may be applied. At this point only physically meaningful systems where
friction is dissipative are considered. A necessary criterion is that k;; > 0 has to
hold.

When integrating Equation (4.5) numerically to calculate the state vector x, the
resulting friction torque has to be determined at every simulation time step. Because
force-balancing is used, it is necessary to distinguish whether the system state x; is
sticking or sliding; therefore, a distinction of cases is required.

Case 1

If x; # 0, no difficulty arises because no sticking occurs and the resulting friction
torque is

Tfrl = tfrl<x1)' (4.8)
The dynamics of System (4.5) is then given by
dx
i Ax + Bu — ki (x1). (4-9)
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Case 2

If x; = 0, as proposed by Karnopp, the friction torque required to keep this state at
zero (dx1/dt = 0) can be determined according to

T _ 1 T T
T = k_11<a1x + b1u>, (4.10)

where b is the first row of B and aj is the first row of A. Using this virtual torque
Tty the resulting friction torque is

Tin if [T | < Tp,
Trn=1 " e (4:1)
Ttr1,6580(Tf1) otherwise
Consequently, the dynamics of System (4.5) is given by
( 0
a; b% k21 L~
. . . 7 if |Tfr1| < Tfrl,s
% — : X+ : u-— : Tfrl , (4,12)
a}\] b}\] kNl
Ax + Bu — karl,Ssgn(Tfﬂ) otherwise

where af and b! are the i row of A and B respectively. Depending on the available
static friction the system state will either stay at x; = O or start slipping (dx1/dt # 0).
These findings are presented in Figure 4.2, where the friction torque Ty, is plotted
as a function of ajx + bju. It is obvious that three different cases can occur. In

Figure 4.2: Friction torque calculation for one-dimensional problems at x; = 0 according to
the force-balancing strategy.

situation @ the external torques are compensated by the friction torque. In area @
the maximum positive static friction torque must be applied, while in section @ the
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maximum negative static friction torque is required. Additionally, regions where a
transition from sticking to slipping state occurs are marked in blue in Figure 4.2.

This simulation strategy can also be applied to systems of the more general form

ki1 ... klp Tf?’l
ky ... k T
X AxBu- | 2 w0, (4.13)
dt : : :
kni ... kNp Tfrp
ey =X,

where N is the system order and p < N is the number of friction torques. Each fric-
tion torque T,; = Tg,; (;) is a function of the system state x; only fori € {1,...,p}.
The diagonal elements kq; to kyp of K must be positive to ensure that friction is
dissipative. To avoid couplings among the friction terms that would complicate
friction calculation, the elements in the first p rows of K apart from the diagonal
elements ki1 to kp, must be zero. If these conditions are fulfilled, this friction
simulation problem can be divided into sub-problems similar to System (4.5).

Simulation Example

This simulation strategy has been implemented in Simulink® using zero crossing
detection and a variable step size solver to detect sticking reliably [95]. Additionally,
the state variable affected by friction is set to zero and kept at this value actively
while sticking. This prevents variations in velocity due to errors from numerical
friction calculation. The simulation strategy shall be tested on the basis of the scalar
dynamic system

dx
dr =Uu- Tfr(x)l (4.14)

where the friction torque Ty, is given by Coulomb friction T, . according to Fig-
ure 4.1a only. This system is obviously in the form of System (4.5). The simulation
results are presented in Figure 4.3. The system input u and the initial condition of
the state variable x were selected so that some transitions from slipping to sticking
and vice versa occur. It can be seen that sticking is detected reliably at t ~ 1.3s
and t ~ 3.5s. During the sticking phases the system input u is compensated by the
friction torque Ty, so that the system variable x remains at zero. This comes without
any chattering resulting in a very small simulation step size. When at t ~ 2.0s
the system input u exceeds the maximum static friction, the system changes from
sticking to slipping.



68 CHAPTER 4 SIMULATION

40 T T T
N === Tfr,c"' 7Tfr,c 1
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dt
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Figure 4.3: Results of a numerical simulation of a scalar system with Coulomb friction
using the force-balancing strategy.

Power Train Example: Clutch

In Section 3.5 a mathematical model for a friction clutch was presented. This system
is a typical example for a VDDS. If the clutch is disengaged, the two clutch disks
rotate at angular velocities w.; and w,,; consequently, the mathematical model is
a second order system. However, if the clutch is engaged, these two elements are
forced to the same angular velocity and thus the dynamic dimension is reduced
from two to one. To bring the mathematical model from Section 3.5 into a form
equivalent to System (4.5), the state transformation®

I
wo | _ (1 1% {wa}
{ch} (1 -1 Weo (4-15)

can be applied. This results in

dwy T Teo
= — .16a
dt Ici + Ico Ici + Ico (4 )
dACL)C TCl TCO ( 1 1 )
—dg o (2 2T 16b
dt Ici Ico Ici Ico ‘ (4 )

The clutch torque T, is then a function of the relative angular velocity of the two
clutch disks Aw,
Te = Te (Wi — weo) = T (Bwe) - (4.17)

Another example for this type of simulation problem is the torque converter with
lock-up clutch as presented in Section 3.7.1.

'This state transformation is only one possibility, other choices of system states are admissible
as well.
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4.2.2 Two Elements Affected by Coulomb or Static Friction

If two elements that are affected by Coulomb or static friction are part of the
simulation problem, a system of differential equations of the form

ki1 k12
dx kar k2 | | Ten
a = Ax + Bu — . . [Tfrz (4’18)
kni kn2) X B
=K

results. The N-dimensional vector x = [x1, X, .. ., xN]T is the state vector, A € RN*N
is the dynamic matrix, the m system inputs are given by the input vector u, while
B € RN*™ s the input matrix. The friction torque Tt =T (x1) is a function of
the system state x; while T, = Typ (x2) is a function of the system state x, only.
The simulation problem is completed by the definition of the friction torques Ty,
and T
tei(x) ifx; #0
Tpi(x;) = ¢ T : 1
frz( z) {Tfri,s ifx; =0 (4 9)
with
tf,l-(xi) >0ifx; >0

tfri(xi) <0ifx; <0 (4.20)

fori € {1,2}. t5,i(x;) represents the friction torque for sliding while Tg,; ; stands for

the maximum static friction torque for sticking. The matrix K € RN*? determines
the friction torques’ influence on the system dynamics. In the following, only

systems where friction is dissipative are considered. If H(x) = 5x"x is the energy
function of the autonomous system, its time derivative is
dH
) _ p=x"(Ax—KTp,) = x"Ax —x"KTy,. (4.21)
dt ————
=Psr

As at this point only the influence of friction is investigated, the term x'Ax is
excluded and

prr=—[x1 x2] KaaTp(x1,%2) — [x3 -+ an] KTg(x1,%2) (4.22)

(.

::;;7,12
with matrices
ka1 ka2
ki1 k
K= (0 52), K= | i 42
knt kno
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remains. By using

[ tpalx) 0 X1
Tfr - ( 0 ?frz(x2)> LCZ:| (424)

with functions ?frl (x1) > 0and ?frz(xz) > 0, the term py, 12 in Equation (4.22) can
be further analysed:

_ (1) 0 X1
prraz = =[x 2 K22< 0 'ffﬂm)) ) (2

As tf,1(x1) > 0 and ff,5(x2) > 0 hold, this quadratic form is negative for non-zero
x1 and x; if the matrix Ky, is positive definite. Therefore, a positive definite friction
matrix Ky is a necessary criterion for friction to be dissipative. This i.a. implies
that k11 > 0 and k> > 0 must hold.

When Equation (4.18) is integrated numerically to calculate the state vector x, the
resulting friction torques have to be determined at every simulation time step. To
do so, the basic idea of force-balancing can also be applied to this dynamic system.
But since there is not just one moving body affected by friction, an extension is
required. Applying force-balancing is particularly difficult because in addition to
the external torques given by the system input u, Tf,1 has to be considered as well
when calculating Tf,, and vice versa. In simulation this could result in an algebraic
loop. A solution for this problem was proposed in [71]; in the following, these
results are presented in a slightly modified form. As in the simpler problem setting
discussed before, it is necessary to distinguish whether a system state is sticking or
sliding. Since there are now two state variables affected by friction, four cases in
total are possible [10, 71].

Case 1

If x; # 0 and xp # 0, no difficulty arises because none of the state variables is zero
and the resulting friction torques are

Trri = tgri(xi) (4.26)

for i € {1,2}. The dynamics of System (4.18) is given by

dx tr(x1)
_ o fri\rl
T Ax+Bu—-K Lfrz(XZ)} . (4.27)
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Case 2

If x; = 0 and x; # 0, the friction torque Ty, is given by

Tfr2 = tfrZ(XZ)' (4.28)

The state variable x; is zero and as proposed by Karnopp, the friction torque
required to keep this state at zero (dx1/dt = 0) can be determined as

~ 1
Tr = ki [a]x + biu — kipt s (x2)], (4-29)

where aj is the first row of A and b] is the first row of B. By the use of this virtual
torque Ty,1, the resulting friction torque is

{Tfrl if |Tfr1| < Tfrl,s
Tfrl = .

~ (4.30)
Tt,s580(Tg)  otherwise +3

Consequently, the dynamics of System (4.18) is given by

( 0
al b? ko1 ko ~ -
.2 .2 . . Tfrl if |Tfr1| < Tfrl,s
dx _ 2 R U R O trra(x2)
dt ay by knt kno ’
Ax+Bu—K Tgrssgn(Ter) otherwise
| trrn(x2)

(431)
where al and b! are the i row of A and B respectively. Depending on the maximum
static friction the critical state variable will either stay at x; = 0 or start slipping

(dx1/dt # 0).

Case 3

The case x; # 0 and xp = 0 is equivalent to ‘Case 2" if the system states x; and x;
are interchanged.

Case 4

If x; = 0 and xp = 0, the virtual friction torques required to keep these two state
variables at zero can be determined by setting dx1/dt and dx2/dt to zero what leads
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(ﬁ) X + <b£> u] . (4.32)
a b,

If |Tfn~| < Tfyis for i € {1,2}, a valid solution for the friction torques is found and
the system dynamics are

[~fr =Ky,

Tf r2

0
0
dx _ al bl k31 ko \ r~ (4-33)
Y e PO e
: X : u— N : ~
\ay) ey b ko) L2 |

The state variables x; and x; will then obviously remain at zero (dxi/dt = 0 for i €
{1,2}).
Since there is limited static friction, if either the absolute value of Tfrl is greater

than Ty, s or the absolute value of Tfr2 is greater than Ty, further calculations
are necessary to determine a correct solution. Just limiting the calculated friction
torques to their maximum values as suggested in [10] is not sufficient because both
relevant system states are dependent on both friction torques and limiting e.g. Tr;
influences the state variable x, as well. An idea to find a solution nevertheless is
presented below.

The conditions
|Tfr1| < Tfrl,s (4.34a)
|Tfr2| < TfrZ,s (4.34b)
can be visualised in a two-dimensional plane if x- and y-axis are chosen as

x = ajx +bju (4-35a)
y = a)x + bju. (4.35b)

Condition (4.34a) can be interpreted in this x-y plane as the area between the two
parallel straight lines

koo, (kitkaa —kioka1) T s
y=-—x=x .
k12 k12

(4.36)

Also Condition (4.34b) can be translated into a region between the two parallel
straight lines
y— ka (k11kao — k12k21) Tfr2,s.
k11 k11

(4-37)
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The intersection of these lines forms a parallelogram where Condition (4.34) holds,
see sector @ in Figure 4.4. On the border of this parallelogram at least one of the
two important friction torques is at its positive or negative maximum value. The
same holds for the area outside of this central sector. This outer region will be
turther investigated in the following.

ajx +blu A

| —

—T
Ko { frl,s}
Trros L —
fr2; l/ K2 {grﬂ
|:| 72,8
ajx + bju

K22 |:Tfr1,5:|/ |~
,Tfrz,s / Ko |: Tfrl,s :l

// —Tras

Figure 4.4: Friction torque calculation for two-dimensional problems at x; = 0 and x, = 0
according to the force-balancing strategy, sector @.

If Ty, is assumed to be at its positive maximum value

T2 = Tros, (4-38)
the dynamics of the state variable x; must fulfil

de
> .
3 2 0 (4-39)

because otherwise the friction torque would have to be different. By using Equa-
tion (4.38), the friction torque Tf,1 required to maintain dx1/dt = 0 can be determined
as

1
T = = (alx +bju — k12 Tos) - (4.40)

Since Ty is limited by the maximum respectively minimum static friction torque,
Equation (4.40) only gives the final result if

|Tfr1‘ < Tfrl,s (4-41)

holds. Condition (4.41) is equivalent to situations given by certain x and u that are
between the two vertical lines

X = j:kllerl,s + klZTfrZ,s (4-42)
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in the afore introduced x-y plane. Condition (4.39) can be further analysed by
evaluating the system dynamics for the friction torques given by Equation (4.38)
and Equation (4.40). This criterion can then be interpreted as the area in the x-y
plane lying above the straight line

k (k11ko — ki2ko1) T,
y =X+ 2, (4-43)
k11 k11

The intersection of these two regions forms a special area in the x-y plane labelled
sector @, see Figure 4.5. If the given x and u are within this sector, the friction
torques needed to calculate the system dynamics are given by Equation (4.38) and
Equation (4.40).

ajx+blu A
K2 {7]}’1'5 :

Trrs ] ] /// Ky [TW}
[ O

-T
Ko |: frls

—Tfr2,5:| //E: K2, {,Tfﬂ/ﬂ

Figure 4.5: Friction torque calculation for two-dimensional problems at x; = 0 and x, = 0
according to the force-balancing strategy, sectors @ and ®.

If however Tfyo is assumed to be at its negative maximum value
TfrZ = _TfrZ,sr (4-44)
the dynamics of the state variable x, must fulfil

dXQ
) .
i = 0 (4.45)

Similar to before, the friction torque Tf,1 required to maintain dx1/dt = 0 can be
determined as

1
Tfrl = E (a{x + b{u + klZTfI’Z,S) (446)
by using Equation (4.44). If we again assume

|Tfr1| < Tfrl,s: (4.47)
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the friction calculation problem is solved. Condition (4.47) defines an area between
the two vertical lines

X = :l:kllerl,s - klZTfr2,s (4-48)
in the discussed x-y plane. By Condition (4.45) the area below the straight line

koq (k11kaz — k1oko1) Trros
y=-—x— (4-49)
k11 k11

is specified. The combination of these criteria forms sector ®, see also Figure 4.5.

To continue with partitioning the x-y plane into well-defined sectors, now the other
relevant friction torque Ty, is assumed to be at its positive maximum value

Tfrl = Tfrl,s (4.50)

and the dynamics of the state variable x; must fulfil

dx1
— > 0. .
3 20 (4.51)
Similar to before the friction torque T, required to maintain dx2/dt = 0 can be
determined as 1
Tro = o (apx +byu — ko1 Ty ) - (4.52)

If this friction torque fulfils
‘Tf72| < TfrZ,sr (4-53)

the friction calculation problem is solved. This condition can be interpreted as the
area in the x-y plane located between the two horizontal lines

y = tknTfos + kaTrs. (4.54)

Condition (4.51) is equivalent to situations given by certain x and u that are to the
right of the straight line

k ki1koo — kioko1) T
y— ko (k11kon — k12ko1) fris. (4.55)
k12 k12

The intersection of these two regions once more defines a sector in the x-y plane
(sector @), see Figure 4.6.

To finalise the first part of these considerations, Tf,; is assumed to be at its negative
maximum value

T = =T (4.56)
so that the dynamics of the state variable x; must fulfil
dx
—1<o. (4-57)

dt
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alx+bju A

|:| ----------
~Tin P N PP
Kzz{ fr’s].'
Ttos /
= g
Qo O Sy
K [_Tfrls:|/ .- a{x+b{u
2| _T ’9 | —
O]
.- —Lfr2s

Figure 4.6: Friction torque calculation for two-dimensional problems at x; = 0 and x, =0
according to the force-balancing strategy, sectors @ and ®.

Then the friction torque T, required to maintain dx2/dt = 0 can be determined
as

1
Tro = o (azx +byu+kp1 T 6) - (4.58)

If we once more assume

|Tfr2| < Tfrz,sr (4-59)
the friction calculation problem is solved. This condition specifies an area in the x-y
plane that is between the two horizontal lines

Yy = FknTros — ko1 Ts (4.60)
Condition (4.57) defines the region to the left of the straight line

koo (k11koa — k12k21) T,
= —X — .
k12 k12

These two conditions identify sector ®, see also Figure 4.6.

(4.61)

At this point five of the nine possible situations regarding the system input u and
the state vector x are dealt with. All these situations are characterised by the fact
that at least one of the system states relevant for friction calculation will remain in
sticking state. The bold lines in Figure 4.6 mark settings where at least one of the
two friction torques is at its minimum or maximum value.

To finally complete this friction calculation scheme, T¥,, is once more assumed to
be at its positive maximum value

Tfr2 = TfrZ,S/ (4.62)
which implies that the dynamics of the state variable x, must fulfil

de
=22 > 0. .
I 2 0 (4.63)
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Now Ty, is assumed to be at its positive maximum value too

Tfrl = Tfrl,s (4.64)

and as a consequence, also the dynamics of the state variable x; must satisfy

% > 0. (4.65)
Condition (4.65) defines the region to the right of the vertical line

x =kiTrs +ki2Thos (4.66)
while Condition (4.63) restricts to situations located above the horizontal line

Yy =knTros+kaThs (4.67)

The intersection of these two regions forms sector ®, see Figure 4.7. Similar criteria

ajx + bju A

|:| |:| Ko |:Tfr1,s:|
K _Tfrl,s TfrZ,s
2 |: TfrZ,s :| //
| 1O O
»
[ / l ajx + bju
// K { Trrs }
K |:_Tf71,s:| _Tfrz’s |:|
22 _T
fr2s
B [l

Figure 4.7: Friction torque calculation for two-dimensional problems at x; = 0 and x, = 0
according to the force-balancing strategy, sectors depending on system input u
and state vector x.

for the system input u and the state vector x can be determined for the sectors @-©®
following the calculation procedure shown above. This leads to the results presented
in Figure 4.7 and Table 4.1. Depending on the system input u and the state vector x
a certain sector in Figure 4.7 is determined and according to Table 4.1 the desired
friction torques can be calculated.

In Figure 4.8 and Figure 4.9 some characteristics of the simulation approach dis-
cussed in this work are compared to the conventional approach as used in [10].
Since these two methods differ in the way ‘Case 4’ is handled, results for x; = 0
and x; = 0 are presented. In Figure 4.8 the friction torque Tf,1 and the system state
x1 are analysed while in Figure 4.9 results related to the friction torque Ty, and the
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Table 4.1: Friction torque calculation for two-dimensional problems at x; = 0 and x; =0
according to the force-balancing strategy, friction torques Ty, and T, depending
on the sectors specified in Figure 4.7.

Sector T Ttr2
L kapaix+kpblu—kppalx—kipblu  kyjjalx+kiblu—ksjalx—ky blu
k11k2p—ka1k12 ki1k2p—ka1k1z
2 klj (alx +bju — k12T ) Tfros
3 % (ajx + bju + kip Tfros) —Tfrs
4 Trrs klz (apx +bju — k1 Tgp )
5 _Tfrl,s klz (aEX + bEu + k1 Tfrl,s)
6 Trrs Trros
7 - Tfrl,s Tfr2,s
8 Tfrl,s - Tf 12,8
9 _Tfrl,s - Tfr2,s

state variable x; are revealed. In both figures the friction torque is shown in hatched
red when it is equal to the maximum static friction torque and shown in hatched
blue when it is at its negative maximum value. If the friction torque is between
these extremal values, it is colour coded as a mixture of red and blue according
to its value. Both figures show that the two friction calculation approaches yield
different results for some situations. In particular the region where the individual
friction torque is neither at its maximum nor at its minimum value is different.
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(@) Ty calculation, proposed approach.  (b) Ty, calculation, conventional approach.
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Figure 4.8: Friction torque calculation for two-dimensional problems at x; = 0 and x, = 0
according to the force-balancing strategy, friction torque Tf,; and x; dynamics.

Additionally, the dynamics of the two state variables x; and x; is analysed. With the
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Figure 4.9: Friction torque calculation for two-dimensional problems at x; = 0 and x, = 0
according to the force-balancing strategy, friction torque Ty, and x; dynamics.

approach presented in this work a transition from sticking state to slipping state can
only occur when the corresponding friction torque is at its proper extremal value;
these regions are marked hatched in Figure 4.8a and Figure 4.9a. For instance, when
Tt11 = Tfp,s, the system dynamics must fulfil dx1/dt > 0, while when T,y = —Tf1
holds, dx1/dt < 0 follows. If the absolute value of the friction torque is less than
the maximum static friction (|Tfr| < Tf), the corresponding state variable has
to remain at zero (dv/dt = 0). The border of this open region is marked in green
in Figure 4.8a and Figure 4.9a. This border identifies the only situations where
| T¢r| = Tty holds and dx/dt is nevertheless zero.

As can be seen in Figure 4.8b and Figure 4.9b, with the conventional approach based
on only limiting the results of Equation (4.32) the situation is different. Here the
dynamics of the state variables are not directly related to the corresponding friction
torques. While with the proposed approach the areas where the system states x;
respectively x, remain at zero are two different open regions, here for both system
states only one compact region exists where the sticking state is maintained. This is
the central sector where Equation (4.32) already gives the correct friction torques.
The border of this area is again marked in green. In other situations the dynamics of
the system states relating to the total torque ajx 4 bju or a;x + bju is different than
expected. These situations are marked by green lines in Figure 4.8b and Figure 4.9b.
For instance, when ajx 4 bju is infinitesimally increased, the system dynamics may
change from dxi/dt < 0 to dx1/dt > 0 without a region in between with dxi/dt = 0
caused by friction. One further problem with the conventional approach is that
there are some situations where transitions from sticking to slipping are physically
wrong as e.g. dx1/dt > 0 although Tf,; < 0. These problems can be overcome with
the simulation approach presented in this work.
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This simulation strategy can be applied to dynamic systems containing more friction
elements than System (4.18) as well if splitting up the problem into subsystems
meeting the requirements stated at the beginning of this section is possible. For
instance, the dynamic system

k11 klZ 0 0

kop k O 0O
0 0 ksz kag Uic
dx Tfr2
5= Ax+Bu—| 0 0 ki ku T (4.68)
ks1  ksp  ksz  ksa fr3
. . . . Tfr4
N’
knt ko ks kng) T

. J/
~~

=K

with Tg,; = Tg; (x;) for i € {1,2,3,4} can be divided into a friction simulation
problem for the pair of state variables x; and x, and a separate problem for the
combination of system states x3 and x4. These can be handled using the proposed
simulation strategy if the two sub-problems fulfil the requirements regarding their
individual friction matrices as stated before.

Furthermore, if this separation into sub-problems is impossible, the approach
presented for systems with two friction elements can be extended. If for instance
a model where three friction torques Tfy(x1), Tf2(x2), and Tg3(x3) are affecting
the system states x1, xp, and x3 is to be simulated, the distinction of cases must be
extended from four to nine situations. But in eight of the cases at most two system
states are zero; these can be traced back to the problems already discussed. Only
for the situation with three state variables in sticking state a new friction calculation
procedure is required. But this problem can be solved according to the idea used
in this section to handle ‘Case 4’. The only difficulty is the significantly increased
number of 3% = 27 sectors to be individually analysed.

Simulation Example

This simulation strategy has also been implemented in Simulink® and shall be
tested on the basis of the mechanical system presented in Figure 4.10. This system
consists of two clutches where one disk of Clutch 1 is torsionally stiffly connected
to a disk of Clutch 2. T1 and T, are external torques representing the system inputs.
The dynamics of this system is given by

dw
Icild_tl =T — T¢q (w1 — wn) (4.69a)

dwz

(le1o + Loci) T Te1 (w1 — w2) — To (w2 — w3) (4.69b)
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Figure 4.10: Mechanical system for testing the proposed VDDS simulation strategy for
two-dimensional problems.

dw
Iczod_tg =T+ Teo (w2 — w3). (4.69¢)

The friction torques T and T, are functions of the clutch disks” differential angular
velocities and chosen as Coulomb friction only. To create a dynamic system that is
in the form of System (4.18), the regular state transform?

X1 1 -1 0 w1
| =10 1 1] (4.70)
X3 1 0 0 w3
7
can be applied, then
dxl 1 ( 1 1 ) 1
Frn e Ter (x1) + ———Te2 (x 71a
dt Icli ! Icli Iclo + IZci . ( 1) Iclo + IZci - ( 2) (4 7 )
de 1 1 ( 1 1 )
=t Ter (x1) — + Tea (x .71b
dt Ie2o ? Lo + Leoi ‘l ( 1) Ie1i + I L2 . ( 2) (4 7 )
dX3 1 1
dt Iy ' Iy (1) (4.71¢)

results. A numerical simulation with I.1; = I1, = 1kg m? and Iy = Ip, =1 kg m?2
was performed for this dynamic system using the simulation strategy proposed
before; the results are presented in Figure 4.11. In the upper plot the angular
velocities wq, w», w3 and the state variables x1, x5, x3 used for simulation are shown.
The system states x; and x; are of special interest as the clutch torques directly
depend on these variables. Therefore, they are critical regarding transitions form
sticking to slipping and vice versa. At t ~ 0.25s Clutch 2 is completely engaged;
then w; and w3 are identical and x; is zero. Beginning at t ~ 0.6 s also x; is zero;
consequently, now all three bodies rotate at the same angular velocity. Figure 4.11
clearly shows that these events are handled correctly without any chattering. In the

2This state transform is not unique; the only requirement is that the relative velocities of the two
clutches are state variables in the transformed system. The remaining third system state however
can be chosen freely as long as the transformation matrix T is regular.
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Figure 4.11: Results of a numerical simulation of a mechanical system with two friction
elements using the proposed force-balancing strategy.

lower plot the input torques T7 and T, the maximum clutch torques given by the
Coulomb friction torques T, . and T, ., and the resulting effective clutch torques
T.1 and Ty, calculated according to the force-balancing strategy, are presented.
This plot clearly shows that during the sticking phases the clutch torques are
chosen exactly in a way that external torques are compensated. For this reason,
the system states remain at zero. Att ~ 0.75s the external torques can no longer
be compensated and the angular velocities of the two disks of Clutch 1 begin to
differ; finally, at t ~ 0.9 s the state variable x; starts to increase too. Consequently,
the three angular velocities are different again. This simulation example shows that
with the presented simulation strategy the changes of dynamic dimension caused
by transitions from sticking to slipping and vice versa are no longer problematic.

Power Train Example I: Limited-slip Differential Gear

The limited-slip differential as discussed in Section 3.6 is a typical VDDS. If e.g. in
the bevel gear differential the friction torque Ty is great enough, the differential
bevel pinion is locked and the two output axles are forced to identical angular
velocities. As by this angular velocity also the rotational dynamics of the input
shaft is defined, just one state variable is required to describe the system dynamics;
this means a reduction of dynamic dimension from two to one. If furthermore the
losses are high, this angular velocity might be forced to zero as well meaning a
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further reduction of dynamic dimension. This situation might not occur too often
in practice, but at least at every start-up all angular velocities are zero. In contrast
to the clutch, where only one friction torque had to be handled and therefore the
reduction of dynamic dimension was limited to one, now two friction torques are
present that can reduce the dynamic dimension by two. Since the mathematical
model for the limited-slip differential

T .
d [wdi] _ (bn bia 513) Tddl _ (kn k12> [le} (4.72)
dt | ws by1 by b TdO; ko1 ko) | Ty '
N — ~ ~ ~ 0 ~_ e
X B ‘\u/—’ K T,
with

Ty = Ty (wg) (4.73a)
Tys1 = Tasi(ws3) (4.73b)

is already given in the form of System (4.18), the simulation strategy proposed
before can be used directly. If the angular velocities of the output axles had been
used as state variables in the mathematical model, a state transformation would
have had to be applied before the numerical simulation can be done.

Power Train Example II: Simplified Transmission Model

The simplified transmission model with DCT-structure presented in Section 3.7.2
is a VDDS as well. This model is based on two clutches, each can be engaged
and disengaged. For simulation this means that there are two differential angular
velocities affected by friction; these can be in either sticking or slipping state. Since
the transmission ratios of the two gear sets are different during normal operation,
the differential angular velocities of the clutches are different as well. Consequently,
only one friction element can be in sticking mode at a time. However, when all
angular velocities are zero as e.g. when starting from standstill, both clutches
will have zero differential angular velocities. To be able to handle this special
situation and also normal operation without the need to switch between different
system models, the simulation strategy presented before shall be used. To bring the
mathematical model into the form of System (4.18) the state transformation

chl} _ (1 _igbl Webi
|:ch2 (1 - Z'gbZ Webo (474)
is applied. Then the differential equations

. -2 . .
dAw Tb' leb 1 Loy 1 Lop1leb
1 _ g1+ gbltgbo ' _+8_1 — T _+Lg2 (4.75a)

dt Igbi Igbo Igbi Igbo Igbi Igbo
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: . 2
dAwey  Tebi | ignnTgp 1 lgbiign 1 Y
2= LB Ty —+ B T —+ 5 (4.75b)

dt Igbz Igbo Igbi Igbo Igbi Igbo
with
T =Ty (Awd) (4.76a)
TCQ = Tcz(Aa)Cz) (476b)

can be obtained. Transformation (4.74) is regular if ig; 7 igpo; as various gears will
have different gear ratios, this condition is fulfilled and the transformation can be
applied.

Since simulation strategies for the dynamic models for the power train elements
discussed in Chapter 3 are available by now, numerical simulations for various
problem settings are performed in the following sections.

4.3 Analysis of Reduced Transmission Models

To be able to assess usability and limitations of simplified transmission modelling
approaches, numerical simulations including some gear shifts were performed. In
a first step, the gear shifts were simulated by the use of the different simplified
gearbox models presented in Section 3.7.2. Then the results are compared to
simulation experiments based on the detailed model of the automatic transmission
as presented in Section 3.7.1. The purpose of these experiments was not to optimise
the timing of the gear shifts for maximum drivability or performance, but to
investigate the properties and characteristics of different gearbox models. Since the
focus is on analysing different models for the gear stage, no torque converter was
considered. The gear shifts were simulated in a test bed environment similar to the
test system shown in Figure 3.2: an electric drive at the gearbox input replaces the
engine and provides the torque while another drive at the gearbox output generates
the load. This drive is operated in speed control mode with constant reference as the
angular velocity of the gearbox output is typically directly related to the vehicle’s
speed, which does not change much during a gear shift. The reference signal
for the input drive is the desired electromagnetic air-gap torque. With automatic
transmissions the gear shifts are often executed as powershifts without power
interruption, but depending on the driving situation shifts with power interruption
are possible as well [38].3 These latter processes are also called non-overlapping gear
shifts as one friction element is completely disengaged before another is engaged
and are similar to gear shifts in manual transmissions. As an example, a gear shift

3This holds in particular for testing situations where the transmission actuation is controlled by
the test bed automation system.
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from second to first gear is discussed for both presented simplified transmission
models.

In Figure 4.12 the rotational speeds of gearbox input n; and gearbox output n, are
presented for the non-overlapping gear shift from second to first gear; in Figure 4.13
input and output torque are shown. Results obtained by the use of the simulation
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Figure 4.12: Rotational speed of gearbox input 17 and output n, for a non-overlapping gear
shift from second to first gear on a test bed, comparative numerical simulations
of different transmission models.

model including the complete gear stage based on four planetary gear sets are
presented in blue and labelled ‘detailed model’. Simulation data based on the
simple gearbox model including only one clutch and gear stage are shown in
green and labelled ‘reduced model I'. Results related to the modelling approach
based on two clutches and gear stages similar to the DCT are presented in red and
labelled ‘reduced model II'. In the detailed model one clutch is completely opened
before another clutch is engaged during this type of gear shift. This procedure
can also be applied to the DCT related modelling approach. The simpler model
contains only one clutch; here at first, this single clutch has to be disengaged,
then the transmission ratio is changed, and finally the clutch is engaged again.
While the transmission of mechanical power is interrupted the gearbox input is
accelerated by the torque generated by the input drive as it would be by the
ICE in a driving experiment. According to the rotational speeds in Figure 4.12,
both simplified gearbox models can capture the essential dynamics. Only some
deviations, particularly visible during the phase of disengaged clutches, remain.
In fact, both reduced approaches lead to identical results; this is intuitive because
their only difference is the number of “parallel’ gear stages consisting of clutch
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and transmission ratio. Since these elements were modelled inertia-free, the DCT
approach with one clutch torque set to zero is equivalent to the gearbox model
containing only one gear stage. Also the torque curves presented in Figure 4.13
show only minor deviations. As both reduced models are significantly less complex
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Figure 4.13: Torque at gearbox input T; and output T, for a non-overlapping gear shift
from second to first gear on a test bed, comparative numerical simulations of
different transmission models.

than the detailed model, these slightly different results are to be expected and
acceptable for test bed simulations. Important is in particular that the phenomena
related to engaging and disengaging the clutches are modelled well.

Powershifts are characterised by the fact that two friction elements are engaged
(overlapping) for a short time interval. This behaviour is analysed by means of a gear
shift from first to second gear with positive gearbox input torque. In the vehicle
this would mean that the engine speed must decrease in spite of the positive engine
torque. The overlapping gear shift is only simulated for the DCT approach because
two clutches are required.

In Figure 4.14 and Figure 4.15 results of numerical simulations for the overlapping
gear shift from first to second gear are presented. Here the two friction elements
involved in the gear shift are actuated in parallel; while one element is disengaged
the other is engaged resulting in a gear shift without power interruption. This
allows to reduce the rotational speed of the engine, or the input drive in a testing
situation, during the gear shift although the torque generated by the input drive
is still positive. The rotational speeds of gearbox input and output shown in
Figure 4.14 and the torques given in Figure 4.15 indicate that the reduced gearbox
model is capable of describing the dynamic behaviour of the AT sufficiently. The
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Figure 4.14: Rotational speed of gearbox input n; and output n; for an overlapping gear
shift from first to second gear on a test bed, comparative numerical simulations
of different transmission models.

torque curves shown in Figure 4.15 slightly differ, but this discrepancy is minor
compared to other modelling and parameter uncertainties typically complicating
numerical simulations of transmission systems. Therefore, this reduced model
is used henceforth for numerical simulations including transmissions. Its main
advantage is that it is computationally simpler than the detailed model resulting in
a significantly reduced simulation time. Additionally, less system parameters must
be known.
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Figure 4.15: Torque at gearbox input T; and output T, for an overlapping gear shift from
tirst to second gear on a test bed, comparative numerical simulations of differ-
ent transmission models.

4.4 Case Study I: Test System for Differential Gears

Since at this point a simulation strategy for the limited-slip differential system model
is available, numerical simulations of the test system for differentials as presented in
Figure 3.24 can be performed. The model depicted in Figure 3.25 and additionally
partially given in Appendix C was implemented in Simulink®; then this simulation
model was used to simulate a typical testing experiment. The references for testing
torque and testing rotational speeds were directly taken from the experimental
test-run carried out on the test bed. A closed-loop simulation was chosen because
then the system inputs are these references for rotational speed and torque, which
are known exactly. An open-loop simulation with electromagnetic torques as system
inputs would require these torques to be known. But measurement data from the
test bed could be corrupted by errors in the air-gap torque estimation [52], see
also Section 3.2. Additionally, the closed-loop simulation covers the entire test
system and is therefore most relevant. The simulation results are then compared
to measurement data from a commercial test bed equipped with three 700 kW
IMs. The UUT was a symmetric limited-slip bevel gear axle differential. These
experimental results were recorded at 10kHz. A representative section of this
comparison is given in Figure 4.16 and Figure 4.17.

Figure 4.16 shows the rotational speed of the input drive M1 and of the load drives
M2 and M3. The rotational speed of the input drive is scaled by the inverse of the
differential’s transmission ratio iy, thus this signal approximately represents the
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rotational speed of the differential cage. As the differential’s structure is symmetric,
the rotational speed of the differential cage is given by the mean value of the
rotational speeds of the differential’s outputs. But due to the shaft elasticities, the
rotational speeds measured at the electric drives can slightly differ from those at
the differential gear for transient situations. Figure 4.16 shows a good match of
measurement data and simulation results. This is to be expected because two of the
electric drives are operated in speed control mode and the rotational speed of the
remaining drive is defined by the differential’s transmission ratio. The experiment
presented here was performed to test the differential’s slip-limiting functionality;
for this reason, the rotational speed references for the load drives were partially
chosen differently.
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Figure 4.16: Test system for differentials with KS R2R frequency converter, measured and
simulated rotational speeds of input drive M1 and load drives M2 and M3.

In Figure 4.17 the torques measured by the measuring flanges at the electric
machines are presented; additionally, their simulation equivalents are shown. For
clarity the torque Ty, measured at the input drive is scaled by the factor 0.5 and
the transmission ratio iy to simplify the comparison to the output torques Ty, and
Tt3. As this scaled input torque is higher than the average output torque, losses
definitely have to be considered. The slip-limiting functionality becomes obvious
when the rotational speeds of the two outputs of the differential begin to differ.
Then the torque at the slower output shaft rises while the torque at the faster shaft
is reduced. Note as well that there is still stationary asymmetric torque splitting at
the end of the experiment although the rotational speeds of the two output axles
are identical again. This phenomenon is illustrated by Equation (3.20) for Ty # 0
and related to the friction torque’s discontinuity at zero relative angular velocity.

In Figure 4.18 measured and simulated output torques are compared again with
special focus on the sign change of the differential bevel pinion’s angular velocity.
Obviously, also for this situation the output torque splitting is modelled quite
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Figure 4.17: Test system for differentials with KS R2R frequency converter, measured and
simulated torques at input drive M1 and load drives M2 and M3.

well. The high frequency signal components are torsional vibrations due to reson-
ance phenomena in the multi-mass mechanical system as well as various torque
harmonics coming from the electric drives and the UUT. In particular the torque
variations related to the rotation of the differential bevel pinion is obvious. This
effect can easily be identified in Figure 4.17 by the varying frequency of these torque
components when the difference in rotational speed of the differential’s outputs
is changed. Overall the simulation results presented in this section show a rather
good match with the measurement data.
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Figure 4.18: Test system for differentials with KS R2R frequency converter, measured and
simulated torques at the load drives M2 and M3, detail.

Simulations were performed on a laptop computer equipped with an i5-3230M CPU
and 8 GB RAM using the variable step-size solver ‘ode45’. The simulation model
contains elements modelled in discrete time such as the control algorithms as well
as components modelled in continuous time. These latter form a dynamic system



4.5 TEST Sys. FOR DIFFERENTIALS WITH AD. GEARBOXES 91

that describes the electric machines and the entire mechanical system. Achieving
efficient numerical simulations is challenging because this system includes a rather
high number of state variables with slow and fast dynamics (‘stiff system’) and
non-linearities such as gear play and friction. This can lead to small integration step
sizes for some situations, which slow down the simulation. Furthermore, because of
the discrete time components, the integration step size cannot exceed 100 us which
is the inverse of the 10 kHz sampling rate used for control. In spite of these chal-
lenges, the simulation model including the proposed friction calculation strategy
is computationally rather efficient. In Table 4.2 the CPU-time of the simulation is
shown for the different ‘Simulation modes’ available in Simulink®. In particular
with the ‘Rapid Accelerator’ setting the simulation is fast. The simulation of the
70s section of the experiment discussed in this section is completed within only
66 s with this setting.

Table 4.2: CPU-time of a 70 s numerical simulation of a test bed for differential gears.

Simulation Mode CPU-time
Normal 1051 s
Accelerator 260s
Rapid Accelerator 66s

4.5 Case Study Il: Test System for Differential Gears
with Adapter Gearboxes

Also for the test system presented in Figure 3.1 numerical simulations were per-
formed. The simulation model was based on the graphical representation of the
dynamic system given in Figure 3.26. Since except for the adapter gearboxes the
testing configuration is similar to the one discussed in the previous section, the
simulation model could be derived from the model used before. As due to the
downspeed gearboxes now significantly higher torques are expected, system para-
meters of the differential and some mechanical shafts obviously had to be modified.
To verify the mathematical model, a typical testing experiment was carried out on
the commercial test bed and in simulation.

In Figure 4.19 the rotational speeds of the three IMs are given while in Figure 4.20
the torques at the measuring flanges are presented. Compared to the results shown
in Figure 4.17 and Figure 4.18, the sign of the torque measured at the load drives is
changed for clarity. In both figures the physical quantities measured at the electric
drives are shown. Because of the downspeed gearboxes with transmission ratios
of igy; = 8.1 for the input drive and ig,; = 10.4 for the differential’s output, the
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torque at the UUT is significantly higher. Both figures prove that the simulation
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Figure 4.19: Test system for differentials with KS R2R frequency converter and adapter
gearboxes, measured and simulated rotational speeds of input drive M1 and
load drives M2 and M3.
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Figure 4.20: Test system for differentials with KS R2R frequency converter and adapter
gearboxes, measured and simulated torques at input drive M1 and load drives
M2 and M3.

model is capable of describing the test bed characteristics adequately. Transient
as well as stationary phenomena are in accordance with the experimental results.
Clearly, the torsional vibration behaviour is an important simulation aspect. This
includes accurately modelling the dynamics of the mechanical system, resulting
in the correct resonant frequencies and damping properties, as well as providing
proper excitement for these resonances. In the experiment that is presented in this
section an eigenmode at approximately 1.3 Hz is most problematic; this is obvious
throughout the entire experiment. This eigenmode is characterised by the fact
that the input drive oscillates against the output drives, see also Figure 3.30b in
Section 3.12 where the results of a modal analysis for a similar testing configuration
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are shown. This is most obvious at t = 90s when the sign of the testing torque is
changing. Due to gear play in the mechanical system, this means a strong excitation
for resonant oscillations; in combination with low internal damping of the cardan
shafts large torque oscillations arise. Changes in testing torque and testing rotational
speed can cause resonant oscillations too; this can be seen at t ~ 11 s. Figure 4.20
shows that the differential’s output torques are hardly affected by a difference in
rotational speeds of the output shafts; consequently, the differential’s limited-slip
functionality is weak.

As proven by Table 4.3, numerical simulation is again rather efficient, especially in
‘Rapid Accelerator’ mode.

Table 4.3: CPU-time of a 100 s numerical simulation of a test bed with adapter gearboxes
for differential gears.

Simulation Mode CPU-time
Normal 1768 s
Accelerator 469 s
Rapid Accelerator 92s

4.6 Case Study Ill: Test System for Transmissions

In contrast to the two test systems for differentials considered before, here a test bed
for transmissions is discussed. The test bed configuration is given in Figure 3.2; the
model structure is depicted in Figure 3.27. The UUT is an automatic transmission.
To verify the mathematical model, a typical testing experiment was carried out on
a commercial test bed and in simulation. For simulation the references for testing
torque and testing rotational speed were directly taken from the test-run on the test
bed.

The rotational speeds of input and output drive are presented in Figure 4.21 and
torques at the measuring flanges are shown in Figure 4.22. n; and Ty, belong to
the input drive while n; and Ty, are associated to the load drive. In both figures a
section of a longer test-run is displayed. During the test-run the AT is tested by the
use of speed and torque ramps in every gear. These testing phases are interrupted
by gear shifts: at t ~ 14s a downshift from second to first gear occurs while at
t ~ 64 s an upshift from first to second gear is performed. During the gear shifts the
rotational speed of the load drive is kept constant by the inverter’s speed controller.
As in the simulation case studies presented before, the system model used for
simulation is capable of describing most relevant test bed phenomena sufficiently.
However, since the UUT is more complex than the previously discussed passive
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Figure 4.21: Test system for transmissions with conventional inverter system, measured
and simulated rotational speeds of input drive M1 and load drive M2.
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Figure 4.22: Test system for transmissions with conventional inverter system, measured
and simulated torques at input drive M1 and load drive Mo2.

differential gears, the parametrisation effort in particular for the gear shifts and for
the torque converter is significantly increased. For these reasons, some discrepancy
of experimental data and simulation results remain.

The testing conditions for the transmission that are presented in Figure 4.21 and
Figure 4.22 are not equivalent to typical load situations in driving experiments since
the electric input drive and the load drive affect the testing situation. For instance,
the strong torque oscillations coming with the gear shifts would be problematic for
driving comfort. The purpose of modelling and simulation however was to be able
to describe the test system; therefore, loads for the UUT divergent from driving
experiments are not relevant at this point.

The CPU-time required for the 70's section of the test-run discussed here is given in
Table 4.4.
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Table 4.4: CPU-time of a 70 s numerical simulation of a test bed for automatic transmissions.

Simulation Mode CPU-time
Normal 328s
Accelerator 99s
Rapid Accelerator 10s







Chapter 5

Control

In this chapter tracking controllers for rotational speed and torque are designed
based on the mathematical models presented in Chapter 3. These controllers are
tested by the use of numerical simulations relying on the simulation strategies
discussed in Chapter 4. The individual control problem strongly depends on the
testing configuration to control involving various numbers of electric machines
and testing objectives. In spite of these test bed specific challenges, this chapter
starts with some more general considerations. A schematic representation of the
control problem in general is given in Figure 5.1. For each of the k electric drives

Miref. M2,ref. My ref. Tl,ref. TZ,reﬁ Tkz,refA
Control
n Tfl Tagl,n'ﬁ np Tf2 TagZ,ref, 103 Tfk Tagk,ref.
i_'I' _____ T i I_I _____ T I i_'I— _____ T I
I n Tf p : n Tf I n Tf
! : ! [ !
el. drive 1 el. drive 2 el. drive k

Figure 5.1: General control problem for a test system with k electric drives.

rotational speed n and flange torque Ty are measured; these quantities can be
used in the control algorithms. In this representation the manipulated variables
are the references for the electromagnetic air-gap torques T, .r.. For test beds
equipped with the KS R2R inverter system also FOC for controlling the electric
machines is part of the control algorithm. For clarity, these machine controllers are
not shown in Figure 5.1; generally, for the following considerations it is assumed
that controllers for the electric drives are already available and the focus will be
placed on speed and torque control. References for the controlled variables are
determined by a higher-level system. Since these could be computed at runtime, it

97
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must be assumed that future references are unknown. Depending on the testing
situation, the number of rotational speed and torque references varies. In general,
ki references for rotational speed and k, torque references are given. At this level
of control typically ki + k» = k holds; thus, the number of references equals the
number of electric drives.

As testing configurations are rather diverse, it is cumbersome to design controllers
for this general problem setting. Instead, controllers for some selected testing
scenarios are developed; the basic ideas and results can then be applied to other
testing problems as well.

The requirements regarding control are plentiful: Obviously, good reference tracking
is a key objective. This implicitly includes that torsional vibrations are sufficiently
dampened because otherwise tracking the torque references is difficult. As shown
in Figure 2.6, decoupling the controlled variables rotational speed and torque
is a necessity for satisfying reference tracking; as a consequence, multiple-input
multiple-output (MIMO) controllers are demanded. The second key objective is
that a final production controller is delivered. Therefore, it should be universally
applicable, this implies that the control structure designed for a given testing
configuration should not depend on the UUT. The number of system parameters
required for control should be limited and controller parameter tuning needs to
be intuitive and simple. To motivate the operators of the test beds to use the new
controllers, these should be similar to the current production controller based on
PI controllers as shown in Figure 2.5b. For this reason, instead of introducing a
completely new control concept, an improvement of the controller used at present is
preferable. Another important factor is computational effort; the control algorithms
must not exceed the computational capacity of the real-time system used for
control. Furthermore, besides the measurement equipment mentioned before no
extra measurement systems can be added.

Measurement data is gathered at a sampling rate of 10kHz, thus also controllers
should be computed at this rate. Using this high sampling rate means that dis-
cretisation effects can be neglected and that controller design can be based on a
continuous time system description.

5.1 State of the Art

Although power train test beds are a very common tool in the automotive industry,
there is not much research work available dealing with speed and torque control
on these test beds. [11] and [12] are some of the few publications on designing and
controlling power train test systems. Both however discuss rather special testing
situations. But, there are similar challenges in the control of engine test beds. Here
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the two controlled variables are engine speed and engine torque while the actuators
are the ICE and the dynamometer. One control strategy often applied in practice is
to use PID controllers to control ICE and dynamometer individually. Frequently,
first the speed control loop is closed, then the torque controller can be designed to
reach acceptable closed-loop dynamics [21]. As briefly mentioned in Chapter 2, this
also represents the conventional control concept for power train test beds. With this
strategy the control performance might be satisfying in steady-state, but rotational
speed and torque are still coupled in dynamic operation. Therefore, most recent
approaches for controlling engine test beds are based on multivariable control to be
able to reduce the interactions of speed and torque control loop.

In [96] two separate PI controllers were used to control rotational speed and testing
torque, but each control action passes through a decoupling network and physically
acts on both ICE and dynamometer to decouple rotational speed and torque.
However, the authors neglected the torsional flexibility of the shaft connecting
ICE and dynamometer and thereby resonance phenomena. In [21] a decoupling
controller based on balancing the bandwidths of the two control loops with a
special focus on robustness was presented, but the flexible shaft was not considered
either. In [31] the test bed was modelled as a two-mass oscillator including the
torsional flexibility. Optimisation based control was then used to simultaneously
control engine speed and torque. In [97] again a multivariable approach was
presented; this test bed control strategy is based on model reference adaptive control.
Additionally, in [26, 98] another optimisation based control concept following the
model predictive control (MPC) approach was proposed. Further alternative control
strategies for engine test beds were presented in [28, 30, 99]. In [100] instead of
controlling an ICE test bed, control for a test bed for electric drives is discussed;
again a decoupling approach without considering any torsional flexibility is used.

Some of these ideas can be applied to control a driveline test bed, but there are
some important differences: Instead of the highly non-linear ICE with possibly
uncertain dynamic behaviour, an electric drive with well-known torque dynamics,
which is usually easier to control, is used. This typically results in less dead time
and a significantly faster torque control loop. Additionally, the complexity of the
mechanical system increases when the simple connecting shaft used on the engine
test bed is replaced by a complex power train component such as a transmission.

As already mentioned, the second important requirement in addition to decoupling
rotational speed and torque is the damping of resonant torque oscillations in the
multi-mass mechanical system. This is rather critical since these systems are often
poorly damped. These torsional vibrations can be excited by a change in load
torque, by gear play, or by torque harmonics from the electric drives [54] and from
the mechanical test set-up including the UUT [63]. Any hardware solution such as
adding passive damping elements or modifying the shaft stiffness parameters is
undesirable in general. Such an approach would cause additional cost, could limit
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the achievable dynamics, and moreover, redesigns of the shafts might be required
with every change of the UUT. Passive damping elements are furthermore typically
not free of wear. As a consequence, active damping strategies are preferred. These
solutions provide vibration damping by applying an additional torque generated
by the electric drives. In [32] an approach utilising the measured shaft torque and
Kalman filtering was presented for vibration damping on engine test beds. Also in
[56] engine test beds are discussed; here feed forward disturbance rejection is used
to reduce torsional vibrations.

In addition to engine test beds, these oscillation problems are often discussed in
the context of elastic drive systems. Here there is no ICE, but their oscillatory
nature is similar and the goal is also to perform speed and sometimes torque
control. There are many publications available dealing with the control of two- or
multi-mass systems with focus on oscillation damping. Various approaches based
on additional state feedback [36, 101-109], adaptive control [110, 111], MPC [37,
109, 112—-115], or flatness based control [116] were presented. However, most of
these applications require speed control and vibration damping to be accomplished
using just one electric drive. This restriction always leads to a compromise because
an improved speed control performance frequently comes with worse oscillation
damping properties [36]. However, when a power train test bed has to be controlled,
at least two electric drives are available; this can be utilised to improve oscillation
damping without negatively affecting the speed control performance.

Another popular method for vibration damping is the use of Notch filters to
attenuate the loop gain at certain frequencies and thus reduce torsional vibrations
[117]. These filters must be tuned to the problematic oscillation frequency and are
therefore useless when the critical frequency changes because of a modification
of the test set-up. This problem can be overcome by the use of adaptive filters
[118, 119]. However, this approach can be problematic in industrial practice where
potentially multiple resonant frequencies occur.

5.2 Multivariable Control

Many industrial control problems belong to the class of multivariable control. As
mentioned earlier, on engine test beds rotational speed and testing torque must be
controlled. Since the actuators are ICE and dynamometer, which are mechanically
connected, these control loops are definitely coupled [21]. On test beds for electric
drives, the situation is similar [100]; here instead of an ICE an electric machine
is tested. As shown in this work, power train test beds require multivariable
control of rotational speed and torque as well; compared to test beds for electric
drives the control problem could be extended as more than two actuators might
be available. Other applications generally requiring decoupled control are steel
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processing lines [120, 121], paper machines [122, 123], printing machines [124],
and web transportation systems [125]. Here, tension and speed usually have to
be controlled independently, but the basic ideas can also be adopted to control
rotational speed and torque on a drive train test bed. These applications are in
particular interesting as resonance phenomena are critical too [126].

Because of its practical relevance and due to the fact that many classical control
design procedures for SISO systems are no longer applicable, multivariable control
has been intensely studied. Many control strategies were proposed over the years;
these can be classified into centralised control and decentralised control [127]. Central-
ised control is based on one central controller that has information about all the
available sensor data and references and produces signals for all the available actu-
ators. Since this controller has all the information available, this is, at least in theory,
the most powerful control strategy. However, in practice there are problems such as
controller tuning is not intuitive because all control loops are closed simultaneously,
typically an accurate plant model is necessary, computational complexity may be
excessive for practical usage, and a small failure can cause instability of the overall
system. Examples for centralised control are state feedback control and output
feedback control including observers [128]. Also many optimisation-based control
concepts belong to the class of centralised controllers, either related to optimal state
teedback or in the context of MPC.

The key idea of decentralised control is to decompose the MIMO plant to control
into several SISO plants. Consequently, the controller design process is based on two
stages: first the subsystems to control must be identified and possibly decoupled,
then independently designed feedback control for these subsystems is added. By
following this approach, controllers are usually less complex as they only have to
control one subsystem instead of the entire MIMO plant. Additionally, controller
implementation and plant start-up are easier because the SISO control loops can be
closed one after the other. Furthermore, when satisfying decoupling is achieved,
the controllers for the subsystems can be designed using conventional SISO control
techniques. The simplest approach belonging to this class is multi-loop control where
manipulated and controlled variables are paired in a way that loop interactions are
minimised before these SISO control loops are closed. In practice, the controllers
for these sub-problems are often designed sequentially; this is particularly common
if the bandwidth of the control loops are quite different [129]. However, control
performance is typically not satisfying if these subsystems are strongly coupled.
Then decoupling control as shown in Figure 5.2 is an appropriate alternative. The
basic idea of decoupling is to transform the system’s transfer function matrix into a
diagonal one so that each system output y; is controlled by the new control input v;,
but independent of the other control inputs v; for j # i withiand j € {1,2,...,m}.
If this decoupling is available, the MIMO control problem is equivalent to a set of
m independent SISO control problems. As shown in Figure 5.2b, the decoupling
can be realised via feedforward control using a pre-compensator, which is in general
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Figure 5.2: Decoupling control.

a dynamic system if dynamic decoupling is desired or a set of constant gains if
only steady-state decoupling is required [129]. The alternative is to use static state
feedback; this approach is presented in Figure 5.2a and requires at least some system
states to be available. If chosen appropriately, the decoupling can significantly
improve the overall system performance. Problematic is that advantages related
to the decentralised control approach such as the usability of standard industrial
controllers are potentially lost; the resulting controller implementation is in gen-
eral centralised. However, when the decoupling structure is known, the feedback
controllers for the resulting SISO plants can be designed independently, which is
typically still easier than following the classic centralised approach based on only
one overall controller.

The requirements regarding control stated at the beginning of this chapter exclude
considering some of the control strategies mentioned above. To allow test bed
operators to continue using PI controllers, but nevertheless reduce the coupling
of rotational speed and torque, a decoupling strategy shall be used. Since feed-
forward decoupling using a pre-compensator cannot damp torsional vibrations, a
decoupling strategy based on state feedback is applied.

5.3 Model Reduction

As shown in Chapter 3, the test systems discussed in this work can be modelled
accurately as a higher order, potentially non-linear system based on a multi-mass
oscillator. The resulting models for the three test systems that were analysed are
depicted in a graphical representation in Figure 3.25, Figure 3.26, and Figure 3.27;
additionally, the differential equations describing the mechanical system of a test
bed for differential gears are given in Appendix C. However, because of their
complexity, these mathematical models are not suitable for model based control-
ler design. Furthermore, their high number of system parameters that must be
identified is problematic. For these reasons, reduced system models are determ-
ined by the use of some simplifying assumptions. Most of the ideas required for
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model reduction were already presented in [47] and are repeated in the following
sections.

5.3.1 Case Study I: Test System for Differential Gears

In Section 3.8 a test system for differential gears was modelled for simulation
purposes. In the following, this very detailed model is reduced by physically
motivated simplifications. The differential gear was modelled as a second order
dynamic system. But as the differential gear’s structure is often symmetric and its
moments of inertia are negligible compared to the electric drives, the complexity
of the mathematical model presented in Section 3.8 can be reduced and instead
of a dynamic model a purely kinematic model can be used. Furthermore, modern
commercial differential gears are developed for high efficiency; therefore, losses
are neglected and the differential gear can be modelled using the following set of
algebraic equations:

Wy = idw (5.12)
_dag Ty
Iy Tasi

Tio2 = ETdi + TS (5.1¢)

Then the only relevant properties of the UUT are the torque transmission ratio
iz and the friction torque T, responsible for limited-slip functionality. Addition-
ally, the mathematical description of the test bed’s mechanical structure can be
reduced: The torsional flexibility within the in-line torque sensors is significantly
less than the torsional flexibility of the cardan shafts connecting electric drives
and UUT. Additionally, the moments of inertia I, Iy, and I3 representing the
torque measurement flanges are negligible compared to the heavy rotors of the
electric drives. Therefore, these elements for modelling the torque transducers are
no longer considered. Since the damping coefficients of the cardan shafts are rather
low, damping is neglected and the shafts are modelled as pure torsion springs.*
Furthermore, gear play in the cardan shafts, in the gearboxes, and in the differential
gear is neglected.

Finally, the models describing the electric drives must be reduced. Since a technolo-
gically advanced inverter system is used, both dead time and first-order dynamics
typically affecting the torque control loop can be neglected. This allows the air-gap

'If the mechanical test set-up provides more internal damping so that damping cannot be
neglected, model reduction is complicated as the determination of an overall system damping is not
trivial. As shown in Appendix B, the combination of multiple shafts with internal damping to a
single equivalent shaft can only be done exactly for certain parameter settings.
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torques Tyg to be replaced by their reference values Ty .r.. The system model
resulting from these simplifying assumptions is shown in Figure 5.3.

Differential gear

Tng,VL’fJ w? c c TagS,refJ w3
52 wai = idwdm}rmdﬂz s3
: I,
Tior = 4T — 4L
: o
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Tagl,refJ wq

Figure 5.3: Reduced system model for a test bed for differential gears.

In most applications the test set-up is symmetric; the parameters of the cardan
shafts at the two outputs of the differential gear are then identical (cs;p = c¢s3). With
this additional assumption an equivalent torsional stiffness parameter

G 2051Cs2 2041053
s = = -
lﬁcsl + 2¢q lﬁcsl + 2¢s3

(5-2)

can be defined and the system shown in Figure 5.3 can be described by the fol-
lowing set of six differential equations derived from the conservation of angular
momentum:

dwi _ Go1 | iaGpr | iaCsgs | Tagirer (532)
dw, _ lﬂ@?l _ iéESQOZ B i§55903 - Tasi + Tagz,ref. (5.3b)

dt 2L, 41, 41, 2L, L
dws _ Z'dfcvs(Pl . i(%lgs(/)z o 1565903 Tas i Tag3,ref.

dt 2L 4Lz 4Lz | 205 L (5:30)
% = wy for k € {1,2,3} (5.3d)

The measurable plant outputs are the rotational speeds of the electric drives w;,
wy, and w3 and the torques measured by the torque sensors at the electric drives.
According to the system structure presented in Figure 5.3, these are the torques
transmitted by the three torsionally flexible shafts:
~ 14Cs i4C
Tr1 = csp1 — TS(PZ — 754’3 (5-4a)

g~ daCs o dgCs N\ Tyg
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_ (WG, TG Las
T =+ (65901 5 925 (P3> + (5-4¢)
The angular rotor positions ¢1, ¢2, and ¢3 are not relevant for control. According
to Equation (5.4), only a special linear combination of ¢, ¢, and ¢3 is of interest.
Therefore, the mathematical system model can be reduced by introducing the new

state variable

. +
Ap:= @1 — ld(Pz > . (5.5)

Then instead of the six Differential equations (5.3), a set of four differential equations
is sufficient to model the dynamics of the mechanical system shown in Figure 5.3

dw1 _ fCVSA(p Tagl,ref.

o _ = X o (5.6a)
o o
%:wl_w%_id% (5.6d)

and instead of Equation (5.4) the torques at the measuring flanges can be specified
as

T = &A@ (5.7a)
i T

Tp, = 3609 — —5* (5.7b)
is T

Tjs = 3 CAp+ 7. (5.7¢)

This forth order dynamic system can cover the fundamental test bed dynamics
including the most relevant resonance phenomena and the coupling of rotational
speed and torque and is therefore used for controller design.

5.3.2 Case Study II: Test System for Differential Gears with
Adapter Gearboxes

Due to additional adapter gearboxes, the test system modelled in Section 3.9 is
mechanically more complex than the test bed discussed in the previous section.
Nevertheless, model reduction can be performed based on the same ideas as used
before. Additionally, simplifications regarding the adapter gearboxes are applicable.
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Because of the three downspeed gearboxes, the mechanical system is divided into a
low-speed part (differential gear) and a high-speed part (electric drives). By scaling
torques, angular velocities, and cardan shaft parameters related to the low-speed
part based on the transmission ratios of the gearboxes at the differential’s input iy
and outputs ign = igp3, these two levels of rotational speed can be combined and
the mathematical model can be developed for the high-speed side. While rotational
speeds and torques are transformed by multiplication with respectively division by
the gearboxes’” transmission ratios, the shaft parameters are scaled according to

c c c c

; _ bsl ; _ Cs2 r _ ts3  Gs3

Cs1 = 2 Csp = 2 Cs3 = 2 T2 (5.8)
gbl gb2 gb3 gb2

The apostrophe is used to distinguish between transformed and original values.
Then also the differential gear’s system parameters i; and Ty, have to be scaled
according to

1
Tost = —Tusl (5.9a)
Teb2
i
i = i (5.9b)
lgb2

before the differential gear’s reduced System description (5.1) can be formulated
on the high-speed side. Additionally, for the test system considered here it is
admissible to assume that the cardan shafts connecting electric drives and gearboxes
are significantly less flexible than the shafts connecting gearboxes and differential
gear; this is especially to be expected because the levels of rotational speeds were
different originally and shaft parameters were transformed using Equation (5.8).
Therefore, the coupling of electric drives and gearboxes can be treated as torsionally
stiff and their moments of inertia can be combined. The resulting system model is
shown in Figure 5.4. I; is the sum of the moment of inertia of the electric drive M1
I and the moment of inertia of gearbox 1 g, while I represents one output of
the differential gear and is also composed of the moment of inertia of the electric
machine I;;; and the moment of inertia of the output gearbox Iy;;. The moments of
inertia at the second output of the differential gear are specified accordingly.

In spite of the adapter gearboxes, the system model is similar to the mechanical
system presented before in Figure 5.3. Consequently, the mathematical model is
only slightly different. When again a symmetric test set-up (c., = c.;) is assumed,
the equivalent torsional stiffness is

r 1o
5o 2Cslcs2 _ 2C51Cs3
Cs:= 27 + 2 T2y 4+ 20l (5.10)
Li Cs1 Cs2 L Ca1 Cs3
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Figure 5.4: Reduced system model for a test bed for differential gears with adapter gear-
boxes.

As for the setting without adapter gearboxes, the angular positions ¢1, @2, and ¢3
are not relevant for control, thus the new state variable

. +
Ap = ¢ — z;w (5.11)

is introduced. Then the mechanical system shown in Figure 5.4 can be described by
the following set of differential equations derived from the conservation of angular
momentum:

dw1 _ESA([) i Tagl,ref.

A ~11 - (5.12a)
T 120
% — - ifj% _ izlzl% (5.12d)

Besides the angular velocities of the electric drives wy, wy, and w3 the torques
measured by the torque measuring flanges are relevant for control:

I 1~ I b1

Tfl = iCSA(P + g_Tagl,ref. (5.13a)
L L
L2 i21~ T2 T[; I IgbZ

TfZ = A ECS ¢ — A 25 - A TagZ,ref. (5.13b)

L3 i:1~ In3 TZI ! Igb3
Tts = T, 2509 1—375 - rTug?a,ref. (5.13¢)
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While the system dynamics are equivalent to the test system without adapter
gearboxes, these system outputs are obviously affected by the moments of inertia of
the adapter gearboxes and therefore different than in Equation (5.7). However, when
the moments of inertia of the gearboxes tend to zero, above calculation formula for
the flange torques converges to Equation (5.7). Consequently, controller design is
only required for this extended testing situation with adapter gearboxes; controllers
for the simpler testing configuration can then be derived from the controller for
this extended test system.

5.3.3 Case Study Ill: Test System for Transmissions

Finally, a reduced model for a test bed for transmissions as discussed in Section 3.10
is derived. For controller design the transmission models discussed in Section 3.7.2
can be further reduced: The torque converter is not considered as in modern
automatic transmissions the lock-up clutch is controlled to limit torque converter
slip for increased efficiency [74]. Since in a testing situation the moment of inertia
of the transmission is often significantly smaller than the moments of inertia of the
electric drives, the UUT is assumed to be inertia-free. Furthermore, for modelling a
constant gear is assumed; consequently, the friction elements required to interrupt
the power transmission are not considered. Therefore, the transmission is modelled
as

Wepi = Z'gb(/‘ngo (5.14a)
Tepo = inggbi- (5.14b)

Neglecting the moment of inertia of the UUT means that a two-mass oscillator
results instead of a three-mass oscillator. Since damping the first eigenmode is
the priority and as the second eigenmode is typically at a rather high frequency
and difficult to damp anyway, this simplification is admissible. If furthermore the
torsional flexibility of the torque measuring flanges is neglected, the system model
presented in Figure 5.5 results.

Tagt ref.r w1 Transmission Tog2ref.r w2
Cs1 Cs2
Wepi = IgpWepo
Topo = fop Toni
8 0 8 8ot
Wepi Webo

Figure 5.5: Reduced system model for a test bed for transmissions.

To model this mechanical system, the equivalent torsional stiffness parameter

~ Cs1Cs2

Cg '= ———— 1
S lébC51+csz (5 5)



5.3 MODEL REDUCTION 109

is defined; then the rotational dynamics can be specified as

da)1 . _E‘;A(P n Tagl,ref.

TR I (5.16a)
dw, B l'ngSAQD Tagz,ref.
& I + I (5.16b)
dA .
_dt(P = w1 — lgpw2, (5.16¢)
where
A := @1 —igp@2. (5.17)

Since the UUT was assumed to be inertia-free, the torque transmitted along the
output shaft equals the torque at the input shaft scaled by the transmission ratio i,

Tj = GAg (5.18a)
Tty = igpCsAg. (5.18b)

If the controlled variables are the torque at the transmission input and the angular
velocity of the load drive, the system outputs are

n="Tn (5.19a)
Y2 = wo. (5.19b)

As the Differential equations (5.16) and the Output equations (5.19) are forming a
LTI system, transfer functions from the system inputs Tye1 er. and T rer. to the
system outputs Ty

Cs ’Esigb

Tfl (s) = N a2, Tagl,ref.(s) - ~ a2, TagZ,ref.(S)
Lin (52+1f72+ ,mé;) Lo <Sz+ﬁ+ﬁ)
:ZGH(S) ::G\;Z(S)
(5.20)
and w»y
~. 2 Cs
Cslop st
a)z(S) = g N o Tugl,ref.(s) + _ : a2 Tagz,ref (S)
Imllmzs (52 + ﬁ + Imgzb) ImZS (52 + ICsl + Imib>
— Gy (s) —:Gaals)

(5.21)
can be used to analyse the control problem. The challenges for control are obvious:

Since the number of system inputs and outputs is greater than one, this plant is a
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typical MIMO system. Both controlled variables are affected by both system inputs,
which means that those control loops are coupled. Additionally, due to the torsional
flexibility in the mechanical system and zero shaft damping, the denominator
polynomials of the transfer functions defined in Equation (5.20) and Equation (5.21)
show conjugate complex zeros located at

1 i
S12 = Ej4|Cs (ﬁ + Iiz) (5.22)
m m

potentially resulting in resonant oscillations. These findings are not only relevant
for this testing situation, but also valid for the three machine testing configurations
discussed before. Above challenges regarding control are addressed in the following
sections.

5.4 Input—Output Decoupling and Feedback
Linearisation

To achieve decoupling and vibration damping, a feedback input—output decoup-
ling and linearisation strategy is applied [130-134]. Figure 5.6a shows the control
structure related to this concept for a typical MIMO plant. Most of the following
considerations are only straightforward extensions of the feedback linearisation
design procedure for SISO plants [130, 133]. The plant with m-dimensional input

U1 Uy Al U1 Y1

—> > —> —>» Gis) B>
(% . u
22 ) Decoupling 2 L o "
. and Linea- | - Plant . —= 3 G(s) ——>»
. risation . .
Um Um | Ym N
v
i x | 25 G(s) 2>
(a) Control structure. (b) Control objective.

Figure 5.6: Input-output decoupling and feedback linearisation principle.

vector u = [ug,uy,...,uy]" and m-dimensional output vector y = [y1,y2, .. .,ym]T is
controlled by a decoupling and linearisation network ensuring that the map between
the new system input v; and system output y; is linear with dynamics G;(s) spe-
cified in the linearisation process for i = 1,2,...,m and that this system output y;
is independent of all inputs v; for i # j, see Figure 5.6b. This problem statement
implies that the number of controlled variables equals the number of manipulated
variables, but this is no limiting restriction for power train test bed control. The de-
coupling and linearisation is realised based on the new m-dimensional input vector
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v = [v1,02,.. .,vm]T and a static feedback of the state vector x = [x1, xp, .. .,xN]T,
where N is the system order. The plant considered is the affine input system given
by equations of the form

dx
Fri )+ Z by (x (5.23a)
yi = ¢i(x) for i=12,...,m (5.23b)

The relative degree ¢; is determined for every system output y; withi =1,2,...,m
as for SISO plants by differentiation of the corresponding output with respect to
time

y;i = c¢i(x)
d m
dytl = Laci(x) + ) Lp,ci(x) g
k=1 >—~—

m
y® = 126;(x) + Y Lo, Laci(x)
—_——

k=1
(5.24)
yl@i*‘l) _ Lg,‘fl ) + Z L L(5 -2 ( )uk
%,_/
o i 6i—1
yz( : :Lgcl +2Lbk Mk,
k=1 %/—/
# 0 for at least
one k€{1,2,...,m}
where 3¢:(x)
C;\ X
Laci(x) := ——a(x) (5.25)

ox
is called the Lie derivative of c; with respect to the vector a or along a [130]. In all
time derivatives yfl) forl =1,2,.,6; — 1 the Lie derivatives along by are zero for
k=1,2,...,m while in yl@i)
ke{1,2,...,m}.

the Lie derivative along by is non-zero for at least one
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When the relative degree J; is determined for every system output y;, the relations

m
13 _
yg 1) — Lglcl(x) + Z LbkLgl 1c1(x)uk
k=1

) = L2y (x +2Lwﬁ1 (x) 1
(5.26)

5"1
]/1(11 ) = Lg’”c —|— ZLbkL(sm e Cm )Mk

can be formulated. These equations can be summarised in vector-matrix notation

y = €(x) + D(x)u, (5.27)

where the m-dimensional vectors y and ¢(x) are defined as

ol [

_ 2 _ LiZCQ(X)

y = yZ: , C(x):= : (5.28)
ym L3 c(x)

while the matrix D(x) € R™*" is given as

Lbl Lgl_lcl (X) Lszgl_lcl (X) s meLil_lcl (X)

_ Lo L2700 (x) L L2 'oo(x) -+ Ly L2 leo(x

B(x) = by a: 2(x) Ly, a: 2(x) ; by a: 2(x) . (5.20)
L, LY em(x) Lo, L3 em(x) -+ Ly, L3 em(x)

If a new m-dimensional system input w is introduced in a way that

W=y (5-30)

holds, decoupling and linearity is ensured [133]. Based on this relationship and
according to Equation (5.27), the system input u can be determined if the matrix
D(x) is regular:

u=-D '(x)(&(x) —w) (5-31)

If the new manipulated variable w; is chosen as

5i—1 5—2 ,
w; = —ai,(s,-_1yf ) —ﬂi,(si—zyg ... —ajoy;i+Viv; for i=1,2,...,m, (532)
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the dynamics of the controlled SISO plant is defined by the choice of the controller
coefficients a; ;:

;i 6i—1 6;i—2 .
yl( ) + ai,é,-—lyg ) + ai,(si—Zyz( ) +oot aioyi = ‘/1"01' for i= 1,2,...,m (533)

By the use of Equation (5.24), the final control law can be formulated
Lglcl(x) + .4 511,1La01 (X) + all()Cl (X) — Vlvl
— 1 LgZCZ(X) +---+ ﬂzllLaCQ(X) + llz/oCz(X) — Voup
u=-D (x) : . (534)

L‘;'”cm(x) + -+ am1Lacm(X) + A oCm(x) — Vipom

As mentioned, the matrix D(x) must be regular to be able to completely decouple
the system. However, if the plant contains some internal dynamics, ensuring asymp-
totic stability may still be problematic. For analysing the internal dynamics the
vector relative degree § and total relative degree J of the system are of importance.
System (5.23) has a vector relative degree

S=1[0 6 -+ O] (5.35)
if
1. Ly L lei(x) =0fori=1,...,mk=1,...,m1=1,...,6;—1and
2. the decoupling matrix D(x) is regular.

The sum of all §;
0=061+0+ +on (5.36)

is the total relative degree of System (5.23).

To prove asymptotic stability, the transformation z = t(x) into Byrnes-Isidori normal
form is applied:

c1(x)
Lacl (X)

Lﬁl_lcl(x)

z=|:| =7 =t(x) = (5.37)
M Lacm(x)
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The first §; elements of z and ¢ are given by the system output y; and its J; — 1
time derivatives. The remaining elements of ¢ are the other system outputs y; and
their §; — 1 time derivatives for i = 2,3,...,m. The N —  missing elements of z
are summarised in # and given by functions #;(x). The choice of these functions is
not unique, but restricted by the requirement that dt/dx must be regular. Then the
inverse transformation

x=t1(z) (5-38)

exists as well. If Transformation (5.37) is applied to System (5.23), the plant in
Byrnes-Isidori normal form

1 @)
) 33
6(51 q)l(g/”/u)
d 4 : :
d—j =3 65_§m+1 = Cs_§m+z (5-39)
Cs Pm (S, 1,u)
m 71(&, 1, u)
L in—s 1 Lan-s(Z,1,u) ]

results. The functions ¢;(¢,#,u) fori =1,2,...,m describe the 5;-‘h time derivative
of system output y; as given in Equation (5.26). If the Control law (5.34) is applied,
the closed-loop control system in Byrnes-Isidori normal form is

1 )

o 3

s, —a1081 — 41,182 — -+ - — 1,5, -1Gs, + V1701
d - (5.40)
i C(S—z'im—i—l = 6(5—(.5m+2 . (540

s — A, 085—6,4+1 — Am186—6,42 = — Am,,—165 + VinOm

m q1(&,n,u) = q1(¢,1,v)

L in-s 1L an-s(&,m,u) = qn-s(Z,1,v) |
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This representation clearly shows that the input-output behaviour (external dy-
namics) is given by the dynamics of § while the internal dynamics is given by
the dynamics of #. If § is equal to N, the system has maximum relative degree
and consequently no internal dynamics. Asymptotic stability can then be guar-
anteed by selecting the coefficients 4; ; such that the denominator polynomial of
the transfer function related to Equation (5.33) is a Hurwitz stable polynomial for
i=1,2,...,m. If however § < N holds, System (5.23) with Control law (5.34) con-
tains a non-observable subsystem of order N — 4. The dynamics of this subsystem
is given by

dy i (5/. 7,v)

x| (5.41)
IN-5(8,11,V)

To be able to guarantee asymptotic stability of the overall control system, in addition
to the external dynamics also these internal dynamics must be asymptotically

stable.

In [47] a control strategy based on these ideas was proposed to control a test bed
for differential gears as presented in Figure 3.1. In the following sections, the results
for this three machine testing configuration shall be given once again; additionally,
a modification for the use for two machine configurations is presented. The decoup-
ling networks are designed to minimise loop interactions and to ensure that the
dynamics of the resulting SISO plants are suitable for the design of additional feed-
back controllers for rotational speed and torque. This approach based on solving
the control problem in two steps is chosen because then, the decoupling problem is
separated from the tracking problem and the feedback tracking controllers could
be realised as PI controllers making the control concept easy to handle for test bed
operators.

5.4.1 Two Machine Configuration

The decoupling and linearisation procedure is applied to the reduced mathematical
model of the test bed for transmissions derived in Section 5.3.3. Here the first
controlled variable y; is the torque measured at the input drive

v1=Tn =CAg (5.42)
while the second system output is the angular velocity of the load drive
Y2 = ws. (5.43)
The dynamics of the plant are

dw1 . _ESAQD n Tagl,ref.
dt  ILn L

(5.44a)
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dwy B igbbvsAQ’ i Tagz,ref.

TR I (5-44b)
dA .
_dt(P = w1 — lgpwo. (5-44¢)

To determine the relative degrees, the first time derivative of y; is calculated

—= = Gsw1 — Cslgpwy. (5.45)

Since dy1/dt does not depend on either Tye1 e, OF Tyeo ref., the second time derivative
is determined; for completeness a potentially time dependent transmission ratio is
assumed

5 ~ .~ .

dzyl 2 1 Zgb Cslagl,ref. l1gbCs TagZ ref. ~ d-lgb
a2 - (R 2 el e A Y e .
TR A S s i Lo Gwrgy (540

Consequently, the relative degree belonging to the controlled variable y; is §; = 2.
The first time derivative of y; is

dyZ . ingsA(P TagZ,ref..
TR + L, (5-47)

therefore, the relative degree of system output y; is 6, = 1.

Remark 1 The sum of relative degrees is three, which is equal to the number of state vari-
ables in System (5.44). For this reason, the dynamic system described by Equation (5.44)
with outputs defined in Equation (5.42) and Equation (5.43) has no internal dynamics.

For the given plant the decoupling matrix D(x) is independent of the state vector

X: _
o E_S . z'gbcs
D = <Im1 1Im2 ) (548)

0 =

I m2

As D is clearly regular, the decoupling network can be determined; due to the
upper triangular form of D, computing the inverse of D is unnecessary and a
step-by-step calculation of the manipulated variables uy = Tjq1 rer. and Uz = Tygo ref.
is possible. In the input-output decoupling process the dynamics of the resulting
decoupled SISO plants can be assigned. According to the relative degree é, =1,
the desired dynamics of the system output y, is chosen as the first-order dynamic
system?
_ 12(s)
GQ(S) . - (S)

1
= %, (5-49)

2This plant dynamics is not bounded input — bounded output (BIBO) stable; stability is ensured
by the additional feedback speed controller.
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so that the system output y; is controlled by the virtual control input v,, which
will be the output of a speed controller, but independent of the virtual control
input v; [130]. The dynamics are defined as a simple (scaled) integrator because
many suitable speed controllers are available for this system class. Writing down
the corresponding differential equation

dyz . dCUQ D2
dt  dt  ILp (5.50)

and using Equation (5.44b) results in the desired air-gap torque for the electric
drive Ma2:

Tagoref. = V2 — ingSA(P (5.51)

This desired air-gap torque Tye2 ef. is composed of two parts; the first component
is the virtual control input v, which will be the output of the feedback speed con-
troller. Additionally, the output torque of the transmission has to be compensated.
According to Equation (5.18b), this is exactly the measured shaft torque Ty,; there-
fore, no load torque estimation is necessary and the calculation formula for the
manipulated variable T .r. can be simplified:

Tagaef. =02 — T2 (5-52)

If the air-gap torque Tg .. is calculated according to Equation (5.51) or Equa-
tion (5.52), changes in testing torque do not affect the angular velocity w,. As the
shaft torque measurement is used directly, also phenomena that were not modelled
(e.g. disturbances resulting from gear shifts) are compensated. This feedforward
load torque compensation is sporadically used to improve disturbance rejection in
speed control applications, see e.g. [135]. In many industrial applications a torque
sensor is not available. In these cases the load torque must be estimated. Thus,
using the measured load torque simplifies the control structure by removing the
observer. Implementing this strategy in practice however is not trivial. Directly
considering the measured shaft torque Ty in the desired air-gap torque Ty ,.y. is
critical concerning dead times in the inverter system. Dead times above a certain
level in the inverter’s torque control loop can cause instability of the speed con-
trol loop, especially if higher resonance frequencies in the multi-mass mechanical
system have to be considered. To avoid this problem, the measured shaft torque
is often low-pass filtered. This however degrades disturbance rejection properties
as well. But if a hardware set-up optimised for small dead times and fast torque
dynamics is available, the measured load torque can be added directly without
filtering. However, using speed control with feedforward load torque compensation
might degrade the vibration damping properties [36]. Therefore, the input drive
M1 must be used to actively damp resonant torque oscillations.
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Also for the remaining system output y; the desired dynamics have to be specified
according to the relative degree 6; = 2. In general,

Gi(s) =18 =V

v1(s)  s2+ais+ag (5.53)

with ap > 0 and a; > 0 is a suitable approach for the dynamics of y;. The differential
equation corresponding to Equation (5.53)
dzyl
dr

d
<i/t1 +aoy1 = Voy (5.54)

+ aq
in combination with the definition of the system output y; in Equation (5.42), its
time derivatives according to (5.45) and (5.46), and the dynamics of the output y»
as specified in (5.49) or (5.50) results in

digy, VI
Tagl ref. — ( N Elolml) Ap —arlm (wl - ZngZ) + Imlng Lo ‘|‘ Imlwzd_i + Esml 1.
(5-55)

To reduce this formula, the coefficient gy can be chosen as ay = ¢/1I,,; then the
dependency on Ag is removed. Additionally, V = ap must hold for unity gain. This
gives

dzg

Tagl,ref. =01+ I (gbl ) +wr—— dr > — a1l (wl - ingZ) . (556)
m

Consequently, the resulting torque transfer function is

Cs
Gq(s) = —. .
1(s) TS (5-57)
If the transfer function is rewritten as
Cs
Gi(s) = = , (5.58)

Ly1s? + ds des.S + Cs

a physical interpretation is possible. This transfer function is close to the dynamics
of the mechanical system, which can be regarded as an undamped two-mass
oscillator with the moment of inertia of the speed controlled machine tending
to infinity because of load torque compensation. I;;; is the moment of inertia of
the input drive while ¢; is the torsional stiffness parameter of the elastic shaft.
The new parameter dvs,des. is the shaft’s desired damping coefficient. This means
that the natural frequency of the decoupled system remains unmodified while the
damping is increased by feedback control. The choice of (5.58) can be motivated by
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a differentiation of (5.44c) with respect to time. If additionally (5.44a) is used and
the dynamics of the system output y; is fixed according to (5.50), one obtains

dqu} ESAQD Tagl,ref. . 0O digb
T + L. lgblm—z BT (5-59)
Pure decoupling would require the desired electromagnetic torque Tg1 .. to be

chosen as .
Tagl,ref. = Tagl + Imllgb + Iimw2 (5'60)

with Tagl being the new virtual control. Replacing T¢1 re. in (5.59) by (5.60) gives

dzA(p . _ESA(P 4 Tagl
2 L, L

, (5.61)

which is exactly the dynamics of the mentioned undamped two-mass oscillator
with the moment of inertia of the speed controlled machine tending to infinity. The
natural angular frequency resulting from Equation (5.61) is wg = /¢/L,n, which is
lower than the natural angular frequency of the coupled dynamic system given in
Equation (5.22); this is due to feedforward disturbance torque compensation at the
load drive.

Finally, also the reference air-gap torque for machine M1 can be rewritten for
clarity

d (igpw2)  ~ .
Tog1,ref. = 01+ ImIM — ds des. (wl - ZngZ) . (5.62)
=Laccel. ::Tdump.

This desired air-gap torque Ty ref. is composed of the virtual control input vy, the
damping torque Tj,y,,. to reduce torsional vibrations, and the decoupling torque
Taccer. for accelerating the moment of inertia I,,; when the angular velocity of the
input drive must be changed. This is necessary when the angular velocity of the
load drive is modified or when a gear shift occurs and therefore the transmission

ratio changes. The only remaining tuning parameter is c,l;’des"

The goals at the beginning of the decoupling and feedback linearisation process were
to decouple the speed and torque control loops and to damp torsional vibrations. In
spite of an integrated controller design process where both goals were handled at
once, the results given by Equation (5.62) and Equation (5.52) can again be divided
into these two measures. Equation (5.52) is exclusively responsible for decoupling;
in Equation (5.62) T, is used for decoupling while Ty, provides for vibration
damping. The functionality of these measures is even independent from each
other; the decoupling components can be activated without active damping if no
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additional damping is required and the damping torque can be used without
decoupling if desired. This property can simplify controller testing in practice as
these two measures can be implemented and examined separately.

In Figure 5.7 the resulting control scheme is presented. The decoupling structure

Decoupling and

R.-ef—eze—n(—:es Torque control damping network

Up i

Rt

E i
i | )
i ! i !
H | H
’ i 5 i :
. ! | |
E ! i i
| i D X e i
i | i| XA XA !
: i Speed control : X i
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j ! » 4 | !
g i > i
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i ifilp 1 2 | Measure
tTorque flange Inc. encoder! ment

Figure 5.7: Proposed control structure for a test bed for transmissions.

was designed in such a way that only measurable signals are required; therefore,
no state observer is needed. Some of the calculations in the decoupling network are
based on igb ; for this reason, the transmission ratio must be known for control. Load
torque compensation used to improve speed control is independent of the transmis-
sion ratio; however, for vibration damping and for decoupling the torque controlled
input drive, the transmission ratio is essential. If the test bed automation system
actuates the transmission, the current gear and therefore also the transmission ratio
igp are known. This testing situation was discussed in Section 3.10. If the gear shifts
are performed automatically, ig; can be estimated based on gearbox input and
output speed. During the gear shifts the transmission ratio must be changed. The
precise timing of this process can be interpreted as a tuning parameter for control.
The decoupling torque T, is non-zero if the term ig,w, changes. This can easily
be handled if a constant gear is assumed; dig/dt is then zero and the decoupling
torque is only active when the angular velocity w, of the load drive is changed. If a
gear shift occurs, the transmission ratio changes; since the speed of the load drive is
typically kept constant during the gear shift, the angular velocity of the input drive
must change. In this situation, the term I,,;;wydigs/dt is exactly the torque required
to accelerate the input drive with rotor inertia I,,,;; to the angular velocity suitable
for the next gear. A combination of these two situations is feasible as well.
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5.4.2 Three Machine Configuration

Also for three machine testing configurations shown in Figure 3.1 and Figure 3.24
used to test differential gears a decoupling controller is designed following the
approach used for the test system for transmissions. Here the most general situation
including the adapter gearboxes is discussed; a controller for the reduced problem
without those gearboxes can then be derived easily from this controller for the
extended test set-up. Controller design is based on the reduced mathematical model
discussed in Section 5.3.2 where the system dynamics were determined as

dw1 . _ESAQD n Tagl,ref.

dor _ Nll - (5.63a)
e 5639
d;s_tqo - i;;uz _ i&;’s, (5.63d)

For this testing situation the first system output y; is the total output torque of the
differential gear

y1 = Tsum = igriyCsAg; (5.64)

the remaining outputs are the angular velocities of the load drives M2 and M3
Y2 = Wy (5.65a)
Y3 = ws. (5.65b)

In contrast to before, this dynamic system is non-linear because of the friction
torque T),;. Nevertheless, the relative degrees are determined starting with the
differential gear’s total output torque Tsym = y1 as given by Equation (5.64). The
first derivative with respect to time is

dyl . g~ ., Wy + w3
af = lgbZZz/iCS <w1 — l:jT . (5.66)

Since dy1/dt does not depend on a control input, the second time derivative

d d
Py (dwl i,%+%)

is determined. According to Equation (5.63), d°v1/d? definitely depends on the
control inputs meaning that the relative degree of the output variable y; is §; = 2.
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The second system output is the angular velocity of the electric motor Mz, i.e.
Y2 = wy. According to Equation (5.63b), the first derivative with respect to time is

d 1 il T
% = E (TagZ,ref. + EdcsAq) - %) . (5.68)

Since dy2/dt already depends on the system input T .., the relative degree of y,
is 6 = 1. As the third plant output is the angular velocity of M3 and according to
(5.63b) and (5.63c) the dynamics are similar to y,, the corresponding relative degree
is also 93 = 1.

Remark 2 The sum of relative degrees is four, which is equal to the number of state vari-
ables in System (5.63). For this reason, the dynamic system described by Equation (5.63)
with outputs as defined in Equation (5.64) and Equation (5.65) has no internal dynamics.

The decoupling matrix D(x) is again independent of the state vector x:

ighaigls igbilf Cs B igbilf Cs
o I3 21, 213
D=1] o L 0 (5.69)
1
0 0 &

Since as before D is clearly regular, the decoupling network can be determined;
due to the special form of D, computing the inverse is unnecessary and a step-by-
step calculation of the manipulated variables is possible. If the dynamics for the
controlled variables y, and y3 are chosen as

yals) _ 1
G = = .
2(5) 02(8) T,25 (5.70)
_yas) 1
Gs(s) := 235) ~ Loe’ (5.71)
the desired air-gap torques for machines M2 and M3 are
Lopp il T/
TagZ,ref. =02+ f_vz - (EdCSAqO N %) (5.72)
Jnz_J g
Taccel.,gbZ T[;ol
Lops il T
Tag?),ref. =03+ f2—03 - (EdCSAq) + %) ’ (5'73)
U y

Taccel.,gbB TL/102
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These desired air-gap torques T or. and Tpes o, are composed of three parts;
the first component is the virtual control input, which will be the output of the
speed controller. Additionally, the output torque of the differential gear scaled
by the inverse of the transmission ratio ig;; and the torque required to accelerate
the moment of inertia of the adapter gearboxes have to be compensated. Since
according to Equation (5.13b) and Equation (5.13c) this is exactly the measured
shaft torque, no load torque estimation is necessary and the calculation formula for
the manipulated variables T;¢ ,er. and Tg3 ¢, can be simplified:

TugZ,ref. = 02— TfZ (5.74)
Tag3,ref. =03 — Tf3 (5.75)

This is the same result as in Section 5.4.1 although the testing situation is com-
pletely different. Consequently, the feedforward load torque compensation scheme
based on the shaft torque measurement can universally be applied when in spite
of strong disturbances excellent speed control performance is desired. An import-
ant requirement for using this strategy however is a high-performance inverter
system.

If the dynamics of the remaining system output y; is chosen as

y1(s) Cs
Gy(s) := = — , .76
1( ) 01 (S) I;s? +ds,des.5 + s 576)

the desired air-gap torque of the electric machine M1 is

v ~ , Wy + w3 L, (dwy, dws
Tagl,ref. = %—;1:;1 - ds,des. (Wl - 1& 5 ) + 2d ( aF + i ) (5.77)

Finally, using the dynamics for the outputs y, and y3 as specified in Equation (5.70)
and Equation (5.71) avoids the determination of the angular acceleration of the
drives M2 and M3 to be needed and we get

1 ~ ) Wo + w3 i, (v U3
T, = g ST g (2 B ) 78
agl,ref. lgbzlfi s,des. (wl ¥} 7 ) + I > (Imz + Im3> (5 7 )
::Tdump =Tccel.

Thus, the desired air-gap torque Tpe1 ref. is composed of the virtual control input vq,
which is scaled to obtain unity gain, the decoupling torque T,..;. for accelerating
the moment of inertia I; when the angular velocities are changed, and the damping
torque Ty,mp. to reduce torsional vibrations. The friction torque Tl;SZ is only changing
the torque distribution to the two outputs of the differential gear and consequently
does not affect the total testing torque. Also this result is very close to the findings
of Section 5.4.1 for the two machine testing configuration.
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Figure 5.8: Proposed control structure for a test bed for differential gears with adapter
gearboxes and symmetric mechanical structure implying I,,o = I3, ¢s2 = Cs3,
and igbz = ing-

In Figure 5.8 the resulting control scheme is presented for identical rotor inertias of
machines M2 and M3 (I, = I;3). The decoupling structure was designed in such
a way that only measurable signals are used; then no state observer is needed. In
commercial testing situations the moments of inertia of the three adapter gearboxes
are potentially unknown, but all three desired air-gap torques initially depend on
at least one of these inertias. This does not cause problems for machines M2 and
M3 because the load torque is measured at the shafts connecting induction machine
and gearbox and Equation (5.74) and Equation (5.75) can be used instead of Equa-
tions (5.72) and (5.73). However, the acceleration torque T,..; in Equation (5.78)
depends on Ij, which is the sum of the moments of inertia of gearbox 1 and electric
machine M1. Therefore, Equation (5.78) cannot be used directly. The easiest altern-
ative is to replace the total moment of inertia I; by the induction machine’s moment
of inertia I,,;;. Of course, this will result in imperfect decoupling when there is a
change in rotational speed. Another possibility is to replace the system parameter
I; in Equation (5.78) by the new controller parameter [; and to manually tune it in
experiments until a change in rotational speed no longer affects the total testing
torque. In Figure 5.8 the approach with the new controller parameter [; is shown.

If a testing configuration without adapter gearboxes is considered, only minor
modifications are required: the transmission ratios ig;; and iz, must be set to one

and [; can be replaced by the input drive’s rotor inertia I,,;.
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5.4.3 Selecting the Active Damping Parameter

An important tuning parameter in Equation (5.62) and Equation (5.78) is the desired
damping coefficient js,des. in the torque transfer function. To analyse the effect of
this controller parameter, the poles of the torque transfer function Gy (s) defined in
Equation (5.76) for the three machine configuration are determined3

- ~ 2
. ds,des. . fcvs ds,des.
512 = _T +] 1—1 - T . (5.79)

Due to the decoupling network, the pole locations are not affected by the moments
of inertia and the speed control parameters of the load drives. If the denominator
polynomial p(s) of the torque transfer function is written as

p(s) = s* + 20wos + wy, (5.80)

with { being the damping ratio and wg being the undamped natural angular
frequency, the dependency of { on the controller parameter d; js.

ds des.
= oo 8
NG oo

can easily be specified.

With L,{S’de& equal to zero the two poles will be imaginary; { is then equal to zero
resulting in undamped torque oscillations. If d; 4., is increased, the damping ratio

{ rises, which leads to under-damped system behaviour. When d, ;.;. is equal to
21/¢:1, the two previously conjugate-complex poles become a double real pole
and ( is then equal to one meaning that the system is critically damped and that
resonance oscillations vanish. If js,des. is increased further, the system becomes
over-damped leading to slower torque dynamics than with critical damping. These
effects are shown in Figure 5.9 and will be further investigated in simulation later.

5.5 Speed Control

In addition to the decoupling network including active vibration damping, feedback
speed controllers R, for the load drives have to be added to the control scheme.

3The torque transfer function for the two machine configuration is similar: only the definition of
the equivalent torsional stiffness parameter is different and I; must be replaced by the rotor inertia
of the input drive I,,;.
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Figure 5.9: Poles and damping ratio of the torque transfer function depending on the
controller parameter d 4,5 .

The nominal plant to control is given by the transfer function

wy(s) 1
Gz(S) = ?)2(8) = % (5-82)
that was specified in the design of the decoupling network. This nominal transfer
function originates from a significantly reduced system model. In practice, torque
disturbances Tj;s; (s) due to imperfect decoupling, friction losses, and air-gap torque
deviations such as torque harmonics [54] or stationary torque estimation errors [51]
have to be expected:

ws(s) = [0 (5) — Tar (5] (583)
m2S

Many different controller types are capable of controlling this plant. In the following
sections, two approaches are further discussed; these proved to provide the desired
control performance and can easily be applied in practice since parameter tuning is
rather simple. Other controllers based on sliding mode control, see e.g. [136], such as
the super twisting controller were analysed in simulation. If chosen appropriately,
these can guarantee finite time convergence, but for this speed control application no
improvement regarding performance could be achieved. Because of the decoupling
scheme, disturbances for this control loop are significantly reduced and therefore the
great robustness properties of the sliding mode controllers are not that relevant.

5.5.1 PI Control

To be able to eliminate steady-state tracking errors caused by torque disturbances,
a PI controller can be used:

UZ(S) = kpZ [w2,ref. (S) — Wy (S)] + % [wZ,ref. (S) —w» (S)} (5-84)
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This speed control approach is typically available on every commercial inverter
system and therefore widely used in industrial applications [12, 137]. Since feed-
forward load torque compensation is applied, controller design can be performed
easily e.g. by using loop shaping [138] without knowing any system parameters
except for the electric machine’s rotor inertia. Due to limited air-gap torque, usually
additional anti-windup (AW) measures are necessary; in industrial practice often the
conditioning technique proposed by Hanus is applied [139].

5.5.2 P Control with Disturbance Observer

An alternative speed control concept is based on using a P controller with an
additional disturbance observer [51]. For observer design the plant is given in a

state-space representation

dwz
ImZF =02 — Tyist; (5.85)

the disturbance torque Tj;;. is unknown, but assumed to be constant (d7uist./dt = 0).
Then the differential equations for the observer are

dw;

ImZF = vy — Tist. (5.86a)
dlus.
— Y (5.86b)

where @&, and Ty, are estimates for angular velocity respectively disturbance
torque. If the dynamics of the disturbance estimate Tj;5; are chosen as

dTs s (dawy  dawn
=1 — = .
T m2b T T ) (5-87)
the disturbance observer results:
dT;: A dw .
% =0 (02 - ImZd_t2 - Tdist.) (5-88)

By the use of the parameter b > 0, the dynamics of this differential equation and
of the estimation error er, , := Ty;st. — Tyist. can be specified. To avoid the need of
determining dwa/dt, an auxiliary variable z is introduced

z 1= blypwy + Tyist. (5-89)

The dynamics of this variable now do not explicitly depend on the angular acceler-

ation dwa/qt
dz

= bz b (Z)z + Blmz(xJz) (5.90)
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and can thus be implemented easily. The disturbance torque estimate can be
calculated based on z and w»>

Tdist. =z EImZWZ- (5'91)
If the controller is chosen as
Uy = kpZ (WZ,ref. - WZ) + le’st. (5-92)

and the disturbance observer converged (Tyist. = Tyist), the rotational speed dynam-
ics are d
w
Imzd_tz = kpZ (w2,ref. - WZ) . (5'93)
As for the classic PI controller, also with this approach two controller parameters
must be tuned. By selecting the proportional gain ky> > 0, the dynamics of the
speed control loop can be specified while the dynamics of the disturbance observer

are given by the choice of b.

5.6 Torque Control

To make sure that the testing torque is equal to its reference value T, in steady-
state, a torque controller Rt must be added. The nominal plant is given by the
transfer function

J— CS

1152 + ds,des.s + s
that was specified in the design of the decoupling network. The DC gain of the
Torque transfer function (5.94) was chosen to be one. Furthermore, for ‘;lvs,des. >0
this system is BIBO stable; thus, the reference torque might be reached even without
feedback torque controller. But as for the speed control plant, here the real plant
will deviate from this nominal plant description as well. Because of losses and
possibly uncertain induction machine parameters [52], a feedback torque controller
is usually necessary to be able to guarantee a vanishing steady-state torque error.
The torque controller’s main objective is to fulfil the steady-state requirements; the
dynamic behaviour of the torque control loop can also be adjusted by the controller
parameter ﬁ;’des, Basically, many control approaches are applicable for this control
problem. In practice, PI controllers with additional feedforward control, as will be
briefly discussed in Section 5.6.1, are widely used. However, in simulation modern
sliding mode control was analysed too. These experiments showed that their high
controller gain for small tracking errors is problematic. The torque transfer function
does not describe the oscillatory behaviour of the plant exactly. In reality, also
higher eigenfrequencies are relevant. With high controller gains these torsional
vibration modes can easily be excited.

Gi(s) (5-94)
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A problem sometimes related to torque control is the choice of the measurement
signals used for feedback control. For test systems without any additional gearboxes
the flange torques measured at the electric drives are typically used directly as
feedback signals because the torques at the UUT are close to these measured
torques. However, according to Figure 3.1, on a test bed with adapter gearboxes
there are no torque sensors located directly at the UUT. If such a test system for
differential gears is considered and the objective is to control the differential’s total
output torque, this quantity is unknown and must be estimated. An easy way to
overcome this problem is to use again the data from the torque measuring flanges
at the electric drives M2 and M3 and to scale them by the transmission ratio of the
output gearboxes igp = igps:

Tsum = igbZ (TfZ + Tf?)) (5-95)

Because of possible losses in the gearboxes, this is not a perfect solution, but these
loss torques could be measured before the test-run and then compensated by adding
the loss torque for gearbox 2 Tj ¢ and gearbox 3 Tj ¢43; these are often modelled as
functions of angular velocity:

Toum = igho (T2 + Tigpo(w2) + Tz + Tpgps(ws)) (5.96)

Additionally, when there is a change in rotational speed, the moments of inertia
of the gearboxes at the differential gear’s outputs are causing a torque error on
account of the torque needed to accelerate or decelerate. But these torques for
gearbox 2 Tyl gb2 and gearbox 3 Tpecer, gp3 could also be compensated:

Tsum - igbz (TfZ + Tl,gbZ(WZ) + Tuccel.,gbZ + Tf3 + Tl,gb3 (w?)) + Tuccel.,gb3) (5'97)

If the acceleration torques are replaced according to Equation (5.72) and Equa-
tion (5.73),

. Igb2 Igb3
Tsum = igpa | Tra + Ty gra(w2) + ——02 + Ty3 + Tj gz (ws) + ——03 (5.98)
Lz In3
results. Both compensations could also be considered by modifying the reference
torque T,.s. appropriately.

5.6.1 PI Control

To make sure that torque control is simple and easy to tune for test bed operators, a
PI controller with additional feedforward control action is often used in practice:

k.
01(5) = kg1 Trer. (5) + kp1 [Treg. (5) = Toum ()] + =

S [Tref. (S) — Tsum (S)] (5-99)
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Since the main objective is to guarantee vanishing steady-state tracking error, for
some applications an integrating controller including feedforward control has
proven to be sufficient; kpl is then set to zero. As for the speed controller, controller
windup can be avoided by applying the conditioning technique [139] or by limiting
the integrator if an integrating controller without proportional action is applied.

5.7 Closed-loop System Analysis

In this section some considerations regarding the stability of the closed-loop system
are conducted. By the use of the state vector

x:= [w1 w A(p]T, (5.100)

a state-space representation of the test system for transmissions can be given:4

0 0 -5 1
dx 'Ifl Iml T 1
a 0 0 léI;sz x+10 IL et (5.101)
m2 m2
. TagZ,ref.
1 —ig 0 0 0

As shown in Section 5.3.3, due to the lack of internal damping, this system is not
asymptotically stable. In a first step, the speed control loop is closed by applying a
PI controller
ki .
TagZ,ref. (s) = (kPZ + ?2) [wz,ref. (s) — w2 (5)} - ’)’wlgbcsA(P (s), (5.102)

where with v, feedforward load torque compensation is adjusted. Setting -y, to
zero disables the decoupling measure; for 7y, = 1 decoupling is effective. With the
extended state vector

Xp:= w1 wpy A@ szf, (5.103)
where A, is an internal controller state, the LTI state-space model of this closed-
loop system is

0 0 - 0 o O
k (1 Y 13111 bE 1 " k2
_tpz L Tw)gbts 1 £
1 —Lgb 0 0 0 0 Wy, ref.
0 _ki?. 0 0 0 ki2
—A,

4For clarity only the test system for transmissions is discussed in this section; test beds for
differential gears can be treated similarly.
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For stability analysis the characteristic polynomial of A; is determined:
k kp & (T=70) 3¢ ook ks
Ai(s) = s* + AP PR B P T Cslia (5.105)
Iz Iz I Iz LIz LIz

If the conventional control is used (7, = 0), it can be proven by the Liénard-Chipart
criterion that A (s) is a Hurwitz stable polynomial for kj > 05 and k,» > 0 and that
System (5.104) is asymptotically stable [138].° For this situation the speed control
parameters could be used to maximise vibration damping. However, if decoupling
is effective (77, = 1), the characteristic polynomial can be written as

Iml

Inp Lo
For this case A;(s) is not Hurwitz stable as two zeros are on the imaginary axis.
These are not affected by the speed control parameters; therefore, the speed con-
troller cannot improve vibration damping properties. For this reason, the active
damping measure is essential to be able to guarantee stability. Since a constant gear
is assumed, the reference air-gap torque for M1 is

A (s) = (5.106)

b2
Imz'
With 7yt the decoupling torque can be enabled (yr = 1) respectively disabled
(7T = 0). The state-space model for the closed-loop system is

Tagl,ref. =01 — js,des. (wl - igb(UZ) + 'YTigbIml (5-107)

~ L~ . D~ .
doges. gplsges.  yrigrkpy 1T V0)igG G yrig
Iml Iml Im2 Im2 Iml Im2
k 2 (1—7w)i bEs 1
Pz RSl ey Ut i
dX1 — O ImZ ImZ Im2 Xl
dt .
1 _1gb 0 0
0 —ki 0 0
=A4 (5.108)
1 YTigkp
Iml Lo
k
p2
0 0 Wy ref.
0 ki2

5Selecting kjy strictly positive is required to stabilise the internal controller state A,; if kj was
zero, this system state would not be needed and the system order could be reduced by one. As a PI
controller was selected to control rotational speed, zero integral gain is only theoretically relevant.
6Positive system parameters I,;1, I;;2, and ¢; are presumed here and henceforth; furthermore,
the transmission ratio ig, is assumed to be constant and non-zero.
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If decoupling is active either for the speed controlled drive (., = 1) or for the
torque controlled drive (yr = 1),7 the characteristic polynomial of A; is

- d, G k ki
Al(s) = 52+ﬂs+& (52+i25+;2> . (5109)
I I %) Lz
=:Aw, (5)

This representation shows the big advantage of decoupling the control loops: the
parameter ":lvs,des. > (0 can now be used to stabilise the torque control loop, while
with the speed control parameters k,, > 0 and kj; > 0 the dynamics of the speed
control loop are adjusted. As proven by Equation (5.109), then asymptotic stability
of the overall control system can be guaranteed as well. This representation can
additionally be used to tune the speed control parameters by demanding the zeros

of Aw,(s) to be real:

K2,
. < P .
0 <kp 1, (5.110)

To stabilise the system is also possible by only using the active damping measure
while decoupling is ineffective; however, proving stability analytically is more
difficult as separating the characteristic polynomial into two parts, where only one
part depends on the speed controller parameters, is not possible in general.

If furthermore the torque control loop is closed by a PI controller with additional
feedforward control

v1(s) = krp1Trer. (8) + (kpl + kf) [Trer. (5) — Tr1 (s)], (5.111)

where Tr; = ¢;Ag is the torque at the input drive, the state vector must be extended
by the internal controller state At

Xp:= w1 wy A@ A, AT}T. (5.112)

7Only if decoupling is effective for both electric drives, the two control loops are completely
decoupled. But one decoupling measure is sufficient to be able to factorise the characteristic
polynomial according to Equation (5.109).
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The state-space model for the closed-loop system is then given by

7 T ; 2 ~ . :
_ds,des. Lghds des, _ Yrighkpr ’YT(I_’Yw)ZgbCS s kpics  yrige 1

Iml Iml ImZ ImZ N IT_l - Iml ImZ m
0 k2 (1=Yw)ighCs 1 0
dX Im2 Im2 Im2
2 .
—__ = — X
T 1 igh 0 0 0 [x
0 —kin 0 0 0
0 0 —ki1Gs 0 0
IZAZ
keprtkpr  vrighkpn
Im L2
0 e
ImZ T
4 0 0 ref.
0 K CUZ,ref.
2
ki 0

(5.113)

If decoupling is active for at least one of the two electric drives, the characteristic
polynomial of A; is

@y dades 2, ( &, kp155> oy Kl

A =
2(5) Iml Iml Iml Iml

k k;
(52 pPey i) . (5.114)
ImZ ImZ

It can easily be shown that this is a Hurwitz stable polynomial for positive speed
controller parameters ky» > 0 and kjp > 0, a positive active damping parameter

ds 4es. > 0, and torque controller parameters subjected to

-1 <kp (5.115a)
d.
0<ky< ;LT (1+kp) . (5.115b)
m

These final results prove that because of the active damping measure (d; 4., > 0), the
admissible range for the torque control parameters can be significantly increased.
Theoretically, with c?;,des. = 0 no stabilising PI torque controller with k;; > 0 would
exist. However, zero shaft damping and losses were assumed for modelling; in
reality, the system would contain some internal damping. This allows to nevertheless
find some stabilising torque control parameters. But as system damping is typically
weak, it is usually challenging to identify suitable controller parameters without
active damping.
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5.8 Closed-loop Simulation Results

In this section the control concept based on feedback input—output decoupling,
active vibration damping, and feedback controllers for rotational speed and torque
presented before is tested in simulation. These simulations are performed by the
use of the simulation models discussed in Chapter 3 and Chapter 4. Additionally,
simulation studies with the conventional control structure typically used on these
test beds as shown in Figure 5.10 for a test system for differential gears are carried
out. These standard controllers are based on independently designed feedback
controllers without any decoupling and active oscillation damping. Due to its
simplicity, this control concept is widely used in practice, see e.g. [21]. Since
the following simulation studies deal with two particular testing situations that
were already discussed in Chapter 4, the parameters for the conventional control
scheme could be taken directly from the test bed. As will be seen in the following
figures, with this simple control strategy the attainable control performance is
rather limited.

5.8.1 Control of a Test System for Differential Gears with
Adapter Gearboxes

In this section results of numerical simulations of the test system for differentials
with adapter gearboxes as shown in Figure 3.1 are presented. This testing configur-
ation was chosen for these simulation studies since due to the additional gearboxes
it is mechanically rather complex and thus challenging for control. Simulation
results for a testing situation without adapter gearboxes are presented in Chapter 7
in the context of handling constraints. At first, the proposed control concept as
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Figure 5.10: Conventional control structure for a test bed for differential gears with adapter
gearboxes with symmetric mechanical structure implying igp = igps.
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depicted in Figure 5.8 is compared to the conventional control structure as given in
Figure 5.10. Then some aspects regarding decoupling and reference tracking for the
multivariable control strategy are discussed in detail.

Figure 5.11 presents the reference profiles for the differential gear’s total output
torque and the rotational speeds of the drives M2 and M3 that will be used to test
various controller settings. Please note that there are two different reference speed
profiles: the dashed profile will be used to demonstrate the problems related to the
conventional control concept while the more challenging solid profile is used to
prove the advantages of the proposed control structure.
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Figure 5.11: Control of a test bed for differential gears with adapter gearboxes, references
for the differential’s total output torque and for the rotational speeds of M2
and M3.

Figure 5.12 shows the total output torque of the differential gear and the rotational
speeds of the drives M2 and M3 when the conventional control strategy without
decoupling and active damping is used. This results in unacceptable torsional
vibrations at approximately 1.3 Hz, which is the first resonance frequency of the
mechanical structure. In this situation the input drive oscillates against the two
load drives. The oscillations start when the rotational speed of the input drive
M1 changes. Without a decoupling network, the torque required to accelerate
the input drive leads to a change in shaft torque. This load variation excites
resonance oscillations although the rotational speeds are changed very slowly. At
the beginning of the test-run, when the rotational speed of one output drive is
reduced while the other is accelerated to test the differential gear’s slip-limiting
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functionality, no problems arise because the rotational speed of M1 remains constant.
The changes in reference torque at t ~ 35s and t ~ 50s are again causing a
change in shaft torque and are therefore also exciting resonance oscillations. These
torsional vibrations occur although the air-gap torque of M1 is changed quite slowly
because a conservative torque controller with only minor feedforward control is
applied. According to Equation (5.79), undamped resonance oscillations are to
be expected without active damping. Fortunately, on account of losses and some
internal damping of the cardan shafts, the torsional vibrations should be weakly
damped. Figure 5.12 though shows unstable system behaviour; this is caused by the
teedback torque controller with integral action. However, even without feedback
control the system’s damping properties would be problematic.
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Figure 5.12: Control of a test bed for differential gears with adapter gearboxes, simulation
results with the conventional control strategy for the controlled variables T,
1y, and ns.

Figure 5.13 presents the realisable improvement by the use of the proposed control
strategy including decoupling and active damping. Additionally, the system beha-
viour for a disabled decoupling network is presented. As before, PI controllers were
used for speed control while for torque control an integrating controller with addi-
tional feedforward control was used. Independently of the decoupling, with active
damping the system is now sufficiently damped, meaning that resonant oscillations
are no longer critical. This allows the use of a much faster torque controller with
substantial feedforward control resulting in significantly improved tracking of the
reference torque profile. With enabled decoupling network the coupling of torque
and rotational speeds is reduced, so that even with the more challenging speed
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reference profile the total output torque of the differential gear is hardly affected by
the change in rotational speeds.
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Figure 5.13: Multivariable control of a test bed for differential gears with adapter gearboxes,
simulation results with the proposed control strategy and active damping only
for the controlled variables Ts,;;, 12, and ns.

Figure 5.14, Figure 5.15, and Figure 5.16 focus on the positive effects of the de-
coupling network with enabled active damping. In Figure 5.14 and Figure 5.15
the influence of a change in rotational speed on the differential gear’s total out-
put torque is presented for various settings for the decoupling parameter [;. In
simulation the total torque at the outputs of the UUT is known, these curves are
label ‘real’; however, this information cannot be used for feedback torque control.
Instead, the effective testing torque must be estimated based on the flange torques
Tt and Ty, these curves are labelled “est.”. Without decoupling (I; = 0) a change
in rotational speed leads to significant torque variations. If the decoupling network
is activated, the torque error can be reduced substantially. As mentioned before,
the acceleration torque T,..;. cannot be determined exactly because the moment of
inertia of gearbox 1 is unknown. If just the moment of inertia of the electric drive is
compensated, the remaining torque variations might be unsatisfactory, especially
if the estimated testing torque is evaluated. Therefore, the controller parameter [;
was increased to improve the decoupling. It is obvious that even with manually
tuned [; perfect decoupling cannot be achieved because of the complexity of the
mechanical system and the many simplifications used in Section 5.3 to determine a
system model suitable for controller design.
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Figure 5.14: Simulation results for Ty, with act. damping, decoupling, and varying [;, real
testing torque at the UUT and testing torque estimated by considering gearbox
losses according to Equation (5.96).

In the experiments presented in Figure 5.14 the testing torque estimate did only
include gearbox losses; the acceleration torque for the gearboxes was not considered.
Therefore, a significant difference between real testing torque and estimated testing
torque remains during the acceleration phase. For this reason, the testing torque
estimate deviates from the testing torque reference. However, since the torque
controller’s action is primarily based on feedforward control, the error in the testing
torque estimation is hardly affecting the real testing torque. In the results shown
in Figure 5.15 also the acceleration torques of the gearboxes are considered in the
estimated testing torque. Consequently, the difference between real testing torque
and testing torque estimate is significantly reduced. Then in practice, when the
real testing torque is unknown, the estimate can be used to characterise the testing
conditions for the UUT.
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Figure 5.15: Simulation results for Ty, with act. damping, decoupling, and varying I, real
testing torque at the UUT and testing torque estimated by considering gearbox
losses and acceleration torques according to Equation (5.98).
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In Figure 5.16 the effect of a load torque change on the rotational speed of the electric
drive M2 is presented. If the decoupling network is deactivated, a change in load
torque directly affects the rotational speed n;. With the decoupling network this
interaction can be almost entirely eliminated because of load torque compensation.
This situation shows the realisable improvement by control measures; the minor
remaining deviations are due to time delays, parasitic dynamics, and limitations
in the torque measuring systems and in the inverter’s torque control loop. In
Figure 5.16 results obtained by the use of a PI controller and a P controller with
disturbance observer are compared. Those were tuned for similar disturbance
rejection properties; therefore, the results are nearly identical.
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Figure 5.16: Simulation results for rotational speed 1, with different speed controllers with
and without decoupling.

In Figure 5.17 these speed controllers are compared regarding their reference
tracking performance. This ramp response clearly shows that the two controllers
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Figure 5.17: Simulation results for a ramp response of n, with different speed controllers
for complete decoupling and active damping only.
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differ in their reference tracking behaviour. If the PI controller is used, the ramp
response experiment shows an overshoot; with the P controller with disturbance
observer, this overshoot can be avoided. The drawback of this approach is that there
is a remaining tracking error during the rotational speed ramp. Figure 5.17 also
shows that the reference tracking performance of both speed controller types is
hardly affected by the decoupling measures.

Figure 5.18 focuses on the adjustment of the active damping parameter C?s,des.- In
addition to damping resonant oscillations, the damping torque Ty, defined in
Equation (5.78) affects the closed-loop torque dynamics as well. In Figure 5.18
a ramp response of the differential gear’s total output torque is presented for
various settings for d},des, and resulting damping ratios {. One can see that when the
damping ratio is low, the torque response is fast, but torsional vibrations are still
present. With a higher damping ratio the torque oscillations completely vanish, but
the torque dynamics become slower. A good compromise between good oscillation
damping and fast torque dynamics is to increase js,des. until critical damping is
reached. This can either be done analytically according to Equation (5.81) if the
equivalent torsional stiffness ¢; and the moment of inertia I; are known, or directly
in experiments on the test bed. This specific setting was also used for the previous
simulations.
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Figure 5.18: Simulation results for a ramp response of the differential gear’s total output
torque Ty, with decoupling, active damping, and varying damping parameter
‘;lvs,deSx

In addition to these simulation studies, this specific control problem was also
analysed in experiments on a commercial test bed; the measurement results are
presented in Chapter 6.
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5.8.2 Control of a Test System for Transmissions

In this section the control of a test bed for transmissions as shown in Figure 3.2 is
discussed. The multivariable control strategy proposed in Section 5.4.1 is compared
to the conventional SISO approach depicted in Figure 5.19. For simulation the model
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Figure 5.19: Conventional control structure for a test bed for transmissions.

presented in Section 3.10, which was verified by a comparison with measurement
data in Section 4.6, was used. These simulation results were already based on the
conventional control concept and are reused at this point to show the improvements
by the new control. The test-run is composed of speed and torque ramps in
different gears. Gear shifts are performed without load, which is indicated in
Figure 5.20 by the reference testing torque T, that is close to zero when gear
shifts occur. These gear shifts are the main challenge for control. In Figure 5.20 the
torques at input and load drive are shown for the conventional control concept
(labelled ‘conv.”) and for the proposed multivariable control strategy (labelled
‘prop.’). With the conventional control the testing torque was actively increased
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Figure 5.20: Control of a test system for transmissions, simulated flange torques T, and
T, for the conventional controller and the proposed multivariable control.
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Figure 5.21: Control of a test system for transmissions, simulated rot. speeds 1y and n, for
the conventional controller and the proposed multivariable control.

when a down-shift was planned and reduced before an up-shift took place. For
the down-shift this procedure was necessary to accelerate the input drive during
the phase of interrupted power transfer to make sure that the ratio of gearbox
input speed and gearbox output speed is brought near the transmission ratio of
the next gear. The situation for the up-shift is similar, here the input drive must
be decelerated. However, the rotational speed of the input drive is never exactly
at the desired value when the clutch within the transmission is closed; therefore,
some synchronisation takes place. This torque disturbance causes resonant torque
oscillations, which are clearly visible in Figure 5.20 and also in Figure 5.21 where
the rotational speeds of the electric drives are shown. These torque peaks can
potentially damage UUT and test bed. This specific problem can be overcome by
the use of the proposed control strategy. If during the phase of power interruption
the transmission ratio iy, is linearly changed within the control structure, the
term I,,;1wpdige/dt in the decoupling torque represents the torque needed to change
the rotational speed of the input drive to the value suitable for the next gear.
Furthermore, the damping torque js,des. (w1 — igbwz) acts as a speed controller
to bring w; close to its desired value igyw;. Then, when the clutch within the
transmission is closed, less synchronisation is required and torsional vibrations can
be significantly reduced. The remaining resonant oscillations decay fast because of
active damping. Also in other situations than gear shifts such as at the beginning
and the end of torque ramps the active damping measure prevents most torsional
vibrations.

As for the test system for differential gears, the speed control performance was
primarily improved by load torque compensation. Additionally, the measures
implemented to improve the synchronisation at the end of the gear shifts also
reduce the disturbance torque for the speed control loop and therefore decrease
the speed tracking error for these special situations. The decoupling torque applied
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to the input drive when the rotational speed of the load drive is changed slightly
improves the system behaviour for situations where testing torque and rotational
speed are changed simultaneously. However, because of rather slow changes of
rotational speed, the effects are minor compared to the other improvements.






Chapter 6

Experimental Results

In this chapter some experimental results are presented to show the performance
of the proposed modifications regarding test bed control. To provide most realistic
results, these experiments were conducted on full-scale test systems. The use of small-
scale laboratory plants is problematic since often some aspects of their behaviour
are different and as a consequence, controllers giving satisfying results with the
laboratory plants might fail on the full-scale test system. However, because of the
limited availability of commercial test beds for controller testing, not every control
aspect that was discussed in simulation could be tested in practice. For this reason,
only some selected results are given in this chapter.

6.1 Multivariable Control of a Test Bed for Differential
Gears with Adapter Gearboxes

The proposed control strategy for the testing of differential gears as depicted in
Figure 5.8 has been tested on a commercial test bed for differential gears equipped
with three 700 kW induction machines and adapter gearboxes as shown in Figure 3.1
in Section 3.1. Some further characteristic technical parameters of the test bed are
summarised in Table D.1 in Appendix D. Control for exactly this test system
was already discussed in simulation in the previous chapter. The multivariable
control scheme presented in Figure 5.8 was implemented on real-time processing
hardware and a typical test-run for rear axle truck differentials was performed.
To keep torque control simple and easy to tune, an integrating controller with
additional feedforward control action as discussed in Section 5.6.1 was used. The
speed controllers R,, were chosen as PI controllers (see Section 5.5.1). Due to
mechanical restrictions concerning the UUT, a quite conservative test-run with
slow speed and torque changes had to be performed. To see the progress made by
the new control strategy, in the first test-run the old control concept, as shown in

145
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Figure 5.10, based on individually designed controllers for rotational speed and
torque without decoupling and active damping, was used. Figure 6.1 shows the
measured rotational speeds of the three electric drives and Figure 6.2 presents
the differential gear’s total output torque and the torques measured by the torque
sensors at machines M2 and M3. The total testing torque T, was estimated based
on the torque flange measurements Ty, and Tr3. According to Section 5.6, gearbox
losses were compensated, but the torque required to accelerate the gearboxes was
not considered as rotational speeds were changed rather slowly. To once more prove
the accuracy of the simulation model used in the previous chapter and to highlight
the significance of the results regarding control performance presented there, also
some simulation results are included in Figures 6.1 — 6.4.
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Figure 6.1: Measured and simulated rotational speeds on a test bed for axle differentials
with adapter gearboxes with the conventional control.
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Figure 6.2: Measured and simulated torques on a test bed for axle differentials with adapter
gearboxes with the conventional control.

Both figures show that torsional vibrations are a serious problem through the entire
test-run, but especially at t =~ 90 s when the sign of the testing torque is changing.
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Due to gear play, there is a strong excitation of resonant oscillations; in combination
with low internal damping of the cardan shafts large torque oscillations arise
leading to an emergency shut-down of the test bed. Figure 6.2 furthermore shows
that, because no decoupling network is used, a change in rotational speed directly
affects the differential gear’s total output torque and additionally excites resonance
oscillations. Therefore, the same test-run has been performed using the new control
concept including input-output decoupling and active oscillation damping. The
rotational speeds of the electric drives are shown in Figure 6.3 while the torques
are presented in Figure 6.4.
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Figure 6.3: Measured and simulated rotational speeds on a test bed for axle differentials
with adapter gearboxes with input-output decoupling and active damping.
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Figure 6.4: Measured and simulated torques on a test bed for axle differentials with adapter
gearboxes with input-output decoupling and active damping.

The superiority of the new control concept becomes obvious during the entire
test-run. Torsional vibrations are now sufficiently damped, meaning that resonance
phenomena are no longer critical, even if the excitation is strong e.g. because of
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gear play. Additionally, this improved oscillation damping allows the use of a faster
torque controller with significant feedforward control action to improve the tracking
of the torque reference. The decoupling network also made it possible to reduce the
interaction of rotational speeds and torque. Figure 6.4 especially shows that now
a change in rotational speeds causes less testing torque variations. On account of
the quite conservative test-run with slow speed and torque changes, the benefits of
the decoupling network are not as significant as before in Chapter 5; however, the
positive effect of the damping strategy is obvious.

6.2 Multivariable Control of a Back-to-Back
Configuration

With the test system for differential gears discussed before no experiments includ-
ing high dynamic changes of testing torque could be performed. Because of the
complex mechanical system consisting of the UUT, adapter gearboxes, and many
cardan shafts, testing torque dynamics were limited. As a consequence, another
mechanical test set-up was used to conduct further experiments. The 575kW in-
duction machines M1 and M2 were directly connected by a rather short shaft; this
setting is called ‘back-to-back” configuration and is shown in Figure 6.5. To control

...... O Electric Electric
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IGBT ffrque IGBT . .
stage 1 ange stage 2 : ncremgnta
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''''' v vy

R i
E eferences Real-time
control

Figure 6.5: Back-to-back testing configuration with KS R2R frequency converters.

the electric drives, the control concept initially developed for testing a transmission
as shown in Figure 5.7 was applied. The only modification is that the transmission
ratio ig, was chosen permanently one. The input drive M1 was torque controlled,
the load drive M2 was operated in speed control mode. For the first experiment
the decoupling terms were deactivated and only the active damping measure was
tested. In the experiment the speed reference w, .. was kept constant while the
testing torque reference T,.r was changed. The recorded data are presented in
Figure 6.6. Ty and Ty, are torques measured by the torque measuring flanges at
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machines M1 and M2; n; and n; are the rotational speeds of these electric drives.
Results presented in blue and green were recorded with active damping, results
shown in red and black were obtained with disabled active damping. Clearly, in
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Figure 6.6: Back-to-back testing configuration, changes of testing torque with and without
active damping applied to electric drive M.

this situation even without active damping torsional vibrations are not as strong as
before in Section 6.1. This is due to the different mechanical setting that is signi-
ficantly simpler and does not include any transmission ratios. For this mechanical
set-up the first resonant frequency is at approximately 17 Hz and therefore higher
than before. However, also for this setting active damping is beneficial as torsional
vibrations can be eliminated.

For the next experiment the active damping measure was enabled and the coupling
of rotational speed and testing torque was analysed. As before, the speed reference
warer. Was kept constant while the testing torque reference T,r was changed.
Since the decoupling torque for the input drive T, is not needed with constant
rotational speed reference, in particular the decoupling scheme for the load drive
is analysed in the following figures. The measurement results are presented in
Figure 6.7: curves in blue and green were recorded with load torque compensation,
in red and black results without decoupling are shown. Because the fast change
of testing torque is a strong disturbance for the speed controller of M2, here the
effect of the decoupling measure (load torque compensation) is clearly visible.
Without decoupling a speed tracking error of approximately 10 rpm occurs during
the change of testing torque. With decoupling the rotational speed n; shown in
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Figure 6.7: Back-to-back testing configuration, changes of testing torque with and without
load torque compensation for the load drive M2.

green is hardly affected. The rotational speed of the input drive must vary for
both situations because otherwise the torsion angle of the mechanical shaft cannot
change. Since the torque transmitted by a flexible shaft is directly related to its
torsion angle, a change of shaft torque always requires different rotational speeds
at the two ends of the shaft. Also the testing torque is positively affected by the
decoupling measure; as the angular velocity of the load drive remains constant,
adjusting the angular position of the input drive to reach the desired shaft torque is
easier.

6.3 Active Damping Control for a Test Bed for Centre
Differentials

Finally, the active damping strategy was used to improve the performance of
another test bed for differential gears. In contrast to Section 6.1, where an axle
differential was tested, here tests for a centre differential were performed. Therefore,
the situation regarding control was different: the input drive M1 was operated
in speed control mode while the load drives M2 and M3 were torque controlled
with references Ty ,.r. and T3,.f.. The first experiment was performed with the
conventional control strategy based on three individual PI controllers; in the second
experiment the active damping measure for M2 and M3 was added to improve
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control performance. In Figure 6.8 the rotational speeds of the electric drives are
presented. In Figure 6.9 the measured torques and the torque references for M2
and M3 are shown.

T
2500 |- e — e
/g\ 2000 [~ -
[o I
Rak
= 1500 -
el
151 |
9
2 1000 |- -
]
e} B /
o~ / n ny, act. damp.
500 +/ |
/ 13 1y, act. damp.
B / n3 n3, act. damp.
0 . \ \ \ \ \ \ \ \ I \ I \ ]
0 5 10 15 20 25 30 35

Time ¢ (s)

Figure 6.8: Measured rotational speeds on a test bed for centre differentials with and
without active damping.
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Figure 6.9: Measured torques on a test bed for centre differentials with and without active
damping.

Figure 6.9 shows that without additional damping measures the control perform-
ance is limited. The reason for these torsional vibrations is a problematic mechanical
test set-up including significant gear play and rather long cardan shafts. Further-
more, the test bed is equipped with an older inverter system with limited perform-
ance. However, when the active damping strategy is applied, torsional vibrations
can be reduced significantly. These results indicate that the active damping scheme,
which was initially part of the multivariable control concept, can also improve the
system performance when applied separately with older, less powerful inverter
systems.






Chapter 7

Handling Constraints

At this point various controllers for automotive test systems have been proposed and
successfully tested in numerical simulations as well as in real-world experiments.
In the simulations all actuator constraints and limitations were considered, but the
references for testing torque and testing rotational speeds were chosen so that these
limitations were not exceeded. In general, this assumption is not admissible as test
bed operators might demand testing profiles that cannot be reached by the electric
drives. While selecting the testing torque appropriately is quite simple, choosing
the rotational speed profiles might be more complicated since here the angular
accelerations and the testing torque are important.’

7.1 Introduction

On a power train test bed, the admissible operating range regarding testing torque
and testing rotational speed is restricted by the operational limits of the electric
drives. As shown in Figure 7.1, an electric motor’s operating range regarding
rotational speed is specified by a minimal angular velocity w,,;;, and a maximal
angular velocity wyx. Torque limits are given by a minimal respectively maximal
electromagnetic torque Toagmin and Tag,max, which are typically constant over a wide
range of rotational speed. As mentioned in Appendix A, the feasible air-gap torque
decreases at high rotational speed because of field weakening. The rated torque can
normally be delivered until the rated angular velocity w;, is reached. The operating
range is usually symmetric regarding rotational speed (—w,i; = Wmax) and torque
(—Tag,min = Tag,max)- These restrictions for rotational speed and air-gap torque for

'In this chapter only constraints regarding the test system are considered; further eventually
more restrictive limits required to protect the UUT are not discussed. Since the control loops for
rotational speed and testing torque were designed for good reference tracking, this can be handled
by adequately choosing the references.
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Figure 7.1: Operating range of an electric drive.

each individual electric drive and the transmission ratios in the mechanical system
must be combined to be able to finally specify the operating range of the test system.
As high performance inverter systems are assumed, no restrictions regarding torque
dynamics must be considered.

With the conventional control as shown in Figure 5.10 for a test bed for differential
gears, handling the actuator constraints is rather simple. Since couplings are not
considered, the control loops for rotational speed and torque are treated as inde-
pendent from each other and consequently, for each controller only the constraints
related to one actuator are relevant. Therefore, constraints do not necessarily have
to be considered in the controller design. Only for controllers containing integrating
behaviour controller windup must be avoided. This can easily be realised by the
use of the classic AW procedure proposed by Hanus [139] if a PI controller is
used respectively by limiting the integrator if a purely integrating controller is
applied. For the multivariable controllers proposed in this work to improve the
system performance, handling the actuator constraints is more complex. As can
be seen in Figure 7.2, now the air-gap torque reference is no longer given by the
teedback controller’s output only.*> To be able to provide decoupling, the outputs of
other feedback controllers and some system states must be considered as well. For
instance, v, which is the output of the feedback speed controller, affects the (lim-
ited) manipulated variables T,¢1 er. and Tygo e, Therefore, the classic conditioning
technique proposed by Hanus cannot be applied [139]. If electromagnetic torques
that are not within the operating range of the electric drives are demanded by the
controller, decoupling can no longer be guaranteed. This might be acceptable, but
if the torque limit of the input drive is reached, active damping can no longer be
provided. This might result in potentially dangerous torsional vibrations.

This problem is rarely discussed in literature on automotive testing. In the field
of power train testing no publication that considers the operating range of the

2This control structure is similar to the controller shown in Figure 5.8 where a test bed for
differentials with adapter gearboxes was discussed. This test set-up does not include adapter
gearboxes; additionally, in this application the testing torque is given for the differential’s input.
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Figure 7.2: Multivariable control of a test bed for differential gears, torque control w.r.t. the
differential’s input torque.

electric drives for controller design is known to the author. However, as for the
general control problem, also for this aspect literature in the field of engine testing
is available.

Many control strategies for engine test beds recently published rely on optimisation
based techniques such as MPC where constraints and limitations can be directly
considered in the optimisation problem to be solved [26, 140]. Also in the related
tield of controlling elastic drive systems MPC is a popular method to be able to
consider constraints directly [37, 109, 112-115]. However, due to the computational
effort required to solve a constrained optimisation problem, real-time implement-
ation is typically problematic. In particular for control problems where a short
sampling time is necessary it is often infeasible to solve the optimisation problem
online. Therefore, in [29] a different approach for ICE test bed control is proposed.
Here an inverse plant model is used to calculate the needed actuator torques; a
Kalman filter based algorithm then shapes the trajectories for testing rotational
speed and torque to minimise constraint violations. But since controller tuning
is not intuitive, both mentioned approaches are not suitable for use in industrial
practice. For the MPC controller the desired system behaviour must be specified
by a cost function based on weighting matrices, also for the Kalman filtering ap-
proach many tuning parameters are to be selected. This is problematic as test bed
operators would not know how to adjust controller parameters for a given testing
configuration. These issues discussed here in the context of test bed control are
relevant for many other applications as well.
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Therefore, instead of considering the constraints directly in the control algorithms
often the references for the feedback controllers are shaped so that constraints can
be met [141]. The fundamental idea of this approach is presented in Figure 7.3. The
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governor :r Controller » Plant JI—>

: |

Xc ! ]r :

]T Xp !

R ——————————.

Closed-loop
system

Figure 7.3: Reference governor structure.

basic feedback controller that is already available remains unmodified and forms
together with the plant the closed-loop system; additionally, a pre-filter is added to
shape the references. These add-on control schemes are called command governors or
reference governors and have been introduced for both linear and non-linear systems.
This approach is often attractive for practitioners because the feedback controller
can be designed without considering constraints; therefore, existing controllers and
tuning rules can be preserved. For more details on reference governors and their
application see [141-145].

7.2 Reference Governor

The basic idea of the reference governor was given in Figure 7.3. The common
intent of the reference governor is to preserve the dynamics of the closed-loop
system whenever possible. Therefore, they typically determine the shaped reference
command ¥ as close to the original reference r as possible while nevertheless the
constraints are maintained. Usually, the reference governor is active only for short
time intervals. Thus, T and r are identical most of the time. The conventional
reference governor uses the current state vector of the plant x,, the controller states
X¢, and the original references r to compute the shaped references r for the feedback
controller. Since this control structure is usually implemented on a digital system,
in this work only the discrete time approach is discussed. To design the reference
governor, a mathematical model of the closed-loop system is required; therefore,
the state vectors of plant x, and controller x. are combined:

X 1= [xp} (7.1)

Xc

The discrete time state-space model of the nominal closed-loop system shown in
Figure 7.3 is given as a LTI system

Xp+1 = Axy + Bry (7.2a)
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Yk = Cx¢ + Dry, (7.2b)

where x is the N-dimensional state vector, 1 is the m-dimensional reference vector
for the closed-loop system and in y the p quantities that are subjected to constraints
according to

Syr<s Vk=>0 (7-3)

are summarised.? These could be the manipulated variables as well as certain
system states. System (7.2) is a mathematical model for the closed-loop system
and thus represents the combination of plant and controller. Since the closed-loop
system is typically designed to be asymptotically stable, the matrix A is assumed
to be a Schur matrix.# Furthermore, the pair (A, C) is assumed to be observable.
Key objective at time instant k, is to choose Tj_ in a way that

is minimised and that the Constraints (7.3) are maintained for all k > k. This
calculation procedure is repeated in every sampling interval. To avoid confusion
caused by different indices for the current time instant and for predictions into the
future, ky = 0 is assumed henceforth.> The basic idea of the reference governor is to
choose the shaped reference 1j in a way that, when constantly applied to the system,
the constraints are maintained for all kK > 0

Sy, <s Vk=>0, (7.5)

where y, is an estimate for the system outputs subjected to constraints at time
instant k, which is calculated according to

Ji = CA*xo+ C(Iy—A) " (Iy— A") By + Dfo fork=0,1,...  (76)

with Iy being the N x N identity matrix. Calculating an optimal 1y seems to be
simple at first glance as the Inequality constraints (7.5) are linear, but there is an
infinite number of constraints. As the Inequality constraints (7.5) are forming a
convex set, for every €« € (0,1) a k* € IN exists so that when

8. < (1—€w)s (7.72)
Sy, <s Vk=0,1,...,k" (7.7b)
holds, the Inequality constraints (7.5) are also fulfilled for k > k* [141]. Con-

sequently, because of these tightened steady-state limits, only a finite number of
constraints must be considered when the optimisation problem is solved.

3Selecting the constraints as a polyhedral set simplifies the following considerations; in general,
also yi € YVk > 0 where YCRFisa prescribed set could be assumed.

4A Schur matrix is a square matrix with real entries and with eigenvalues of absolute value less
than one [146, 147].

5Since System (7.2) is a time-invariant system, this time shift is admissible.
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The set of pairs (¥, Xg) satisfying Equation (7.7) is called ‘safe set’ O and can be
computed offline. If the set of admissible outputs is defined as

Y = {y:Sy <s}, (7.8)
the safe set can be written as
O = {(’fo,xo) :C(IN—A) 'Bip+Dig € (1 —€x) Y,

CAFxg + C (Iy — A) ! (IN—Ak> Bi, + Dip e YVO0<k< k*}.

(7.9)
If Equation (7.9) is evaluated for k = 0,1,...,k%,
(
SC(Iy—A) 'B+SD 0
SD sC | _
O = { (T0,%0) : SCB + SD SCA [ro}
. X0
SCA* !B+ SCA¥ 2B+ ...+ SCB+SD SCA¥
\ — A
[(1 —€c) S]]
S
< s
L S -
e e
=:beo )
(7.10)

results and by the use of matrix A« and vector be, the safe set O is given by

600 = {(?(), Xo) : Aoo {i?)} S boo} . (7.11)

The key idea of the reference governor is to find a vector 1y that is together with the
given state vector xg in the safe set O and that furhtermore minimises ||rg —1o||.

The number of inequalities forming the safe set O can be computationally prob-
lematic; therefore, often ‘almost’ redundant inequalities are removed before the
optimisation problem is solved [141].
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Since at this point all predicted system outputs y, for k = 0,1,...,k* are included

in O, the current time instant can be labelled k again without losing lucidity. Then
a rather simple optimisation problem (scalar reference governor)

max hy subject to

(?k/ Xk) € 600 and (7'12)
hy € [0, 1]
with
T = Tjq + Iy (1 — Th_q) (7.13)

can be formulated. If no constraints are violated, k. is one and 1, = r; holds,
meaning that the reference governor does not affect the control system. If the
original reference is potentially causing a constraint violation, i is reduced. hy = 0
is the extreme case; here the shaped reference remains constant (ry = r;_1). This
approach is intuitive for SISO systems, but can be restrictive for MIMO systems
because a single weighting parameter /j is applied for shaping every reference.
Therefore, for MIMO control systems the more general optimisation problem

min ||ty — || subject to

- 1
(F1 %) € Ous (7.14)
can be formulated. Often the vector reference governor with reference update
T = Teo1 + Hi (1 — 1) (7.15)

with Hy = diag(h; ) is chosen. The quantities #; ; are subjected to 0 < h;; <1 for
i =1,2,...,m and selected to minimise the cost function (ry — )" Q (1 — %) with
positive definite Q = Q" subjected to (i, X¢) € Oc.

If for above problems a solution for the optimisation problems exists at k = 0,
the constraints are maintained for all k (feasibility). Furthermore, for a constant
set-point r the command T converges to the best approximation of r that satisfies
the constraints in finite time [141].

7.3 Reference Governor for a Test Bed for Differential
Gears

In this section a reference governor for the test bed for differentials as shown in
Figure 3.24 controlled by the multivariable controller presented in Figure 7.2 is
developed. In Section 5.3.1 the plant dynamics were given as

dw1 . _ESAQD 1 Tagl,ref.

dt I L (7.162)
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de _ idESA(p _ Tdsl Tag2,ref. ( 16b)
dt 2Lp 2L Im 7
dwg _ idE/SAq) Tdsl Tag3,ref. ( 16C)
dt 21,3 213 I3 7
dA lgwy  igws
_are  avo .16d
& T T2 (7.164)

In the decoupling controller the reference air-gap torques are calculated as

~ . Wy + w3 ig [ v U3
T =9v1—d — i Li—|—+— .
aglref. = U1 s, des. (wl g 5 ) + Im > <1m2 + Im3) (7.17a)
ig Tys1
Togoref. = V2 — (2 CsAgp — > ) (7.17b)
ag3,ref. = U3 2 CS @+ ) (7.17¢)

this is similar to Section 5.4.2 where a test system for differential gears with adapter
gearboxes was discussed. Only the virtual control v is scaled differently as in this
application the reference torque is given for the differential’s input and no moment
of inertia or transmission ratio of an adapter gearbox must be considered.

To guarantee that actuator constraints do not affect the control performance, the

reference air-gap torques must fulfil

_Tagl,max < Tagl,ref. < Tagl,max (7.18a)
_TagZ,max < TagZ,ref. < TagZ,max (7'18b)
— lag3,max S Tag3,ref. S TagS,max (7'18C)
at every point in time while angular velocities must satisfy
— W1, max <w; < W1, max (7-193)
— W2 max < W2 < W2 max (7.19b)
— W3 max S w3 S W3 max- (7-19C)

For the design of the reference governor a mathematical model for the closed-loop
system is required. Combining Equation (7.16) and Equation (7.17) gives

dw, 01 CsAQ  dy ges. ( . W2 +w3> i ( >

M1 EY TS, W —ig—=—2 4+ 4 —+— .20a
dt Iml Iml Iml ! 4 2 2 ImZ ImB (7 )
dwz - (%]

T "1, (7.20b)

% _ U (7.20¢)
dt I 7
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qu) —w ida)z idCU3 .

dt 2 27

these are the dynamics that were specified in the decoupling process.® By the use
of the state vector

(7.20d)

xp = [w1 wy ws Ag] (7.21)
and the given sampling interval Ty, a linear discrete time system model can be
determined

Xp i1 = ApXp i + Bpvy, (7.22)
where the vector v is composed of the virtual controls vy, v, and v3.
To complete the closed-loop system model with T as system input and y as system

output, the discrete time feedback controllers for the differential’s input torque

vk = kg +kp1 (Frp — CA@x) + Atk (7.23a)
ATt = Mg+ Takin (Fri — GsAer) (7-23b)

and the angular velocities of drives M2
Vo = kp2 (Tof — W) + Aok (7.24a)
Aoy 1 = A + Takip (To — wok) (7.24b)

and M3

U3k = kpa (T35 — W3 k) + Ay i (7.25a)
Awsj+1 = Awsk + Takiz (T3 — w3 k) (7.25b)

are given. At, Ay,, and A, are the internal state variables of the PI controllers.
Based on the new extended state vector for plant and controller

xii=[wig wir Wik APk Ak Ak Awnk] (7.26)

and the shaped reference vector ¥ = [f1, 72, 73]  the discrete time mathematical
model for the closed-loop system consisting of plant and controller can be given:

Xp+1 = Axg + Bry (7-27)

To be finally also able to define the closed-loop system’s outputs, the manipulated
variables (reference air-gap torques) that are subjected to constraints are determined

- ~ . Wk + W3k ig (Vok U3k
Yik = U1k — s des. (w1,k il ) + Im1§ (_I I ) (7.28a)
m2 m3

®All controllers are implemented in discrete time; for this reason, the decoupling is realised in
discrete time as well. However, as the sampling frequency is high, decoupling can be assumed to be
in continuous time. Then some of the following steps are more clear.
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~ l ~ Td Lk
Yok = U2k — (EdCsAq’k - %) (7.28b)

~ l ~ Td 1k
Y3k = U3k — (EdCsAGOk + ; ) . (7.28¢)

By the use of the vector of constrained outputs ¥ = [1, 2, y3]', these equations
can be summarised to
Vi = Cxi + D1y + Wi 1 (7-29)

The slip-limiting torque T, only affects the constrained outputs, not the system
dynamics. Therefore, considering Ty in the prediction model is not necessary.
More precisely, Ty is even only relevant for the air-gap torques of M2 and M3.
Consequently, if the classic reference governor approach was applied, the constraints
for M2 and M3 given by Equation (7.18) would have to be chosen more conservative
such that the reference air-gap torques are within the limits for every Ty that is
to be expected [141]. However, this torque margin would limit the achievable
speed dynamics and the feasible testing torque significantly. Therefore, instead
of the maximum slip-limiting torque only its actual value Ty is considered. For
this reason, a changing slip-limiting torque can lead to constraint violations. The
relevance of this aspect is investigated later in simulation.

To reduce the number of inequality constraints, the limitations regarding the angular
velocities of the electric drives as given by Equation (7.19) are handled before the
actual reference governor by appropriately limiting the rotational speed references.
Since speed control loops are designed for good reference tracking with only little
overshoot, limiting the references appropriately provides for angular velocities
within the allowed range. Then at each point in time only constraints regarding the
electromagnetic torques are relevant for the reference governor:

1 0 0 1 0 0
-1 0 0 -1 0 0
0 1 0 |- 0 1 0 Tag1,max
0 -1 0 y < (1—e€1) 0 -1 0 TagZ,max (7-30)
0 0 1 0 0 1 Tags max |,
O O —1 O O —1 =UWmax
- ~ ,

€1 € [0,1) is a small tuning parameter introduced to make the constraints slightly
more restrictive so that some actuator torque reserve is available to compensate
for phenomena that were not modelled. In the standard reference governor design
constraints are expected to be constant; however, as shown in Figure 7.1, the
available air-gap torque depends on the motor’s rotational speed and is therefore
slowly time-varying. Selecting €; > 0 can be beneficial to nevertheless obtain the
desired behaviour of the reference governor. If the steady-state constraints are
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tightened by the use of the parameter €, € (0,1), the number of inequalities

that define the safe set O« is reduced to a finite number. By using the matrix
A € R (6(k*+2)x11)

SC(Iy—A) 'B+SD 0 SW
SD SC SW
Ay = SCB + SD SCA SW (7.31)

SCA¥ 1B +SCAF 2B+ ...+ SCB+SD SCAX Sw

and matrix Be, € R(6(K'+2)x3)

(1—€x)S

Bo := (1—¢€) S , (7-32)

the safe set O can be formulated similar to Equation (7.10) as
O = ¢ (To, X0, Tdsl,()) Ax | X0 < BooUyax ¢ - (7-33)
Tas1,0
To reduce the number of inequality constraints in the optimisation problem, the

steady-state inequalities are analysed; these are given by the first six rows of A«
and Be:

- (1 - 61) (1 - 600) Tagl,max < ’771,k < (1 - 61) (1 o 600) Tagl,max (7-343)

14 1
- (1 - 61) (1 - 500) TugZ,max < _Edrl,k + ETdsl,k < (1 - 61) (1 - €oo) Tugz,max
(7.34b)
19 1
- (1 - 61) (1 - eoo) TagS,max < _Edrl,k - ETdsl,k < (1 - 61) (1 - 600) Tag3,max
(7-340)

These constraints obviously affect the reference testing torque 7 only. Since Condi-
tions (7.34) are rather simple, excluding them from the actual optimisation problem
can be computationally beneficial. Therefore, the reference governor is realised as
a step-by-step calculation scheme as shown in Figure 7.4. In step © the reference
torque rq is limited to 7; according to (7.34) to meet the stationary torque limits
of the three electric drives. In steps @ and ® the rotational speed references r;
and r3 are limited to 7, respectively 73 according to the operating ranges of the
electric drives. Then in step @ the remaining reduced optimisation problem can be
solved.
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"1k stationary] "1k 71,](
torque g |:| >
U Solving
T2k |stationary| 72 k reduced Tok
. , = Ll . . . - ’
rot. speed optimisation
2 problem
73 k stationary ?3,]( N 73,](
rot. speed g

Figure 7.4: Reference governor implementation.

7.3.1 Optimisation Based Approach

As suggested in Section 7.2, the vector reference governor

1k 71 k-1 hiyxy 0 0 71k k-1
x| = [T2k—1| + | 0 hyr O Tok| — |T2k-1 (7-35)
13k 3 k-1 0 0 hgi 73 k 3 k-1

with 0 < h; < 1 fori € {1,2,3} is applied. Due to the fact that the inequal-
ity constraints are linear, the cost function is chosen to be a linear function too.
Consequently, the optimisation problem to be solved is

min —athy , — auhy  — awhs i subject to
T
A Xp | < BeoWyex and (7-36)
Tast
0 <hjx <1lforie {123},

where by A and Be, the inequality constraints apart from the Steady-state cri-
teria (7.34) are given. The constant parameters at > 0 and &, > 0 are introduced
to be able to modify the behaviour of the reference governor regarding the pri-
ority of either testing torque or testing rotational speed. This representation also
allows the torque limit u,,,y to vary when the machine’s rotational speed is in the
tield weakening region. For practical reasons, the optimisation problem must be
modified for some situations. When a differential gear is tested, typically identical
rotational speeds for the differential’s outputs are demanded in some testing phases,
while in other tests the rotational speeds of M2 and M3 are required to be differ-
ent. This distinction should be maintained by the reference governor. Therefore, if
"ok —T3x| < pand [fpr_1 —73%_1| < i, where yu is a small positive parameter, the
dimension of the optimisation problem is reduced because h; ; = h3  is required.
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Before the Optimisation problem (7.36) can be solved the state vector x and the
slip-limiting torque T 5; must be known. Within the state variables only the torsion
angle Ag is unknown; the rotational speeds of the electric machines are measured
and the internal controller states At, Ay,, and Ay, are known as well. Since the
torque at the input drive is measured, by Ag, & Tr14/¢ an estimate for the torsion
angle is available. Thus, the only remaining quantity is the friction torque Tj,;. This
is the difference in the differential’s output torques and can be estimated according
to Tdsl,k ~ Tr3x — Tr2 k- These quantities can be low-pass filtered to increase the
robustness against high frequency disturbances.

As the closed-loop system model is only an approximation of the test bed dynamics,
the Optimisation problem (7.36) might be infeasible in practice. Then the inequality
constraints are violated even with 1, = 1;_1. To avoid this situation, slack variables
are introduced to soften the torque constraints if necessary. Also in situations with
changing slip-limiting torque these slack variables might be required. The final
optimisation problem is a linear program and can be solved e.g. by using the
simplex algorithm. This optimisation might be problematic regarding real-time
execution, but these restrictions are not relevant for simulation.

In Figure 7.5, Figure 7.6, and Figure 7.7 simulation results obtained by the use of
the optimisation based reference governor are presented.” The simulation model
for the test bed is identical to the system used in Section 4.4; for control the concept
shown in Figure 7.2 is applied. The operating ranges of the electric drives are
summarised in Table 7.1 while some other system parameters are given in Table C.1.
The references for the feedback controllers are generated by the reference governor

Parameter Value Unit
Tagl,max 930 Nm

1 6684 rpm

1, max 9000 rpm
TagZ,max/ Tag?),max 3700 Nm
ny2, M43 1800 rpm

2, max, N3,max 6000 rpm

Table 7.1: Operating ranges of the electric drives M1, M2, and M3 on a test bed for differ-
ential gears.

based on the original references r1 = T, 12 = Warr, and 13 = w3 er.. These
references were chosen, so that neither stationary torque limits nor rotational speed
limits are violated. Furthermore, the rotational speed references were outside the

7In the following figures, as common, rotational speeds are shown instead of angular velocities.
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field-weakening region. Simulation experiments including also these situations are
discussed in Section 7.3.3.

In Figure 7.5 input and output signals of the reference governor are presented.
In each of the three plots a single reference signal is discussed. In addition to

e
T :
: ;
Z |
=~ n
& e =law =1k =0 N
% - == Fap =180 =1,k* =5000 i
ﬁ 7, e =1, a0 =100, k* =0
7, e =1 a0 =100, k* =5000 | |
5 6 7 8
B ——— E——
g 7 ]
Q-( —
K
= ” ,
?ﬁ / P ar =1a0 =1,k* =0 i
o0 \ /’ \ |/ |- mermtsemrr s | ]
3 \ / \ / Fp, ar =1, a0 = 100, K* =0
= i \ /”/ \ / 7o, o =1, a0 = 100, k* =5000 | |
—1000 L et
0 1 2 3 4 5 6 7 8
1000 [~ —7) ‘ ‘—‘7 1 —7—-1--_1--.&———‘ ————— =
— 7/\ 1 ‘
g B / \\ ‘ \ / |
8. | ' / )
£ 0 / \ / \ /
- / \ \ ‘ |
= / \ / \ / 13 |
8 0 \ / \ / F3,ar =100 =1,k =0
& —500 ; \ / k i’ - == Rar =10 =1,k* =5000 ;
IS \ // A\ / Fa, a7 =1, a0 = 100,k* =0
. i \\\ / \ / T3, a7 = 1, ac = 100, K* = 5000
—1000 |- e e i \ —— : : : : : —
0 1 2 3 4 5 6 7 8
Time ¢ (s)

Figure 7.5: Multivariable control of a test bed for differential gears, simulation results
obtained by the use of an optimisation based reference governor with varying
prediction horizon k*, constant at, and varying weighting parameter «,,, shaped
and original references.

the original references, the shaped references are shown for different reference
governor settings. While the weighting parameter a1 = 1 was kept constant, x,, was
1 respectively 100 to demonstrate the effect of these parameters. Clearly, this setting
is only relevant if in addition to 7, # 7, or 73 # 73 also 71 # 71 holds. Otherwise,
only torque or only rotational speed must be adjusted making the weighting
parameters ineffective. In general, the higher «,, is the faster the rotational speed
references are adjusted causing the testing torque to have less priority. This is
obvious at t ~ 0.7s and t ~ 5s. Additionally, the influence of the prediction
horizon k* was analysed by choosing the extreme settings k* = 5000 respectively
k* = 0. At a sampling frequency of 10 kHz the first setting implies a 0.5 s prediction
while with the latter setting prediction is completely disabled. Interestingly, the
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effect of changing the prediction horizon is minor; in Figure 7.5 no difference
in shaped references is visible. This does not hold for every conceivable control
problem, but some characteristics of the test bed control scheme discussed here
minimize the effect of prediction. An important factor is that the PI controllers for
rotational speed are only demanding torque when a change in rotational speed is
required. As soon as the set-point is reached, only some losses must be covered
since the testing torque is compensated by load torque compensation. Furthermore,
control loops were designed for only little overshoot, which makes it easier to
handle the constraints. Finally, because of the short sampling interval, the change
of the manipulated variables within one sampling interval is mostly determined
by the controllers” proportional gains. This makes the dynamics of the integrating
controller state less significant.

In Figure 7.6 the three manipulated variables (electromagnetic torques) are presen-
ted, again with different settings for a, and k* while a1 was constant. In this figure

T T

1000 |- i
= | l W | WU SU————
§ j\\} i —[\J jﬁ‘““‘j
- |
N 0
)
=]
g - L‘V ﬂgT max ﬂé‘l max
= Ttw =1k =0 - —— 7y, a0 =1,k =5000

—1000 |- 71, & =100, k* =0 71, a0 = 100, k* = 5000
| | | |
0 1 2 3 4 5 6 7 8

4000 T T T T T T i
’é\ 2000 ] 1 Tngz,nmx
Z ’Tag2,max
~ Yo, tw =1,k =0
~ 0 - = = i, & = 1,K* =5000
) 2, &w ,
= T, e = 100, k* = 0
;5 —2000 72, & = 100, k* = 5000

]

7 8
]
|

—4000
0
4000

- TagS/mnx

2000

’Tagii,max

T3 00 =1,k =0

- = = J3,a0 =1, k* =5000
’ 73, 00 = 100, k* =0
73, & = 100, K* = 5000

]

7 8

Torque T (Nm)
fe=}

—2000

—4000
0

Figure 7.6: Multivariable control of a test bed for differential gears, simulation results
obtained by the use of an optimisation based reference governor with varying
prediction horizon k*, constant ar = 1, and varying weighting parameter «,,,
manipulated variables.

the outputs of the control structure depicted in Figure 7.2 are shown without any
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additional limitations that would be made in the inverter control algorithm if limits
were exceeded. Additionally, the plots include maximum and minimum air-gap
torques. It can be seen that the constraints can be maintained in almost the entire
experiment. Since the parameter for tightening the torque limits was selected as
€1 = 0.05, in most situations some torque reserve is left. Only with k* = 0 the limits
are violated at t ~ 3s for a rather short time interval.

In Figure 7.7 the controlled variables y;, which is the testing torque at the dif-
ferential’s input, and y» = ny and y3 = n3, which are the rotational speeds of
the load drives, are presented for different settings for a,, while ar was constant.
Additionally, the shaped references 71, 72, and 73 are depicted. As, according to
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Figure 7.7: Multivariable control of a test bed for differential gears, simulation results
obtained by the use of an optimisation based reference governor with prediction
horizon k* = 0, constant a7, and varying weighting parameter «,,, shaped
references and controlled variables.

Figure 7.5, the influence of the prediction horizon k* on the shaped references is
minor, here only results for k* = 0 are shown. Figure 7.7 shows excellent reference
tracking without any problematic torsional vibrations. This once more proves that
the multivariable control concept proposed in this work is suitable for such applica-
tions. These simulation results show the full potential of the combination of the fast
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inverter system and the proposed control strategy. Since here no adapter gearboxes
are complicating the mechanical system, the tracking performance could be further
increased compared to the results discussed in Section 5.8.1. In particular the torque
control performance is improved as due to the simpler mechanical system, the
decoupling torque T,..;. is more accurate and consequently decoupling is more
effective.

7.3.2 Simplified Sequential Approach

Solving the Optimisation problem (7.36) with a high number of inequality con-
straints is computationally rather expensive. Since this calculation must be per-
formed online, using the optimisation based reference governor in practice is
unrealistic. To potentially reduce complexity, the optimisation problem is further
analysed at the beginning this section. The previous simulations showed that the
influence of the prediction horizon on the reference governor behaviour is minor.
With k* = 0 the limits of the electric drive M1 were slightly exceeded at t ~ 35,
but only for a short time instant. With k* = 5000 this constraint violation can
be avoided, but this comes at the cost that the number of inequality constraints
is significantly higher. Therefore, in industrial practice reducing k* is beneficial
regarding implementation and execution on real-time processing hardware. Isolated
constraint violations resulting from this approach can often be accepted.

If the extreme case is chosen and no prediction is performed (k* = 0), the number
of inequality constraints that must be taken into account at every sampling interval
is significantly reduced as besides the stationary limits given by Equation (7.34),
only

_Tagl,max < gl,k < Tagl,max (7.37a)
_TagZ,max < ?z,k < TagZ,max (7-37b)
_TagS,mux < ]73,k < TugS,max (7-37C)

must be maintained. Then the matrix A defining these inequality constraints

- T _ Tugl,max
A Xk < Bw TugZ,max (7-38)
Tdsl,k Tag?),max
is
X x x pos. torque limit M1
X x x neg. torque limit M1
~ |0 x 0 pos. torque limit M2
Ax=10 x 0 neg. torque limit M2 7:39)
0 0 x pos. torque limit M3
0 0 x neg. torque limit M3
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where x denotes an arbitrary entry. In the first two rows the constraints regarding
the electric drive M1 are given, the next two rows stand for the torque limits of
Mz, in rows five and six the constraints for the electric drive M3 are set. The first
column of A defines the effect of the testing torque reference 71, the second
column is responsible for 7, while the third column stands for 73. Consequently, the
constraints regarding the electromagnetic torque for the input drive M1 depend
on all three references, while due to certain zeros in A« the situation for the load
drives is different. The control output for M2 does not depend on 7; and 73 and the
control output for M3 is independent of 71 and 7.

For this reason, instead of formulating a global optimisation problem the shaped
references can be computed sequentially. This situation is presented in Figure 7.8.
Under the assumption that stationary limits are already considered (steps @ — ®),

: i
O 5 [ ]
_ i I~
71k stationary| 71 k i Limits ' Tk ;
torque ! M1 i
I .
! A 7 |
i
[ i [ |
! !
72k stationary] ?2,]( i | Limits !
rot. speed Ul M2 : ~
: P Tk o
i Limits i
! .
0 0 Ufw  Tap
— [ g
3 k stationary] 73 k ; | Limits f‘ i
rot. speed il Ms !
i i

‘Optimisation problem’

Figure 7.8: Simplified sequential reference governor approach.

in step @ the quantity 7, can be chosen such that it is as close to 7, ; as possible
while nevertheless the constraints regarding the electromagnetic torque of M2 are
met. Then in step ® the same procedure can be repeated for 73 and the torque
limits for M3. In step ® these references may be further modified to make sure that
the torque limits of M1 are maintained; because 71 j is not known yet, it could be
assumed to remain constant (71 y = 71 x_1). Finally, in step @ 7 ; can be selected for
already fixed 7, and 73 such that the torque limits of M1 are met.

As the manipulated variables are directly affected by changes in the references, the
reference governor can be written in an incremental form

Tk = T k-1 + Ark (7.40a)
Tog = Tog—1+ A (7.40b)
T3k = T3k—1 + AT3 (7.40¢)
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with
0 < sgn (F1x —T1k-1) ATk < sgn (Fre — 1 k-1) (Fre — T1h-1) (7-41a)
0 < sgn (Tox — T2k—1) A2k < sgn (Fox — T2k-1) (Tok — T2k-1) (7.41b)
0 <sgn (f3x —T3k-1) ATz <sgn (T3x —T3x-1) (T3k — 734-1) - (7-41¢)

The underlying idea is simple; if A7;, = 7; — 7,1 for i € {1,2,3}, the references
remain unmodified. However, if this would violate any constraints, these new incre-
mental references A7;  must be appropriately restricted. Equation (7.41) guarantees
that the distance between shaped and original reference cannot be increased by
A'Fi,k.s Based on the incremental references the manipulated variables that must
fulfil (7.37) are:

_ _ - iglm - ~ iglm
Yik= (kepr+kp1) (Fre—1 + AFx) + 2Im2 kpa (Fop—1+ Afpx) + Tmz)‘wz,k
m m
id Iml e Z'dlml ~ ~ idIml
— = | =k,—d k _ A —A
2 (ImZ p2 s,des.) Wy + 203 p3 (r3,k 1+ r3,k) + 203 w3,k (7.42a)
iy (L - - .
- E (I1 p3 — ds,des.) W3k — ds,des.wl,k - kpl CsAQOk +/\T,k
m3 N——
”‘V-‘Tfl,k
_ ~ - g Tasix
Yok = kpo (To k-1 + AFpx) + Ay k — kppwo i — <§CSA€0k - ) (7-42b)
%};Z,k
_ _ ~ g Tusi
Yak = kp3 (T3 p—1 + ATz %) + Ak — kpzws p — <ECSA(Pk = ) (7.42¢)
%%;3*

The slip-limiting torque Tj5 and the torsion angle Ag must no longer be estimated
because the measured shaft torques can be used directly; then also the torsional
stiffness parameter c; is not required to be known.

As demonstrated by Equation (7.42b), i/, x only depends on Ar, ; and is independent
of the other incremental references. Therefore, by Equation (7.37b) an upper and
lower bound for A7, ;, which make sure that the air-gap torque limits for M2 are
met, is given. If the initial A7, = 7, — 71 is outside this admissible range, it
is limited, see step @ in Figure 7.9. Additionally, as 7,y — 72 ,_1 < 0 in Figure 7.9,
according to Equation (7.41b) also A7, < 0 must be ensured. The same method
can be applied to select A7z so that the limits of M3 are maintained (step ®). Then,
in step ® the torque limits of M1 must be checked. To do so, at first A7;; = 0 is

8This situation should not occur as A7, = 0 should always be feasible; however, since by k* = 0
no predictions are considered, minor constraint violations are to be expected in practice.
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A Limits M2 Limits M1 Limits M1
T3k —T3k-1 --—-l —E—é -2-1,
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Figure 7.9: Simplified sequential reference governor approach, detail.

assumed and A7, and Ar;; are further limited if necessary. With this strategy
the available electromagnetic torque of M1 is completely used for accelerating the
electric drives for some conditions and therefore no change in testing torque is
possible. For this reason, if necessary some actuator torque can be specified as a
reserve to ensure a certain rate of change for the testing torque. Since ¥ . depends
on A7y and Arsj, maintaining the limits of M1 is more complicated and only
specifying individual bounds for these variables is not sufficient. In Figure 7.10
this situation is shown in detail. According to Equation (7.42a), selecting both

Ar3 i

Limits M1

Limits M1
W. reserve

Figure 7.10: Reference governor simplified approach, step ©.

A7, and Ar; positive increases Y , while with different signs these effects can
mutually compensate. This comes from the properties of the UUT; if one output of
the differential gear is decelerated at a certain rate while the other is accelerated
at the same rate, the angular velocity of the differential’s input does not change.
For this reason, no air-gap torque must be generated by the input drive to put
decoupling into effect. This situation is shown at ¢t = 5.5 in Figure 7.5 respectively
Figure 7.6. On the contrary, at t = 6.5 s the rotational speed of only one load drive
is changed and as a consequence v is affected too. These aspects are depicted in
Figure 7.10. Three desired settings for A7, ; and A73 are feasible; these are drawn
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in green. Situation @ is initially outside the limits and therefore shown in red.
In the reference governor algorithm this configuration must be mapped into the
admissible range. Finally, with given A7, and A7;) in step @ also Arq y must be
limited so that Equation (7.42a) holds.

However, due to the modified calculation scheme, different results compared to
the optimisation based approach are to be expected. To analyse these differences,
numerical simulations were performed. The results are presented in Figure 7.11 and
Figure 7.12 and are labelled ‘sequ.’. In Figure 7.11 original and shaped references
are shown for the sequential calculation with prediction horizon k* = 0. To be able

g
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- |
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7 8
£ |
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= |
- .
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Figure 7.11: Multivariable control of a test bed for differential gears, comparative simulation
results obtained by the use of a reference governor without prediction with
sequential reference shaping and an optimisation based reference governor
with constant parameters a7 = 1 and &, = 100, shaped and original references.

to assess the performance, also results generated by the use of the optimisation
based reference governor are depicted. These are labelled ‘opt.”.As discussed in
Section 7.3.1, the selection of the prediction horizon is uncritical for the optimisation
based algorithm; therefore, only the results for k* = 5000 are included here. In
general, the results of both reference governors are very similar for most situations.
Differences only occur when testing torque and rotational speeds are changed
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simultaneously; this is obvious at t ~ 0.7s and at t =~ 5s. Since &, was chosen
significantly higher than ar for the optimisation based algorithm, the priority
was on changing the rotational speed first. In the sequential calculation scheme
according to Figure 7.8 the situation would be similar because Arj j is determined
last when Ar,  and Ar; ;. were already fixed. However, in the calculation algorithm
a minimal rate of change for the testing torque can be selected; this parameter was
chosen as 1000 N m/s. For this reason, the testing torque reference is also adjusted
although the priority is actually on changing testing rotational speeds.

In Figure 7.12 the three manipulated variables (electromagnetic torques) are presen-
ted, again in comparison to simulation results generated with the optimisation
based approach. This figure shows a violation of the torque limits of M1 at t ~ 3s;
this results from the lack of prediction. However, if the simplified reference governor
calculation scheme is slightly modified so that instead of Equation (7.41) only

sgn (1, — T j—1) A1 g <sgn(Frx —T1k-1) (T1p — T14-1) (7.43a)
sgn (To — Tok—1) ATy < sgn (T —T2k—1) (To — T2k—1) (7.43b)
sgn (F3x — T3 —1) A3 x < sgn (T3 — T3x—1) (T3 x — T34-1) (7.430)

must hold, this constraint violation can be avoided. This implies that incremental
references that increase the distance to the original references are allowed as well.
Curves related to this approach are labelled ‘sequ. mod.".
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Multivariable control of a test bed for differential gears, comparative simulation
results obtained by the use of a reference governor without prediction with
sequential reference shaping and an optimisation based reference governor

with constant parameters a7 = 1 and &, = 100, manipulated variables.
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7.3.3 Comparative Numerical Simulations with Field Weakening

In the previous sections two reference governor approaches were analysed by the
use of numerical simulations. These experiments did neither include situations
where the stationary torque limits are reached nor rotational speeds in the field
weakening region. Here these special situations are further discussed. In Figure 7.13
shaped and original references are shown while in Figure 7.14 the manipulated
variables are presented. In this figure also upper and lower limits for the electro-
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Figure 7.13: Multivariable control of a test bed for differential gears, comparative simulation
results obtained by the use of the simple sequential reference shaping and an
optimisation based reference governor with constant parameters a7 = 1 and
a,, = 100, original and shaped references with field-weakening.

magnetic torques are depicted; in the field-weakening range these depend on the
rotational speeds of the electric drives. As all reference governor settings yield
similar results, the torque limits are shown for only one experiment. In each plot
the simplified reference governor discussed in Section 7.3.2 is compared to the
optimisation based strategy from Section 7.3.1. In general, the results are very
similar.
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Figure 7.14: Multivariable control of a test bed for differential gears, comparative simulation
results obtained by the use of the simple sequential reference shaping and an
optimisation based reference governor with constant parameters a7 = 1 and
«,, = 100, manipulated variables with field-weakening.

At t = 0.1s the reference torque is set to 1000 N m, which exceeds the torque limits
of M1. Therefore, the stationary limits are active at this point and 7; is limited to
Tag1,max (1 — €x) (1 — €1). Within the simulations these parameters for tightening
the torque limits were set to €, = 0.02 respectively €; = 0.05. After the testing
torque was reduced again the rotational speed set-points are increased and the
electric machines begin to accelerate. At t ~ 1.5s the rated speed of the load drives
is exceeded; consequently, the available air-gap torque begins to decrease. This
directly results in reduced acceleration of the load drives. At t ~ 2.7 s the testing
torque reference is set to —1000 N m; therefore, the stationary limits are effective
again and the required testing torque cannot be reached. Beginning at t ~ 3.0s
the rotational speed of the load drives should be reduced again. Since the input
drive’s torque capacity is already mostly used to provide the demanded testing
torque, rotational speeds can only be reduced slowly. Not until the testing torque is
adapted at t =~ 3.5s rotational speeds can be changed significantly.

According to Figure 7.14, also in this experiment torque limits are respected; only
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some insignificant violations regarding the limits of M1 occur. These can be reduced
by applying a reference shaping algorithm including prediction or by using the
modification of the simplified sequential calculation scheme.

As the reference governor approach without prediction is very simple but nev-
ertheless provides satisfying reference shaping, it is the preferable concept for
practical usage. The idea of using incremental references that must be limited in
certain situations is intuitive and can easily be implemented on real-time processing
hardware.



Chapter 8

Conclusions and Outlook

In this work power train test systems are analysed and improved by applying a
new control concept. To be able to develop new controllers, mathematical models
describing the test beds are needed, for controller design as well as for assessing
new strategies regarding control in numerical simulation. The term power train test
bed is used to refer to a wide range of different testing solutions; their mechanical
structure usually strongly depends on the power train configuration to be tested.
As these systems are mechanically that diverse, a modular modelling approach
is applied. In a first step, mathematical models are developed for the individual
components typically required for testing such as electric drives, mechanical shafts,
and adapter gearboxes and for the power train components to be tested such as
differential gears, transmissions, or clutches. Then these individually rather simple
models can be combined to finally obtain a mathematical description of the test
bed behaviour that can be used for simulation. The big advantage of this approach
is that these sub-models can be reused when the testing configuration is modified
or when another test system should be modelled.

Performing numerical simulations with these mathematical models is complicated
by the physical nature of many power train components. Their working principle is
often based on using Coulomb and static friction torques to synchronise and finally
lock together rotating bodies. Systems containing these types of friction are often
called a variable dynamic dimension system (VDDS) as in situations when some
bodies are locked, the system order is reduced. Handling this system behaviour
correctly in simulation is important; therefore, one main contribution of this thesis
is a suitable simulation strategy for such systems. Based on an existing concept
applicable for systems with a maximum order reduction of one a friction calculation
method for systems with a potential order reduction of two such as the lossy limited-
slip differential gear is explicitly presented. Additionally, an extension for more
complex systems with even more friction elements is outlined. This simulation
strategy is implemented in the Matlab®/Simulink® software environment. Thereby,
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a numerically efficient simulation of the power train test beds to control is possible.
This is successfully demonstrated on the basis of three different test systems. A
comparison of these simulation results and measurement data from the test beds
shows a good match and therefore proves that the selected modelling approach and
the proposed friction simulation strategy are capable of delivering realistic results.
This is important as controller testing is typically done simulation based.

Additionally, the conventional control concept for power train test systems based
on independently designed speed and torque controllers is analysed in this work.
It is illustrated that the interactions of speed and torque control loops can lead to
poor control performance, especially if the test-run contains fast speed or torque
changes. Furthermore, the presence of strong excitation means that resonant torque
oscillations can be critical if the internal damping of the mechanical system is
low. To overcome these problems, simplified mathematical models for two and
three machine testing configurations are presented and a new multivariable control
approach is developed. Simulation studies and experimental results indicate that
the presented new control concept based on input-output decoupling and active
oscillation damping tackles both discussed problems. The main benefits of the new
controllers are the decoupling elements to reduce the interactions of speed and
torque control loops and an active damping strategy capable of reducing resonant
torque oscillations. This new controller is easy to implement, does not require
much computing power, and is based on just a few known system parameters. A
drawback of the multivariable control approach is that handling actuator constrains
is more complicated. For this reason, a reference shaping pre-filter based on the
reference governor approach is added to the control scheme. As the classic reference
governor requires to solve an optimisation problem, a reduced representation
that is executable in real-time is presented. The behaviour of different reference
governor concepts is shown on the basis of closed-loop simulations of a test
bed for differential gears. It turns out that for the given testing configuration a
computationally significantly reduced reference governor is sufficient since its
results are close to the classic optimisation based approach.

Since the field of power train testing is rather wide, this thesis had to focus on some
specific testing situations and problem settings; therefore, it cannot be guaranteed
that all control measures that were successfully tested in this work are applicable
for other test systems as well. But the ideas presented in this thesis should be a solid
foundation for handling also other testing situations. Consequently, expanding the
multivariable control concept for the use on other test systems and performing
more experiments on commercial test beds is an important goal for the future.
Another potential research topic could be investigating other feedback controllers
than the standard PI solutions. Additionally, the reference shaping pre-filters were
analysed only in simulation in this thesis; therefore, a validation by experiments on
some commercial test systems is planned.
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Appendix A

Fundamentals of Field-oriented
Control

In the following sections the basic ideas regarding field-oriented control (FOC) and
implicitly induction machine (IM) modelling are given. FOC is a variable-frequency
drive control method that can be applied to control three-phase electric motors, IMs
as well as permanent magnet synchronous machines (PMSMs). Here just the IM
is considered, controlling and modelling a PMSM is similar. For more details and
further explanations see e.g. [22, 23, 50].

A.1 Fundamental Wave Model

Instead of considering each winding and its associated physical quantities such as
voltage, current, and flux linkage separately often space vectors are used. Those are
obtained from the three-phase system by projections (Clarke transformation) of the

form '
- 11 iy
= ZSa] 2 (1 2 2 ) .
ig=1|."|=3 3 5| | (A.1)
[15!3 3\0 ¥ ) |3

into a stationary two-axis orthogonal reference frame." The subscript ‘S” denotes
that this current is a stator quantity, the superscript ‘S” denotes that this vector
belongs to a stator fixed coordinate system. The currents i,, i}, and i, are the stator
phase currents, is, and igg are the two components of the stator current space vector

;g These variables are in general time dependent; for notational convenience this
time dependence is not explicitly shown. This transformation can obviously also

Typically ungrounded motors with balanced three-phase currents are assumed and the trans-
formation into only two coordinates without considering the zero component is sufficient [23].
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be carried out for every other three-phase quantity. The reverse procedure (inverse
Clarke transformation) is of the form

; 1 0
Iy .
. s
| =|-3 % H (A.2)
i _1 V3 5P
2 2

Those space vectors are often interpreted as complex numbers
i = isq + jisp. (A.3)

Typically, three different coordinate systems or reference frames are used for
modelling and control of IMs; these are shown in Figure A.1. Each space vector
is defined by its two orthogonal components and the corresponding coordinate
system; Figure A.1 exemplarily shows the stator current space vector ig. The stator
reference frame is stationary, while the rotor reference frame is fixed to the rotor
and therefore rotates at rotor speed w when the motor has a single pole pair. If the
number of pole pairs p is arbitrary, the rotor reference frame rotates at

We = pw. (A.3)
The same relation holds for the angular alignment of the rotor reference frame

Pe = PQ, (A.5)

where ¢ is the angular rotor position. Henceforth, the superscript ‘R’ denotes the
rotor reference frame. The third coordinate system is aligned with the rotor flux
and rotates at synchronous speed, i.e. at the sum of w, and slip frequency

dp
Wwg = E ’ (A6)
where p is the slip angle. Here the superscript “Y” indicates the rotating rotor flux
oriented reference frame. Quantities can be transformed from one coordinate system
into another via rotational operators. For transforming from («,8) coordinates in
the stator reference frame to (d,q) coordinates in the rotor flux reference frame and
vice versa the so-called Park transform

i‘g — e‘f(P+‘Pe)g'§ (A7)

and inverse Park transform .
ii, — e](P+¢e)1"§ (A.8)

are used. Transformations involving the rotor coordinate system are similar, see e.g.

[23].
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Figure A.1: Reference frames relevant for FOC of IMs.

Based on this concept consisting of a space vector representation and different
coordinate systems a mathematical model of the IM can be derived. According to
Kirchhoft’s voltage law, the stator windings can be described in the stator fixed

coordinate system by
S
g = Rig + 935, (A9)
where uf is the stator voltage space vector, ¥ is the stator flux linkage space vector,
and Rg is the stator resistance.? The rotor is typically modelled in the rotor fixed
coordinate system, here a squirrel cage rotor is assumed

, d¥k
0 = Rpig + —==.
RIR =gy

(A.10)

ik is the rotor current space vector, ¥} is the rotor flux linkage space vector, and R/R
is the rotor resistance.3 Transformation into the stationary stator fixed coordinate
system gives
r e d¥R .
0 = Rgix + d;tR — jwe ¥R (A.11)

To link currents and magnetic fluxes, the flux linkage space vector for stator

‘i@ = LSlé + Lmﬁ{ (A.IZ)
and rotor
¥k = Lmis + Lrik (A.13)
can be defined. The quantities stator inductance Lg
Lg:= Lys+ Ly, (A.14)

2Symmetric phase windings with identical parameters such as resistance and inductance are
assumed.

3The apostrophe marks equivalent circuit parameters that were transformed from the rotor to
the stator [23].
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and rotor inductance Lg
Lg =Lz + L (A.15)

can be calculated base on the mutual inductance L,, and the leakage inductances
Lys and L;TR for stator respectively rotor. Combining above equations gives a system
of equations describing the behaviour of the electrical subsystem of the IM in the
stationary stator fixed coordinate system.

d¥ys )
G~ Ris+us
dys . .
ol_tR = —Rgig + jw.¥y
. 1 . . (A.16)
jo = ——— (Lg¥2 — L, ¥
1
iy =———(—L, Y2+ L¥5
IR LSLR . L%1 ( m-=._5 S—R)

The system inputs are the stator voltage space vector ug and the rotor’s angular
velocity w while the most important system output is the electromagnetic air-gap
torque

3 )
Tog = 5pIm {¥gis}, (A.17)

where ¥ is the conjugate complex stator flux linkage space vector. The mechanical
subsystem can be described by Newton’s differential equation of motion.

A.2 Rotor Flux Oriented Reference Frame

Above equations are often used within numerical simulations of IMs; FOC however
is traditionally directly related to a rotor flux oriented reference frame, see Figure A.1.
All the space vectors for voltage, current, and magnetic flux can be transformed from
the stationary stator reference frame into a rotating rotor flux oriented reference
frame. This transformation is often called dg-transformation as it leads to a (d,q)
coordinate system with orthogonal components along d (direct) and q (quadrature)
axis. A typical electrical quantity in this reference frame is consequently composed
of a d- and g-component

it = igg + jisy. (A.18)

Only the rotor flux space vector has due to the special choice of the reference frame
just a d-component
¥ =Yg + 0. (A.19)
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Transforming Equation (A.11) into (d,q) coordinates results in the following differ-
ential equation describing the rotor circuit:

/

Ry
‘I"Y Lic
0= T, o (k= Lnif) + =
Typically d- and g-component or when working with complex numbers real and
imaginary part of Equation (A.20) are treated separately:

b (A.20)

dy Rp .. .
Re: dfd = L—;: (Limisg — YRra) (A.21a)
R L
Im : % — g = R4 (A.21b)

at = T LY
It becomes obvious that the rotor flux ¥y can be controlled by the d-component
isq of the stator current while it is independent of is,;. The electromagnetic air-gap
torque Tpq is given by

Tog = ;pi YRraisg (A.22)
and can obviously be controlled by the g-component is; of the stator current. This
represents the basic idea of FOC: one stator current component is used to define
the magnetic flux while the other can be used to set the torque. Also Equation (A.9)
describing the stator circuit can be transformed from the stationary stator reference
frame into rotor flux oriented coordinates

. . . L dls L di‘y
ug = Rsig +j (ws + we) (Laz“é’ + Lm‘I"I’) +Log/ ﬁ dtR. (A.23)
L, is the leakage inductance and can be calculated according to
_ 72
Ly := M (A.24)
Lr

When Equation (A.23) is separated into d- and gq-component or real and imaginary
part,

) diSd . Ly, 2 TRd
Re: ugy = Rgigg+ LUT — (ws + we) Leisy + Ir Ry (isa — T,
(A.25a)
_ di ) L
Im: usy; = Rgigy + Lad—iq + (ws + we) (LUZSd + L—m‘PRd) (A.25b)
R

results. If the slip frequency w; is substituted according to Equation (A.21b) and w,
is replaced according to Equation (A.4), the two differential equations

| di Ry Lmis . La\> (. ¥
Ugy = Rgigg+ Lo dstd - < LRR‘;Iqu + pw) Lyis; + <_LZ> Rgp (lsd — —LRd>
m
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, dig R Lyis L
Usy = Rgigg+ Lo dtq + ( LRR;qu + Pw) (Lalsd + L_ZTRd) (A.26b)

relevant for current control can be obtained. The stator voltage ug is the control
input. Typically, before feedback current controllers are designed cross coupling
terms and non-linearities are compensated. Therefore, both components of the
stator voltage space vector are composed of one part for compensation (s comp.
and sy comp.) and another part for control (usgcont. and usg cont.):

Usqg = Z"Sd,comp. + Usd cont. (A-27a)
Usqg = USg,comp. + Usg,cont. (A.27b)

If those compensation terms are chosen as

R/RLmiSq . Lm 2 / . TREI
USd,comp. = — (LR—TRd + pw | Loisg + (L_R) Rgp (st — E) (A.28a)
RiLns L
Usg,comp. = (LRRTdeq + pCU> (LalSd + ﬁTRd> , (A.28Db)

the control task is reduced to controlling two identical linear first-order dynamic
systems:

digy

Usd cont. = Rsisg + LO’? (A.29a)
. dis
Usq,cont. = RSZSq + Lad_tq (A.29b)

Concluding this section, in System (A.30) the equations relevant for control are
summarised:

dis; 1 .
d_st =L (4sdcont. — Rsisa)
dig 1 .
d_tq = L_a (uSq,cont. - RSZSq)
d¥rs Ry, .
it = Ly (Lmisa = ¥ra) (A.30)
do _ RyLmisg
dt ~ Lp¥gyg
3 L .
Tag = EPL—TIZTRdZSq
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A.3 Field-oriented Control

In Figure A.2 a block diagram of the cascaded control concept used within FOC
for IMs is presented. The IM and the output stage of the inverter represent the
plant while the remaining blocks belong to the control scheme. Usually, control

R
5 controller Current
Tagref. I limit isg ref.
calculation

: Tog
—

isd ref.

P Trans-
Voltage formation
limit Usgsar| 99—
» abc

A A
conp.

—
Y v
isq
fTrans,' N Current-
ormation | | N,
. abe — measure-
1sd dq l€—] ment |
0

Observer 7]

we

Figure A.2: FOC of IMs, control concept.

Encoder [«

is realised on a digital signal processor system; as a consequence, the control
implementation is in discrete time. All the controllers act in the rotating rotor flux
oriented reference frame and are designed for the plant given by (A.30). Control is
based on measurements of the stator phase currents and the machine’s rotational
speed. The phase currents are transformed into (d,q) coordinates by the subsequent
use of Transformation (A.1) and an additional rotation according to Equation (A.7)
based on the angle ¢, (angular rotor position multiplied by the number of pole
pairs) and the slip angle p estimated in the previous sampling interval. Then the
rotor flux Yg4 and slip angle p are obtained by the use of an observer utilising
Equation (A.21a) and Equation (A.21b). There are many strategies for estimating
these quantities available, see e.g. [50]; direct measurement is rarely applied for
practical reasons. Based on the estimated rotor flux and the given rotor flux reference
the rotor flux controller, frequently a PI controller, can be calculated resulting in
the desired d-component of the stator current. The rotor flux reference is usually
not altered from outside the inverter system but chosen internally, typically as
a constant for lower rotational speeds and as a decreasing function of rotational
speed for higher rotational speeds (field weakening). Additionally, the needed
g-component of the stator current can be determined by the use of Equation (A.22)
for the given torque reference.# Due to limitations regarding the inverter, not every

4For FOC the desired air-gap torque is the relevant reference quantity; if speed control is
demanded, an additional control loop is added to determine this quantity based on the rotational
speed reference and the measured motor speed.
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desired stator current space vector can be realised. As the length of the current
space vector has to be restricted to Is ,x,

\/i%d,ref. + i%q,rgf. < IS,max (A31)

must hold. Therefore, in the ‘Current limit” block the references for d- and g-
component both have to be considered simultaneously.

Then the current controllers (typically PI) for d- and g-component of the stator
current can be calculated. To finally obtain the desired stator voltage space vector,
the terms for compensating cross couplings and non-linearities (Equation (A.28a)
and Equation (A.28b)) have to be added. Depending on the given DC-link voltage
the length of the stator voltage space vector is limited inherently to Ug ;. For this
reason, the calculated stator voltage vector should be truncated within the control

algorithm so that
A/ u?gd + M%q < Us max (A.32)

holds; as again the vector length is relevant, d- and g-component both have to be
considered simultaneously. The resulting voltage space vector is then transformed
into (a,b,c) coordinates. Finally, the semiconductors in the inverter are actuated
based on a pulse-width modulation strategy.



Appendix B

Combination of Mechanical Shafts

When complex mechanical systems such as the driveline test rigs discussed in
this work must be modelled, often the necessity of reducing the complexity of the
mathematical models describing the system dynamics arises. Typically, systems with
distributed parameters are reduced to lumped systems consisting of concentrated
elements such as moments of inertias and inertia-free torsionally flexible shafts. If,
for instance for model based controller design, further simplifications are desired,
certain initially separate discrete elements have to be combined. This process is
demonstrated for the three-mass oscillator shown in Figure B.1. This three-mass

Tlr w1 TZ! wn

Figure B.1: Three-mass oscillator.

oscillator might represent the mechanics of a test bed for transmissions as shown in
Figure 3.2. Then I; and I, are the moments of inertia of input drive and load drive
while I3 is the moment of inertia of the UUT. ¢s; and d;; are the parameters of the
input shaft; c;; and ds; are torsional stiffness respectively damping coefficient of
shaft 2 at the transmission’s output. The moment of inertia of the electric drives is
often significantly bigger than the moment of inertia of the UUT. Therefore, I3 — 0
can be assumed and the mechanical system is reduced to the structure shown in
Figure B.2. Here a two-mass oscillator where the two masses are connected by

T1,w1 Tz/wz
Cs1 w3
)

Figure B.2: Three-mass oscillator with I3 — 0.

191
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two elastic shafts is shown. To simplify even further, these two torsionally flexible
shafts with parameters cg1, dg1, ¢52, and dsp should be replaced by one shaft element
with equivalent parameters for torsional stiffness & and damping ds. This minimal
mechanical system structure is presented in Figure B.3. The two equivalent shaft
parameters shall be determined in this section. However, as will be shown, this
system reduction from Figure B.2 to Figure B.3 can only be performed without any
change of system dynamics for special parameter settings.

T, wy T, Wy
/AN Cs
d,

Figure B.3: Two-mass oscillator.

For the mechanical structure presented in Figure B.1 the rotational dynamics of the
inertias I, I, and I3 are given by

dw
Ild—tl =T, — Ty (B.1a)
d
12% — Ty + Ty (B.1b)
dw
ISd_t3 =Ta —Ts (B.10)
% = w; forie {1,2,3} (B.1d)
with shaft torques
T = ds1 (w1 — w3) +cs1 (91 — @3) (B.2a)
Tsp = dsp (w3 — w2) + 52 (93 — 92) - (B.2b)

If I3 — 0 is assumed, the torque transmitted along both shafts must be identical:

ds1 (w1 — w3) +cs1 (91 — @3) = ds2 (w3 — w2) + cs2 (93 — @2) (B.3)

Equation (B.3) can be used to describe the rotational behaviour of the point where
in Figure B.2 the two shafts meet. This balance of torques must also hold in a
differential form
d
dt
Since system parameters are assumed to be constant,

(dw1 dws dws dw;
dsl

T F) + 51 (w1 —w3) = dsp (F - F) + 52 (w3 —wz)  (B.5)

[ds1 (w1 — w3) +cs1 (91 — @3)] = % [de2 (w3 — w2) +cso (@3 — @2)].  (B.g)
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is equivalent to Equation (B.4). From these equations a differential equation for w3
results:

dw d> d> d> d>
(ds1 +ds2) d_tg = <Cs1 - %) w1y + (Csz — %) wy + (Iil + Iiz — 51 — Cs2 | W3
1 2 1 2

cad Cord Cad Ccord d d
_ bs18sl o1 — s2 52902+ s1ts] + s2Ug2 ¢3+£T1+i2T2
I I I I I I

(B.6)

As Equation (B.6) is a differential equation, the mechanical system shown in Fig-
ure B.2 can not always be replaced by the simple two-mass oscillator. However,
there are parameter settings where the two elastic shafts can be combined without
any affect on system dynamics. This is the case when the angular velocity w3 is a
linear combination of the angular velocities w; and wy. If for instance the damping
parameters of both shafts are zero (ds; = dsp = 0), Equation (B.3) gives

cs1 (91— @3) = cs2 (93 — 92) (B.7)
while Equation (B.5) results in
cs1 (w1 —w3) = ¢ (w3 — wy) . (B.8)
Consequently, the quantities ¢3 and ws3 are

Cs1P1 + Cs292

— 52 Thers B.ga

?3 P (B.ga)
Cs1W1 1 Cswp

— sl T msaml B.gb

Cs1 1+ Cs2 (B.9b)

with d¢i/dt = w; for i € {1,2,3} being fulfilled as well. Then the shaft torque is

(p1 — @2) (B.10)

Cs191 + Cs2¢2 Cs1Cs2
TslzTSZZCsl((Pl_S(P S¢>_ =

Cs1 + Cs2 B Cs1 + Cs2
and the equivalent shaft parameters for the two-mass oscillator are

7 ~ Cs1Cs2
d, =0 Ce = —=22 B.11
S S C51+C52 ( )

If the shaft’s damping parameters are non-zero, only the parameter setting
C d
R 1 (B.12)
Cs2 dsp
results in
Cs191 + Cs22

= Br. Theve B.13a
@3 P (B.13a)



194 APPENDIX B COMBINATION OF MECHANICAL SHAFTS

dsywy + dspwr
— B.13b
w3 Tt dor (B.13b)

where d¢i/dt = w; for i € {1,2,3} is also fulfilled. Consequently, the shaft torque
is

d d
T =T = dg (w1 dan t szwz) + Cs1 (4’1 _ Gaf1 ¥ Cafp 6524)2)

ds1 +d Cs1+ ¢
i 1d i sl s2 o sl 52 (B14)
T — T — S S _ s1%s _
o ? ds1 + dso (@1 =) + Cs1 1 Cs2 (91~ 92)
and the equivalent shaft parameters for the two-mass oscillator are
~ d 1d 2 ~ Cs1Cs2
d — S—S Co = L. B.1

T da +ds T ocaten (B13)

With these two special parameter settings the dynamics of the angular velocity
w3 as given by Equation (B.6) does not depend on w3 and ¢3 and therefore these
state variables are not required to describe the system dynamics. Consequently,
the simple two-mass oscillator can be used instead without changing the system
dynamics. If at least one of the damping parameters d;; respectively ds, is non-
zero' and Equation (B.12) does not hold, this simplification of using a two-mass
oscillator containing only one elastic shaft is not exact for any parameters d; and
Cs. To nevertheless determine equivalent shaft parameters so that at least a good
approximation can be achieved, a state-space representation of the mechanical
system shown in Figure B.2 is desired. With the state vector

X:=[w w w3 @1 ¢ go3}T (B.16)

'Non-zero shaft damping coefficients are convenient for some of the following calculations and
are therefore presumed.
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the system dynamics can be described by the LTI system

_dy ds1 G &1
L 0 1 I 0 I
_dy ds _C 2
O 2 122 2 2 2 O IZ 12
d d
dx Cs ,%11 Cs _’%2 %11+%227C517C52 7651[;151 _Cszljsz Csllfsl +CSZIZS2
a = ds1tdsy  dsitds ds1+ds2 dat+dsy  dat+ds ds1+dsp X
1 0 0 0 0 0
0 1 0 0 0 0
0 0 1 0 0 0
I (B.17)
F 0
L
1
0 I
dsl dsZ T
+ | hldatda)  b(dsi+ds) 1
0 0 ib)
0 0
0 0

In general, the dynamic dimension of this system is higher than that of the simple
two-mass oscillator as shown in Figure B.3. When the state vector is

X:= [ @ ¢1 ¢, (B.18)

the dynamics of this system are given by

dS ‘js S S 1
B T T n 0
- S - A 1
% — I L b L X+ 0 L I (B.19)
dt 1 0 0 0 0 T
o 1 0 0 0 0

Obviously, the dynamics of System (B.17) and System (B.19) are different in general.
To determine suitable equivalent shaft parameters ¢; and d; for the two-mass oscil-
lator so that its behaviour is similar to System (B.17), the characteristic polynomials
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of the dynamic matrices A and A are compared. The characteristic polynomial
corresponding to System (B.17) is

Cs1 + Cs2 dsldSZ 1 1 5
A(s) = s + { - + (— +—=s
( ) dsl + dsZ dsl + dsZ Il IZ

CsldSZ + Cs2dsl (l n 1 ) S4 Cs1Cs2 (l + l) S3
ds1 +ds dg +do \I1 D

(B.20)

L DI
The dynamics of the LTI system are determined by the zeros of the characteristic
polynomial, where the conjugate complex zeros are most important as they define
the system’s oscillatory behaviour.? The zeros located at s = 0 indicate integrat-
ing system behaviour and are not considered in the following. Two of the three
remaining zeros are assumed to be conjugate complex of the form s1, = —{ =+ jwy;
consequently, the remaining zero s3 = —v must be real. Then the characteristic
polynomial can be written as

A(S) = (s—s1)(s—s2) (s —s3) )
A(s) = $3 + (2C+ 1) s2 4+ (w% 4 gz +2€7> 54 'yw% n ,%2' (B.21)

By equating the coefficients of Equation (B.20) and Equation (B.21), the system of
equations

Cs1 + Cs2 ds1dso < 1 1 )
20 44 = -2 — 4+ — B.22a
S P L I B A (B222)
2 2 csidsp +cpds1 (11
20y = — 4+ — B.22b
wy + ¢+ 20y o+ da <11+12 (B.22b)
2 2 Cs51Cs2 1 1
= 2 (2, 2 B.
wyy + ¢y it do (Il + Iz) (B.22¢)

results.

For the simple two-mass oscillator with only one torsionally flexible shaft math-
ematically described by System (B.19) the conjugate complex pair of zeros of the

characteristic polynomial is
i A i d\
Sio=—C4iwg=—[—+ 2|+ Cs G\ _ [ 4 9 ) B.
S12 = =6 W0 (211+212) (11+12 2 T2 (B:23)

If these two mechanical systems have identical damping ratios ({ = {) and natural
angular frequencies (wy = wy), their oscillatory behaviour is similar. By using these

2For relevant problem settings the assumption that the characteristic polynomial of the dynamic
matrix contains a conjugate complex pair of zeros is admissible as the mechanical systems are
usually poorly damped.
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relationships and Equation (B.23), Equation (B.22) can be written as

~ (1 1 1 1
ot <_+ ): Csitca ds1dso ( n ) (B.242)

L' I dg +do  dg+do \L I
- ~  Csdso + Cs2ds1
Co +yds = = B.24b
s ds1 +ds (B.24b)
~ Cs1Cs2
(s = —————. B.24c¢
YCs Aot + do (B.24¢)

Solving this non-linear system of equations for the unknown quantities <y, cs, and
ds is still extensive. If the equivalent torsional stiffness parameter is chosen as

~ _ Cs1Cs2

Cs = B.2
. (B.25)

to guarantee that the torsional twist is correctly modelled for stationary situations,
the quantity v directly results from Equation (B.24c)

_ Cs1+Cs2

= - B.26
dsl + dsz ( )

Since vy is rather big for typical problem settings, the dynamics of System (B.17) are
primarily determined by the conjugate complex pair of zeros of the characteristic

polynomial. ds can then be determined from Equation (B.24b):

~ 2.d 2.d
i = C1ds2 + Cop 251 (B.27)
(cs1+cs2)

However, following this approach Equation (B.24a) is not exactly fulfilled. If y from
Equation (B.26) and ds from Equation (B.27) is used,

Cs1 + Cs2 C?ldsz + C?zdsl ( 1 1 ) _ Cs1 + Ccsn dsldsz ( 1 1

LNRLE IS S+ 2) (B8
ds+do2 (e +cp)? \h D dsg+ds2  da+ds \ N1 Iz) (B.28)

remains. For relevant problem settings the torsional stiffness parameters are typic-
ally rather big while the shafts” damping coefficients are small. Therefore, Equa-
tion (B.28) is at least approximately fulfilled for most problem settings. Con-
sequently, ¢s calculated according to Equation (B.25) and ds determined according
to Equation (B.2y) are good approximations that shall be used whenever some
shafts must be combined. These equations also include the two special parameter
settings already discussed before.

Finally, the obtained results are presented in a graphical form by the zeros of
the characteristic polynomials for the system parameters given in Table B.1. Two
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Table B.1: System parameters for the comparative analysis of the three-mass oscillator with
I3 — 0 and the simplified two-mass oscillator.

Value .
Parameter - - - - Unit
setting 1 setting 2 time domain

I 5 5 5 kg m?

I 10 10 10 kg m?

Cs1 3 3 3 kN m /rad

Cs2 6 12 6 kN m/rad

dsq 5 5 5 Nms/rad

dsp 0...20 0...20 1 Nms/rad

different system configurations entitled ‘setting 1" and ‘setting 2’ are analysed,
those differ in the torsional elasticity cs; of shaft 2. For both configurations the
damping coefficient dsy of shaft 2 was varied and the zeros of the characteristic
polynomials were determined numerically. In Figure B.4 one of the conjugate
complex pair of zeros is presented. Labelled “exact” are the zeros of the Characteristic

4.5
- etecectececcencereosortesaen] 1
e 40 N
g LR KRN RN ] 80620 e D00 oo e e @60 @0
~= [ -
w
-
kE
35 |- N
051 exact, setting 1 + 31 prop. approx., setting 1
| | - 81 conv. approx., setting 1 o sy exact, setting 2 g
+ 5] prop. approx., setting 2 « 5] conv. approx., setting 2
3 T ) A ——
-1 -0.9 -0.8 =07 —0.6 -0.5 -0.4 -0.3 —0.2 -0.1 0

Re {s}

Figure B.4: Conjugate complex zero of the characteristic polynomial of the exact dynamic
model including two elastic shafts and of the simplified two-mass oscillator
with only one shaft for two parameter settings and varying d.

polynomial (B.20) of the three-mass oscillator with I3 — 0; the quantities related to
the two-mass oscillator with only one elastic shaft are labelled “prop. approx.” when
the equivalent shaft parameters were determined according to Equation (B.25) and
Equation (B.27) and ‘conv. approx.” when these parameters were chosen according
to Equation (B.15). As these latter equivalent shaft parameters are only valid for
special parameter settings of the original system, deviations are to be expected.
With the modified parameter selection however a good match with the original
system behaviour is achieved; consequently, the zeros belonging to the original
system are covered by the data belonging to the reduced system in Figure B.4.
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To further underline these results, also time domain simulations were performed.
The system parameters used for this numerical simulation are given in Table B.1
too. The system was excited by a one second pulse of the input torque T; while T
was zero. The results are presented in Figure B.5 and Figure B.6. In the first plot
the rotational speed of the rotating body I; is shown and in the second plot the
rotational speed of the second moving body I, is displayed. The results obtained
with the dynamic model of the mechanical system containing two shafts are labelled
nq and np while the results based on the classical two-mass oscillator are labelled
n1 and 7,. The behaviour of the two-mass oscillator with the equivalent shaft
parameters chosen according to Equation (B.25) and Equation (B.27) presented in
blue is obviously very close to the behaviour of the original system shown in green.

g
Q.
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=
el
o}
7}
& \'/
17 —~ )
- /I/-\
o 20 |- / — =
o~ / 11, conv. approx.
| Y V4 7i1, prop. approx. | |
///‘\ \*’/ ny, exact
0 v I L I L I L I ! I N I
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Figure B.5: Simulated rotational speed 1 for the exact dynamic model including two elastic
shafts and for the simplified two-mass oscillator with only one shaft.
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Figure B.6: Simulated rotational speed 1, for the exact dynamic model including two elastic
shafts and for the simplified two-mass oscillator with only one shaft.
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Finally, the idea previously presented is applied to more complex mechanical
systems. If for instance three torsionally flexible shafts are to be combined, this
calculation of equivalent shaft parameters can be done twice. At first, two shafts
are combined and the equivalent shaft parameters are

~ Cs1Cs2
Cs12 = 2 (B.29a)
Cs1 + Cs2
2 2 ~ ~2
~ codop+c5dy  C C
__ s17s s27sl 512 s12
ds1p = — = 5oda + 5=ds. (B.29b)
(Csl + Cs2) Csl Cs

Then the parameters of the remaining third shaft can be considered resulting in the
equivalent torsional stiffness

- Cs;pts3 1 1 B C51Cs2Cs3 (B.30)
S - o~ - _— - .
Cs1p 4+ C A 41 141 41 e+ Cs1Cs3 + CooC
s12 s3 t2 + s Cal + o + s s1ts2 s1ts3 s2Ls3
and in the equivalent shaft damping coefficient
2 2 3 2 ~ 2 (=2 -2 ~2
67 _ C512d53 +C53d312 _ Cg j Cs dn — Cs Csud Cled Cs d
s = — = 7 = 5 A2t 503 = 55— | 5 ds1+ 5752 | + 5ds3
(Cs12 + ¢s3) Cs12 Cs3 Cs12 \ Cs1 €5 Cs3
~2 ~2 ~2
T Cs Cs Cs
ds = —-ds1 + —-dsp + —5-ds3.
Cs1 Cs Cs3
(B.31)

Consequently, if k torsionally flexible shafts with individual parameters c;; and d;
fori =1,2,...,k shall be replaced by one shaft, its parameters can be calculated
according to

N 1
&= — - (B-32)
and
-2 &2 c
do= Sda+ Sdoto o+ g (B33)



Appendix C

Mathematical Model for Exemplary
Mechanical System

In this section a mathematical model for the test bed for differential gears presented
in Figure 3.24 is given. A graphical representation of the resulting system model
was shown in Figure 3.25; here the corresponding differential equations describing
the dynamics of the mechanical system are given." Relevant physical quantities
and system parameters were defined and explained in Section 3.8. For the angular
velocities of the three IMs

dw

Imld_tl = lagl — Tfl (C.10)
dw

ImZd_iL2 = Lag2 + TfZ (C.1b)
dw

Ide_: = Tagz + Ty3 (C.10)
% = wy for k € {1,2,3} (C.1d)

holds. The quantities Ty, Ty, and Ty3 are the torques transmitted by the elasticities
within the torque measuring flanges

Tfl = dfl ((Ul — wfl) + Cf1 ((Pl — Gofl) (C.2a)
sz = dfz (CUfz — C(Jz) +Cp (qofz — 432) (C.2b)
Tf3 = df3 (an3 — an) + CF3 ((pf3 — (pg) . (C.2¢0)

The dynamics of the state variables associated with the torque measuring flanges’
inertias are

pd9n g (C.3a)
=g — N s1 3

'For clarity gear play typically related to cardan shafts is not considered here.

201
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I da)fz . T (C b

12 ar s2 f2 -3b)
dang - _

If3 dt — 1s3 Tf3 (C3C)
ng k
d_[ = wp for k € {1,2,3} . (C.3d)

These depend on the torques transmitted by the cardan shafts connecting electric
drives and torque transducers to the UUT

Ta = dsi (wp1 — wai) + ca1 (951 — Pai) (C.4a)

T =ds (% + :_iw?ab) —wp | + s (% + :—j%b) — @5 (C.4b)
e :

T3 = dss (% - :_zw?)b) —wys3| + 53 (% - :_i(P?»b) — Pr3]- (C.40)
N ~ 1 I |

The quantities wy;, wj,1, and wy,, and the corresponding angular positions were
not specified in Figure 3.25; these are the state variables describing the dynamics
of the differential’s input and outputs. Since the state variables used to model the
differential gear do not include the angular velocities of the differential’s output
shafts w;,1 and wy,y, these quantities are represented as a linear combination of
the system states wy; and wsy,. The shaft torques given above also directly represent
the input torque Ty; = T;; and the output torques Ty, = Tsp and Ty, = Ts3 of the
differential gear. Finally, the differential equations describing the dynamics of the
bevel gear differential are given

dwgi - r% r% . 3 3
D =T —Tg) | h5+h5+L ) =131 | bh——1—
c dr d( s d) 7’% 7’% dlds 2 " (C )
2 2 2 2 5
T (BB b ) T (B2 0
ils2 | o5+ 1z 3 dls3 | 15+ 1 3
1’2 rira 1’1 riro
dw , 3 3
DCT% =i (Tsx — Tar) <12— - 11—) —Tast (Is+ 1 + I2)
2 1 (C 6)

r T T r r r
1, (Id—3 T 12_3) T (Id—3 LRy 11_3)
1 71 2 r2 1 2

dos:
Pd— (C€7)
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desp _

1 = Wb (C.8)
where
1’% 1’% r3 r3 2
De=lLi\h5+hLs+L|+hhk (— + —) + L3+ L. (C.9)
re rs 1

This set of differential equations forms a dynamic system; the outputs of this
system are the angular velocities of the electric drives wj, w», and w3 and the torques
measured by the measuring flanges as given by Equation (C.2). Above equations can
be used to perform numerical simulations, but due to their complexity, it is difficult
to gain insight in the system behaviour. Therefore, simplifications are demanded,
especially regarding the differential gear. If the UUT is an axle differential, I = I»
and r; = r, can be assumed as these are typically symmetric. Then

dwgi _ o 3 1 1
D, af =1y 211@ + I3 T —Ta — ETSZ - ET&? (C.10)
dw r r
D. d:b = 2 (I;+2k) (—Tsz + T3 — _1Tdsl) (C.11)
5] r3

can be used instead of Equation (C.5) and Equation (C.6). With

L (203 + 1) +4125 + 21,1
a\#hp + s )+l + 20

Iy = _ > (C.12a)
2 (21@ + 13)
72 21,2
I (21173 n 13) +425 4211
Igb = ! ! (Cle)
Id:—f + 211%
these equations can be written even more compact
dwdi 1 1
Lji—— =Tqg — Ty — + T — — C.
di~ 3y s1 dl i s2 i s3 (C.13)
dw:),b 1
I = - Tsz — —Tyq- .
g 24 T = - Tasl (C.14)

In spite of these simplifications, the dynamic system given by Equations (C.1)-(C.4),
(C.7), (C.8), (C.13), and (C.14) is still non-linear. Since linear models are demanded
for many system analysis methods (e.g. modal analysis), the non-linearities shall be
removed. To do so, the assumption that losses do not have to be considered (T; = 0)
is used. To additionally eliminate the slip-limiting torque Ty, a differential gear
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with only weak slip-limiting functionality can be assumed and Ty can be set to
zero as well. Then the differential gear can be described by

dwdi o 1 1

Idz? =T i Ts i Tss (C.15)
dw

Iy = T+ T (C.16)

with the constants I;; and I3, given above. Equation (C.16) directly shows that
the differential’s output torques must be identical for stationary situations. The
differential equations for the remaining mechanical system do not need to be
changed; consequently, a LTI system describing the system dynamics is given by
Equations (C.1)—-(C.3), (C.7), (C.8), (C.15), and (C.16).

If the differential gear’s slip-limiting capacity cannot be neglected, operating points
with different angular velocities of the differential’s output axles can be excluded;
then wy, = wyy1 = Wy = wii/i; holds. This also implies a reduction of the dynamic
dimension of the mathematical model for the differential gear from two to one
as wyy is permanently zero. The dynamics of the differential gear can then be
described by only one differential equation:

dwdi 1 1
L% =Ty — =Ty — —T. .

Since the system state wy;, is no longer required, also the shaft torques Ty, and T3
must be modified

Wi i

T =ds (T’: - wfz) +cs2 (_q?: - (sz> (C.18a)
Wy i

T = das (Z—: - wfs) + 65 (f—: - qofe,) . (C.18b)

This reduced mathematical model given by Equations (C.1)—(C.4a), (C.7), (C.17),
and (C.18) is again a LTI system. Therefore, for both system models given above
eigenvalues and eigenvectors of the dynamic matrix characterising torsional vibra-
tions can be calculated. A realistic parameter setting is given in Table C.1.
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Table C.1: Mechanical system parameters for an exemplary test system for differential

gears.

Parameter  Value Unit
L 1.0 kg m?
Ln 10.3 kg m?
L3 10.3 kg m?
In 0.032 kg m?
It 0.032 kg m?
It3 0.029 kg m?
Ly 0.022 kg m?
Iy, 0.04 kg m?

i 1.91 -
Cf1 380 kN m/rad
Cro 220 kN m/rad
Cr3 220 kN m/rad
Cs1 57 kN m/rad
Cs2 57 kN m/rad
Cs3 57 kN m/rad
d 1 0.5 Nms/rad
df> 0.5 Nms/rad
dr3 0.5 Nms/rad
dsq 2 Nms/rad
dso 2 Nms/rad

ds3 2 N ms/rad







Appendix D

Parameters for Reduced Mechanical
System

In Table D.1 the parameters of the simplified mechanical system of the test bed for
differential gears with adapter gearboxes shown in Figure 5.4 are summarised. The
torsional stiffness parameters in Table D.1 are the parameters of the cardan shafts
connecting gearboxes and differential gear without any transformation because of
different levels of rotational speeds. As stated in Chapter 3, the dynamic model
used for simulation is much more complex and thus requires many additional
parameters; for lucidity these are not included in Table D.1.

Parameter Value Unit
L 3.25 kg m?
Lo, Liz 103 kg m?
Lopy 1.05 kg m?
Lepy, Iz 1.65 kg m?
Cs1 33 kNm/rad
Cs2, Cs3 240 kNm/rad
ig 2.85 -
TdSlO 0.50 Nm
kasiT 0.06 -
kisico 0.06 Nms/rad
igp1 8.1 -

igpa, igps 104 -

Table D.1: Parameters for the reduced mechanical system of a test bed for differential gears
with adapter gearboxes.
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